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1.1

CHAPTER 1

Introduction to
Hydraulic Power
Systems

Introduction

God created the first and most wonderful hydraulic system. It
includes a double pump delivering a fluid flow rate of about 10 L/min
at 0.16 bar maximum pressure. This pump feeds a piping network
stretching more than 100,000 km. That’s nearly two and a half times
around the Earth. It operates continuously for a very long time, mostly
maintenance free. It is the human blood circulatory system. By the age
of 50 years, the hearts of 10 men should have pumped a volume of
blood equaling that of the great Egyptian pyramid (2,600,000 m3).

As for the hydraulic power systems developed by man, their his-
tory started practically 350 years ago. In 1647, Blaise Pascal published
the fundamental law of hydrostatics: “Pressure in a fluid at rest is trans-
mitted in all directions.” In 1738, Bernoulli published his book Hydro-
dynamica, which included his kinetic-molecular theory of gases, the
principle of jet propulsion, and the law of the conservation of energy.
By the middle of the nineteenth century, fluid power started playing an
important role in both the industrial and civil fields. In England, for
example, many cities had central industrial hydraulic distribution net-
works, supplied by pumps driven by steam engines.

Before the universal adoption of electricity, hydraulic power was
a sizable competitor to other energy sources in London. The London
Hydraulic Power Company generated hydraulic power for every-
thing from dock cranes and bridges to lifts in private households
in Kensington and Mayfair. In the 1930s, during the glory days of
hydraulic power, a 12 m®/min average flow rate of water was
pumped beneath the streets of London, raising and lowering almost
anything that needed to be moved up and down. As a power source,
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hydraulic power was cheap, efficient, and easily transmitted through
300 km of underground cast-iron piping.

However, as electricity became cheaper and electronically pow-
ered equipment grew increasingly sophisticated, so industry and pri-
vate citizens began to abandon hydraulic power.

High-pressure fluid power systems were put into practical appli-
cation in 1925, when Harry Vickers developed the balanced vane
pump. Today, fluid power systems dominate most of the engineering
fields, partially or totally.

The Classification of Power Systems

Power systems are used to transmit and control power. This function
is illustrated by Fig. 1.1. The following are the basic parts of a power
system.

1. Source of energy, delivering mechanical power of rotary
motion. Electric motors and internal combustion engines (ICE)
are the most commonly used power sources. For special appli-
cations, steam turbines, gas turbines, or hydraulic turbines
are used.

2. Energy transmission, transformation, and control elements.

3. Load requiring mechanical power of either rotary or linear
motion.

In engineering applications, there exist different types of power
systems: mechanical, electrical, and fluid. Figure 1.2 shows the classi-
fication of power systems.

1.2.1 Mechanical Power Systems

The mechanical power systems use mechanical elements to transmit
and control the mechanical power. The drive train of a small car is a
typical example of a mechanical power system (see Fig. 1.3). The gear-
box (3) is connected to the engine (1) through the clutch (2). The input

Output Rotary
Input Mechanical Motion
Mechanical Power Power (wandT)
Power 1'_I'ran.'sfmissitqn, "
ransformation, :
wedd and Control Motion
(vandF)

Ficure 1.1 The function of a power system.
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POWER SYSTEMS

1. Mechanical 2. Electrical Fluid

3. Pneumatic Hydraulic

4. Hydrodynamic
(Hydrokinetic)

5. Hydrostatic

Ficure 1.2 The classification of power systems.

Internal
Combustion
Engine

Ficure 1.3 An automotive drive train.

shaft of the gear box turns at the same speed as the engine. Its out-
put shaft (4) turns at different speeds, depending on the selected
gear transmission ratio. The power is then transmitted to the wheels
(8) through the universal joints (5), drive shaft (6), and differential (7).

When compared with other power systems, mechanical power
systems have advantages such as relatively simple construction, main-
tenance, and operation, as well as low cost. However, their power-to-
weight ratio is minimal, the power transmission distance is too limited,
and the flexibility and controllability are poor.

1.2.2 Electrical Power Systems

Electrical power systems solve the problems of power transmission
distance and flexibility, and improve controllability. Figure 1.4 illus-
trates the principal of operation of electrical power systems. These
systems offer advantages such as high flexibility and a very long
power transmission distance, but they produce mainly rotary motion.
Rectilinear motion, of high power, can be obtained by converting the
rotary motion into rectilinear motion by using a suitable gear system
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ICE, Hydraulc, y Electric e | Transmission, | e Electric i

Steam or jt Genarsior i Storage, and i Motor ut Load

Gas Turbine Control
w w

Thermal,
Hydraulic, or Electrical Energy Work
Gas Energy

Mechanical Mechanical
Energy Energy

Ficure 1.4 Power transmission in an electrical power system.

or by using a drum and wire. However, holding the load position
requires a special braking system.

1.2.3 Pneumatic Power Systems

Pneumatic systems are power systems using compressed air as a work-
ing medium for the power transmission. Their principle of operation is
similar to that of electric power systems. The air compressor converts
the mechanical energy of the prime mover into mainly pressure energy
of compressed air. This transformation facilitates the transmission and
control of power. An air preparation process is needed to prepare the
compressed air for use. The air preparation includes filtration, drying,
and the adding of lubricating oil mist. The compressed air is stored in
the compressed air reservoirs and transmitted through rigid and/or
flexible lines. The pneumatic power is controlled by means of a set of
pressure, flow, and directional control valves. Then, it is converted to
the required mechanical power by means of pneumatic cylinders and
motors (expanders). Figure 1.5 illustrates the process of power trans-
mission in pneumatic systems.

|.C.E. T Air h Transmission | b | Pneumatic TF
c-E. :”: Comnressor Storage and [~ Cylinder or jt Load
Electric Motor P m Control m Motor o v
w
Thermal or
Electrical Total Energy Work
Energy
Mechanical Mechanical
Energy Energy

Ficure 1.5 Power transmission in a pneumatic power system.
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1.2.4 Hydrodynamic Power Systems

The hydraulic power systems transmit mechanical power by increas-
ing the energy of hydraulic liquids. Two types of hydraulic power
systems are used: hydrodynamic and hydrostatic.

Hydrodynamic (also called hydrokinetic) power systems transmit
power by increasing mainly the kinetic energy of liquid. Generally, these
systems include a rotodynamic pump, a turbine, and additional control
elements. The applications of hydrodynamic power systems are limited
to rotary motion. These systems replace the classical mechanical trans-
mission in the power stations and vehicles due to their high power-to-
weight ratio and better controllability.

There are two main types of hydrodynamic power systems:
hydraulic coupling and torque converter.

A hydraulic coupling (see Fig. 1.6) is essentially a fluid-based
clutch. It consists of a pump (2), driven by the input shaft (1), and a
turbine (3), coupled to the output shaft (4). When the pump impeller
rotates, the oil flows to the turbine at high speed. The oil then impacts
the turbine blades, where it loses most of the kinetic energy it gained
from the pump. The oil re-circulates in a closed path inside the cou-
pling and the power is transmitted from the input shaft to the output
shaft. The input torque is practically equal to the output torque.

The torque converter is a hydraulic coupling with one extra com-
ponent: the stator, also called the reactor (5). (See Fig. 1.7.) The stator
consists of a series of guide blades attached to the housing. The torque

Ficure 1.6
Hydraulic coupling.
2-Pump

I EIELI2 0014 72000
s,
Q

7/

1-Input
Shaft

Ficure 1.7
Torque converter.
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converters are used where it is necessary to control the output torque
and develop a transmission ratio, other than unity, keeping accept-
able transmission efficiency.

1.2.5 Hydrostatic Power Systems

In the hydrostatic power systems, the power is transmitted by increas-
ing mainly the pressure energy of liquid. These systems are widely
used in industry, mobile equipment, aircrafts, ship control, and others.
This text deals with the hydrostatic power systems, which are com-
monly called hydraulic power systems. Figure 1.8 shows the operation
principle of such systems.

The concepts of hydraulic energy, power, and power trans-
formation are simply explained in the following: Consider a forklift
that lifts a load vertically for a distance y during a time period At
(see Fig. 1.9). To fulfill this function, the forklift acts on the load by a
vertical force F. If the friction is negligible, then in the steady state,

T

LGE, Hydraulic P | Transmission | P Hydraulic T
EIe;Eri-:'.: Mb{?tor :": Pump [ andControl [g] cy:\lﬂr::z:or d': Load
or AirTurbine W iy

Thermal,
Electrical, or Hydraulic Energy Work
Wind Energy

Mechanical Mechanical
Energy Energy

Ficure 1.8 Power transmission in a hydraulic power system.

y,AL

Q O

Ficure 1.9 Load lifting by a forklift.
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this force equals the total weight of the displaced parts (F = mg). The
work done by the forklift is

W=Fy 1.1)

By the end of the time period, At, the potential energy of the lifted
body is increased by E, where

E=mgy=Fy (1.2)

where E = Gained potential energy, |
F = Vertically applied force, N
g = Coefficient of gravitational force, m/s?
m = Mass of lifted body, kg
W = Work, J
y = Vertical displacement, m

This amount of energy (E) is gained during time period At. The energy
delivered to the lifted body per unit of time is the delivered power N,
where

N=Fy/At=Fov (1.3)

where N = Mechanical power delivered to the load, W
v = Lifting speed, m/s

The load is lifted by a hydraulic cylinder. This cylinder acts on the
lifted body by a force F and drives it with a speed v. Figure 1.10 illus-
trates the action of the hydraulic cylinder. It is a single acting cylinder
which extends by the pressure force and retracts by the body weight.
The pressurized oil flows to the hydraulic cylinder at a flow rate Q
(volumetric flow rate, m3/s) and its pressure is p. Neglecting the fric-
tion in the cylinder, the pressure force which drives the piston in the
extension direction is given by F = pA .

Ficure 1.10

Lifting a body
vertically by a
hydraulic cylinder. TF

T

P [FFRATATT




8

1.3

Chapter One

During the time period, At, the piston travels vertically a distance y.
The volume of oil that entered the cylinder during this period is V = ALY
Then, the oil flow rate that entered the cylinder is

_V_AY_
=== A 1.4)

Assuming an ideal cylinder, then the hydraulic power inlet to the
cylinder is

N=Fv=pAQ/A, =Qp (1.5)

where A )= Piston area, m?
p = Pressure of inlet oil, Pa
Q = Flow rate, m3/s
V = Piston swept volume, m?

The mechanical power delivered to the load equals the hydraulic
power delivered to the cylinder. This equality is due to the assump-
tion of zero internal leakage and zero friction forces in the cylinder.
The assumption of zero internal leakage is practical, for normal con-
ditions. However, for aged seals, there may be non-negligible internal
leakage. A part of the inlet flow leaks and the speed v becomes less
than (Q/Ap). Also, a part of the pressure force overcomes the friction
forces. Thus, the mechanical power output from the hydraulic cylin-
der is actually less than the input hydraulic power (Fv < Qp).

Basic Hydraulic Power Systems

Figure 1.11 shows the circuit of a simple hydraulic system, drawn in
both functional-sectional schemes and standard hydraulic symbols.
The function of this system is summarized in the following:

1. The prime mover supplies the system with the required mechan-
ical power. The pump converts the input mechanical power to
hydraulic power.

2. The energy-carrying liquid is transmitted through the hydrau-
lic transmission lines: pipes and hoses. The hydraulic power is
controlled by means of valves of different types. This circuit
includes three different types of valves: a pressure control
valve, a directional control valve, and a flow control (throttle-
check) valve.

3. The controlled hydraulic power is communicated to the hydrau-
lic cylinder, which converts it to the required mechanical power.
Generally, the hydraulic power systems provide both rotary and
linear motions.



Introduction to Hydraulic Power Systems

—— Hydraulic Cylinder
B

Throttle-Check Valve —— 5

Safety Valve

Pump

Filter
Reservoir ——— [

Fieure 1.11 Hydraulic system circuit, schematic, and symbolic drawings.

1.4 The Advantages and Disadvantages of Hydraulic Systems

The main advantages of the hydraulic power systems are the following:

1. High power-to-weight ratio.

2. Self-lubrication.

3. There is no saturation phenomenon in the hydraulic systems

o N

10.

compared with saturation in electric machines. The maxi-
mum torque of an electric motor is proportional to the electric
current, but it is limited by the magnetic saturation.

. High force-to-mass and torque-to-inertia ratios, which result

in high acceleration capability and a rapid response of the
hydraulic motors.

High stiffness of the hydraulic cylinders, which allows stop-
ping loads at any intermediate position.

Simple protection against overloading.

Possibility of energy storage in hydraulic accumulators.
Flexibility of transmission compared with mechanical systems.
Availability of both rotary and rectilinear motions.

Safe regarding explosion hazards.

Hydraulic power systems have the following disadvantages:

1.

Hydraulic power is not readily available, unlike electrical.
Hydraulic generators are therefore required.
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2. High cost of production due to the requirements of small
clearances and high precision production process.

3. High inertia of transmission lines, which increases their re-
sponse time.

4. Limitation of the maximum and minimum operating tem-
perature.

5. Fire hazard when using mineral oils.

6. Oil filtration problems.

1.5 Comparing Power Systems

Table 1.1 shows a brief comparison of the different power systems,
while Table 1.2 gives the power variables in mechanical, electrical,
and hydraulic systems.

System
Property Mechanical Electrical Pneumatic Hydraulic
Input energy ICE and ICE and ICE, electric | ICE,
source electric motor | hydraulic, motor, and electric

air or steam pressure motor, and

turbines tank air turbine
Energy Mechanical Electrical Pipes and Pipes and
transfer parts, levers, | cables and hoses hoses
element shafts, gears | magnetic

field
Energy carrier Rigid and Flow of Air Hydraulic

elastic electrons liquids
objects
Power-to- Poor Fair Best Best
weight ratio
Torque/inertia Poor Fair Good Best
Stiffness Good Poor Fair Best
Response Fair Best Fair Good
speed
Dirt sensitivity | Best Best Fair Fair
Relative cost Best Best Good Fair
Control Fair Best Good Good
Motion type Mainly rotary | Mainly rotary | Linear Linear
or rotary or rotary

TaBLe 1.1 Comparison of Power Systems
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Effort Flow Power
Variable Units | Variable Units | Variable | Units

Mech. Force, F N Velocity, v m/s N=Fv W
Linear

Mech. Torque, T Nm Angular rad/s | N=oT W
Rotary speed, ®

Electrical Electric V Electric A N=ej W
(DC) potential, e current, i

Hydraulic | Pressure, P | Pa Flow rate, Q | m3/s N = PQ W

TaBLe 1.2 Effort, Flow, and Power Variables of Different Power Systems

1.6 Exercises

1. State the function of the power systems.

2. Discuss briefly the principle of operation of the different power systems
giving the necessary schemes.

3. Draw the circuit of a simple hydraulic system, in standard symbols, and
explain briefly the function of its basic elements.

4. State the advantages and disadvantages of hydraulic power systems.

5. Draw the circuit of a simple hydraulic system, including a pump, directional
control valves, hydraulic cylinder, relief valve, and pressure gauge. State the
function of the individual elements and discuss in detail the power transmission
and transformation in the hydraulic power systems.

6. The given figure shows the extension mode of a hydraulic cylinder. Neglecting
the losses in the transmission lines and control valves, calculate the loading force, F,
returned flow rate, Q,, piston speed, v, cylinder output mechanical power, N, ,and
pump output hydraulic power, N,. Comment on the calculation results, given
Delivery line pressure P = 200 bar

Pump flow rate Q, =40 L/min

o v
Q=
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Piston diameter D = 100 mm

Piston rod diameter d =70 mm

7. The given figure shows the extension mode of a hydraulic cylinder, in
differential connection. The losses in the transmission lines and control valves
were neglected. Calculate the loading force, F, inlet flow rate, Q, , returned flow
rate, Q_ ., piston speed, v, cylinder output mechanical power, N,, and pump
output hydraulic power, N,. Comment on the calculation results compared with
the case of problem 6, given

*<

QP
L

Delivery line pressure P = 200 bar

Pump flow rate Q,=40 L/min
Piston diameter D = 100 mm

Piston rod diameter d = 70 mm

8. Shownis the hydraulic circuit of a load-lifting hydraulic system. The lowering
speed is controlled by means of a throttle-check valve. Discuss the construction
and operation of this system. Redraw the hydraulic circuit in the load-lowering
mode, then calculate the pressure in the cylinder rod side, P, the inlet flow rate,
Q,, outlet flow rate, Q_ ., pump flow rate, Q,, pump output power, N,, and the
area of the throttle valve, A,. Neglect the hydraulic losses in the system elements,
except the throttle valve.

The flow rate through the throttling element is given by: Q = C,A \[2AP/p,
where

Q =Flow rate, m3/s C,= Discharge coefficient
A, = Throttle area, m? AP = Pressure difference, Pa

p = Oil density, kg/m?

Given

Pump exit pressure = 30 bar Piston speed = 0.07 m/s
Piston area A, = 78.5 cm? Piston rod side area A =40 cm?
Oil density = 870 kg/m? Discharge coefficient = 0.611

Safety valve is pre-set at 350 bar Weight of the body =30 kN
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9. Redraw the circuit of problem 8 in lifting mode. For the same pump flow
rate, safety valve setting, and dimensions, calculate the maximum load that
the system can lift. Calculate all of the system operating parameters at this
mode. Neglect the hydraulic losses in the system elements, except for the
throttle valve.

Nomenclature
A = Piston area, m?
E = Gained potential energy, |
F = Vertically applied force, N
¢ = Coefficient of gravitational force, m/s?
m = Mass of lifted body, kg
N = Mechanical power delivered to the load, W
p = Pressure, Pa
Q = Flow rate, m%/s
v = Lifting speed, m/s
V = Piston swept volume, m?
W= Work, J
y = Vertical displacement, m

13
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CHAPTER 2

Hydraulic Oils
and Theoretical
Background

Introduction

Hydraulic fluids are used in hydrostatic power systems to transmit
power. The power transmission is carried out by increasing, mainly,
the pressure energy of the fluid. In addition to the power transmission,
the hydraulic fluids serve to lubricate the contact surfaces, cool differ-
ent elements, and clean the system. Water was the first fluid used for
the transmission of fluid power. The main advantages of water as a
hydraulic fluid are its availability, low cost, and fire resistance. On the
other hand, water is of poor lubricity, has a narrow range of working
temperature, and has a high rust-promoting tendency. These disad-
vantages limited its use to very special systems.

Although mineral oils were readily available at the beginning of
the twentieth century, they were not practically used in hydraulic sys-
tems until the 1920s. In the 1940s, additives were first used to improve
the physical and chemical properties of hydraulic mineral oils. The
first additives were developed to counter rust and oxidation. How-
ever, mineral oils are highly flammable, and fire risk increases when
operating at high temperatures. This has led to the development of
fire-resistant fluids that are mainly water-based, with limitations on
the operating conditions. The need for extremes of operating tempera-
tures and pressures led to the development of synthetic fluids.

This chapter is dedicated to studying the properties of hydraulic
fluids and their effect on a system’s performance. It also explores the
theoretical background needed for studying the topics of this text.

15
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2.2 Basic Properties of Hydraulic Oils

2.2.1 Viscosity

Definitions and Formulas

Viscosity is the name given to the characteristic of a fluid, and describes
the resistance to the laminar movement of two neighboring fluid layers
against each other. Simply, viscosity is the resistance to flow. It results
from the cohesion and interaction between molecules. Consider a fluid
between two infinite plates (see Fig. 2.1). The lower plate is fixed, while
the upper plate is moving at a steady speed v. The upper plate is sub-
jected to a friction force to the left since it is doing work trying to drag
the fluid along with it to the right. The fluid at the top of the channel
will be subjected to an equal and opposite force. Similarly, the lower
plate will be subjected to a friction force to the right since the fluid is
trying to pull the plate along with it to the right. The fluid is subjected
to shear stress, T, given by Newton's law of viscosity.

T= u@ (2.1)

The coefficient of dynamic viscosity, |, is the shearing stress neces-
sary to induce a unit flow velocity gradient in a fluid. In actual mea-
surement, the viscosity coefficient of a fluid is obtained from the ratio
of shearing stress to shearing rate.

T
n= Twdy (2.2)
Shear stress, N/m?
Velocity gradient, s™
Fluid velocity, m/s
Displacement perpendicular to the velocity vector, m
Coefficient of dynamic viscosity, Ns/m? W is often
expressed in poise (P), where 1 P=0.1 Ns/m?

where T
du/dy

T =
[T |l

Ficure 2.1 (aty=h,u=v)

Velocity variation C —F—>V
for a fluid between
two near parallel
plates. h

(aty=0,u=0)
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For Newtonian fluids, the coefficient of dynamic viscosity, i, is inde-
pendent of du/dy. However, it changes with temperature and pressure.

Kinematic viscosity, v, is defined as the ratio of the dynamic viscosity
to the density.

v=H (2.3)
p
where v = Kinematic viscosity, m?/s
p = Oil density, kg/m?

The kinematic viscosity, v, is often expressed in stokes (St), where
1St=10"*m?/s, or in centistokes (cSt), where 1 ¢St =10°m?/s =1 mm?/s.

The viscosity units may be given in Redwood or Saybolt seconds,
or in degrees Engler, according to the measuring method. These units
are no longer used, but conversion tables are available.

The oil viscosity is affected by its temperature, as shown in
Fig. 2.2. It decreases with the increase in temperature. Therefore,
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Ficure 2.2 Variation of viscosity with oil temperature. (Courtesy Bosch Rexroth AG.)
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the viscosity is stated at a standard temperature (40°C for the ISO
specification). A hydraulic fluid referred to as VG32 has a viscosity of
32 ¢St at 40°C.

Itis important to keep the oil viscosity within a certain range dur-
ing the system’s operation; otherwise, the operating conditions will
change with temperature. The viscosity index (VI) of oil is a number
used in industry to indicate the effect of temperature variation on the
viscosity of the oil. Alow VI signifies a relatively large change of vis-
cosity with temperature variation. On the other hand, a high VImeans
relatively little change in viscosity over a wide temperature range.
The best oil is the one that maintains constant viscosity throughout
temperature changes. An example of the importance of the VI is the
need for high VI hydraulic oil for military aircraft. These systems are
exposed to a wide variation of atmospheric temperatures, ranging
from below —18°C at high altitudes to over 45°C on the ground. For
proper operation of these systems, the hydraulic fluid must have suf-
ficiently high VI to perform its functions at the extremes of the tem-
perature range.

The acceptable range of viscosity and operating temperature is
determined by the manufacturers for each component. For gear
pump, for example, the fluid temperature range is —15 to 80°C, and
the recommended viscosity range is 10 to 300 cSt.

The effect of oil pressure on the viscosity is much less than that of
temperature. The viscosity of fluids increases as its pressure increases
(see Fig. 2.3). These characteristics must be taken into account when

800

—T=40°C
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200F
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100f

0 200 400 600 800 1000 1200 1400
Pressure (bar)

Ficure 2.3 Variation of the kinematic viscosity of a typical mineral-based oil
with pressure and temperature.
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planning hydraulic systems which operate at wide pressure ranges.
However, when operating at pressure levels within 300 bar, the effect
of pressure on the oil viscosity is usually negligible.

Effect of Viscosity on Hydraulic System Operation

The oil viscosity influences the function of hydraulic power systems
as it introduces resistance to fluid flow and to the motion of bodies
moving in the fluid. Herein, the following effects are studied:

e Hydraulic losses in transmission lines
o Resistance to fluid flow in narrow conduits

e Viscous friction forces and damping effect

Hydraulic Losses in Transmission Lines, Hydraulic Resistance In hy-
draulic transmission lines, the flow may be laminar or turbulent
depending on the ratio of the inertia forces to the viscous friction
forces. This ratio is evaluated by the Reynolds number, Re. For
laminar flow (see Fig. 2.4), the pressure losses in the line are calcu-
lated using the following relation (see App. 2B at the end of this
chapter):

_y Lpo® 2.4)
AP =)\ D 3
v =4Q/nD? (2.5)
A=64/Re (2.6)
Re=vD/v=pvD/u 2.7)

where D = Inner pipe diameter, m
L = Pipe length, m
Re = Reynolds number
v = Mean fluid velocity, m/s
AP = Pressure losses in the pipe line, Pa
A = Friction coefficient for laminar flow
p = Oil density, kg/m?

L
E’l I o e I U Nall
=
P2

Ficure 2.4 Laminar flow in pipeline.

19
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The following expression for the pressure losses AP was obtained by
substituting Egs. (2.5) to (2.7) in Eq. (2.4):

128l

AP
nD*

Q=RQ (2.8)

The term R expresses the resistance of the hydraulic transmission
line. Its effect is equivalent to that of the electric resistance. Both of them
dissipate energy and both are described by the same mathematical
relation (e = Ri). The power loss AN in the pipeline is given by

128uL

AN =QP,-QP,=QAP=RQ* =~

Q? (2.9)

Resistance to Fluid Flow in Narrow Conduits

Internal Leakage in Hydraulic Elements Hydraulic power systems
operate at pressure levels up to 700 bar. The internal leakage in hydrau-
lic elements is one of the problems resulting from the operation at high-
pressure levels and the increased clearances due to wear.

Figure 2.5 shows the internal leakage through a radial clearance be-
tween two concentric cylindrical bodies, a spool and sleeve , for example.

(m\\\\“mhh__,,/f’////

Ficure 2.5 (a) Leakage fluid flow through a radial clearance and (b) laminar
fluid velocity profile in a radial clearance.
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Considering the shown fluid element in the radial clearance, and neglect-
ing the minor losses at the inlet and outlet, and assuming a concentric
stationary spool, an expression for the leakage flow rate can be deduced
as follows. In the steady state, the fluid element speed is constant and the
forces acting on it are in equilibrium. These forces are the pressure forces
and the friction forces acting on the internal and external surfaces of the
fluid element.

The pressure force is F, =2rnDdP (2.10)
The friction force is F =2nDdxz (2.11)
du  du
r=0.5c—y then == =_"— 2.12
R TR 212
. . . du du
For Newtonian fluid, the shear stress is T = ud— = _“E (2.13)
Since F, = F, then 94 __ 7 4P or gy=—T 9P, (2.14)
dr W dx nodx
The pressure gradient dP/dx is constant.
dP _ AP\ here AP=P, - P, (2.15)

dx L

The velocity distribution in the radial clearance is found by inte-
grating Eq. (2.14).

r dP r2 dP
[ 2 —g___ " 2.16
u _[ . dxdr+a X (2.16)

If the fluid velocity at the boundaries is zero, then
u=0for r==c/2 (2.17)

By substitution from Egs. (2.15) and (2.17) into Eq. (2.16), the
following expression for the velocity distribution is obtained:

1 AP(c* ,
el B 2.18
=0T (4 rJ (2.18)

The leakage flow rate, Q,, is then found as follows:

c/2 nDc3

Q = L/z unDdr = TonL

AP (2.19)

2
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_12uL

or AP
" nDc

Q, =RQ, 220)

where a=Constant, m/s
¢ = Radial clearance, m
D = Spool diameter, m
F, = Pressure force acting on the fluid element, N
F_=Shear force acting on the fluid element, N
L = Length of leakage path, m
Q, = Leakage flow rate, m®/s
r = Radial distance from the midpoint of clearance, m
R, = Resistance to leakage, Ns/m’
y = Distance between the element side surface and solid
boundary, m
u = Oil speed in the clearance, m/s
AP = Pressure difference across the radial clearance, Pa

It is important to note that the leakage is inversely proportional to
the viscosity, |1, and directly proportional to the cube of radial clearance.
If the radial clearance is doubled due to wear, the internal leakage
increases eight times. The power loss due to leakage is given by

2 _
a2 TR

2
AN =Q,aP=TPE APT or AN = (12“L

JQZ RQ  (21)

L

The internal leakage reduces the effective flow rates and increases
the power losses. The dissipated power AN is converted to heat and
leads to serious oil overheating problems. Therefore, it is important to
keep the oil viscosity within the predetermined limits over the whole
operating temperature range. This is fulfilled by using hydraulic oils
of convenient viscosity index and implementation of oil coolers.

Fluid Flow in an Eccentric Mounting Radial Clearance In the case of
eccentric mounting, the radial clearance thickness is not constant (see
Fig. 2.6). The flow rate through a narrow radial clearance is given by

nDc 3(e
Q= 1ZML{1+2( ”AP (2.22)

Fluid Flow in a Long-Thin-Slot Orifice In the case of a long-thin-slot
orifice, the fluid flow is laminar. The following expression gives the
fluid flow rate in this orifice (see Fig. 2.7).

bh?
_ 2.23
Q=1 2L AP (2.23)
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Ficure 2.6 € K 2c
Radial clearance o
with eccentric
mounting.
FiGure 2.7
Long-thin-slot
orifice.
A/j_ _________
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Fluid Flow in the Clearance Between a Circular Nozzle and a Plane
Surface The flow rate in the clearance between the plane face of a
nozzle and a plane surface (see Fig. 2.8), is given by the following
relation:

_ n(d, +d,)n’

_ AP (2.24)
12(d, —d,)u

Q

Viscous Friction and Damping Effect The parts moving in oil are sub-
jected to viscous friction forces due to the shear stress resulting from
the oil viscosity. Figure 2.9 shows a spool moving axially. The cylindrical

Ficure 2.8 % P>

at distance h.
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FiGuRE 2.9 C
Velocity distribution
in the spool radial
clearance.

iPD

surface of the spool is subjected to a shear stress, 1. The velocity dis-
tribution is assumed to be linear in the small radial clearance: ¢ =2 to
10 um. An expression for the friction forces is deduced as follows:

_ydu_ v (2.25)
T_de i
F:nDLr:%DLv:fvv (2.26)
_ DL (2.27)
fo=—=

where F = Friction force, N
f, = Friction coefficient, Ns/m
L = Length of spool land, m

Assignment Derive an expression for the viscous friction coefficient
if the spool is rotated by an angular speed ® under the action of a
torque (T =f, o).

The effect of viscous damping may be demonstrated by studying
the motion of the spool of a directional control valve (see Fig. 2.10).
The spool moves under the action of the driving force (F), the spring

Ficure 2.10
A spring-loaded |
spool valve. F
— X —>

AT
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force, and the friction force. The spool motion is described by the
following equation:

d’x dx
2.28
F=m = +f, ; +kx (2.28)

where F =Driving force, N
k =Spring stiffness, N/m
m =Mass of moving parts, kg
x =Spool displacement, m

Assuming zero initial conditions, and applying Laplace transfor-
mation to the equation of motion, the following transfer function can
be deduced:

X(s) 1 K
G(s) = = = (2.29)
F(s) ms*+ fs+k s_22+£5+1

n

where {=Damping coefficient, proportional to the oil viscosity;
¢= nuw DL
ZCM
k = Spring stiffness, N/m
K=Gain,K=1/k, m/N
o, = Natural frequency, o, = Jk/m,rad/s

2.2.2 0il Density

Definition

The density is the mass per unit volume: p =m/V. The hydraulic oils
are of low compressibility and volumetric thermal expansion.
Therefore, under ordinary operating conditions, the oil density is
practically constant. The density of mineral hydraulic oils ranges
from 850 to 900 kg/m?3. The oil density affects both the transient and
steady state operations of the hydraulic systems. The hydraulic
losses in throttling elements and transmission lines are dominated
mainly by the inertia and friction losses. The effect of oil inertia on
these elements is discussed in this chapter.

Effect of Density on Hydraulic System Operation

Orifice Flow Orifices, short-tube or sharp-edged, are a basic means of
control in fluid power systems. This section aims at deriving equa-
tions for the flow rate of fluid through orifices and evaluating the ef-
fect of fluid viscosity and inertia. In most cases, the orifice flow occurs
at high Reynolds numbers. Such flow is referred to as turbulent flow,
but this term does not have quite the same meaning as the pipe flow.

25
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Ficure 2.11 I I
Flow through | I
a sharp-edged | \ A |
> (2 _~ V3
orifice. Q : Vi \Vz— ]
| 1
|

Referring to Fig. 2.11, the fluid particles are accelerated from velocity
v, at section 1 to the jet velocity, v,, at section 2 through a sharp-edged
orifice. The fluid flow between sections 1 and 2 is nearly streamlined or
potential flow, which justifies the application of Bernoulli’s equation
between these two sections.

2

CA

—?= %(P1 -P) (2.30)

The term (P, — P,) is the pressure difference required to accelerate
the fluid from the lower upstream velocity (v,) to the higher jet veloc-
ity (v,). The kinetic energy of the jet is not recovered. It is converted
into thermal energy, increasing the fluid temperature, and the pres-
sures at sections 2 and 3 are practically equal.

The area of the jet (A,) is smaller than the orifice area (A,) due to
the fluid inertia. The point along the jet where the area becomes a
minimum is called vena contracta. The contraction coefficient is de-
fined as

C = A, /A, (2.31)

Assuming an incompressible fluid, the application of the continu-
ity equation yields

Ao, = A0, (2.32)

Considering Eqgs. (2.30) to (2.32), the following expression is
deduced for the jet velocity, v,:

P S— ) N (2.33)

P fi-a/A R \p

Actually, the jet velocity is slightly less than that calculated by
Eq. (2.33), due to the losses caused by the viscous friction. This friction
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is taken into consideration by introducing the velocity coefficient C,,
ranging from 0.97 to 0.99, and defined as

_ Actual velocity at vena contracta (2.34)

Cv
v

2

The flow rate through the orifice is thus given by the following
expression:

C,A 2
Q=A,Cv,=——2L2— |=(P-P) (2.35)

1-(A,/4,) VP
or Q=C,A, %(P1 -p,) (2.36)

where the discharge coefficient, C,, is given by

CA/MA, C.C.

=—2x 2 0 C=— v
’ Vl_(Az/Al)z ! \ll—CCZ(AO/Al)Z

where C = Contraction coefficient depends on the geometry of the hole
C,=Discharge coefficient, typically = 0.6 to 0.65
C,= Velocity coefficient, typically = 0.97 to 0.99
v=Average fluid velocity, m/s

(2.37)

The discharge coefficient depends mainly on the contraction coef-
ficient and the orifice geometry. For a round orifice, the contraction
coefficient can be calculated using the following expression given by
Merritt (1967):

2(D cd) _(cd)_ )38
Cc{l'f'E(C—Cd— Djtan [D]}—l ( )

where D = Pipe diameter, m
d =Orifice diameter, m

The variation of the contraction coefficient with the diameter
ratio (d/D) is shown in Fig. 2.12. For a sharp-edged orifice, the friction
losses are negligible: C = 1. Therefore, if the orifice diameter is much
less than the pipe diameter (d<<D), then tan™(C d/D) = C d/D and
Egs. (2.37) and (2.38) yield:

C,=C. =n/(n+2)=0.611 (2.39)

2
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Ficure 2.12 Effect of the diameter’s ratio on the contraction coefficient of
a sharp-edged orifice, calculated.

Sharp-edged orifices are preferred because of their predictable
characteristics. The pressure and power losses in these orifices are
dominated by the fluid inertia. The fluid viscosity has no significant
effect on their operation (C, = 1). Therefore, the flow rate through
sharp-edged orifices is viscosity-independent. On the other hand, for
economy reasons, short tube orifices are widely used, especially as
fixed restrictors in the flow passages. The fluid flow through a short
tube orifice is subjected to the friction losses as well as the minor losses
at inlet and outlet. Therefore, these orifices are viscosity-dependent.
The discharge coefficient of a short tube orifice depends on the Reyn-
olds number and the orifice geometry. The following expressions are
used to calculate the discharge coefficient for the turbulent and lami-
nar regions [Merritt (1967)]:

11 2
B L )2 Red
C, = 1.5+13.74[Redj For —=>50 (2.40)
- 1
64L] 2 Red
C,=(228+— F € 2.41
d i 8+Red:| 01‘T<50 ( )

The variation of the discharge coefficient with (Re d/L), calculated
using these expressions, is plotted in Fig. 2.13.

Local Losses The local losses, also called minor losses, result from a
rapid variation in the magnitude or direction of the velocity vector.
The throttling elements, elbows, and T connections are typical local
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Ficure 2.13 Variation of the discharge coefficient of a short tube orifice with
Reynolds number and orifice dimensions, calculated.

loss elements. Equation (2.42) gives the pressure losses in a local loss
element. The local losses are directly proportional to the fluid density,
and the local loss coefficient { is determined mainly by the geometry
of the local loss feature.

2
ap=¢?” (242)

Hydraulic Inertia The dynamic behavior of hydraulic transmission
lines is affected by the fluid inertia, compressibility, and resistance.
The effect of fluid inertia can be formulated, assuming incompress-
ible nonviscous flow, as follows:

Figure 2.14 shows a single oil lump, subjected to a pressure differ-
ence: AP =P, - P,. An expression for the line inertia is deduced, based
on Newton’s second law, as follows:

F=ma (2.43)
APA=pALYY (2.44)
dt
Ficure 2.14 L
Single oil lump,
subjected to v
pressure difference Q - %
AP=P, - P, P P,
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_Q 245
v=" (2.45)
LdQ aQ
Then, _Pzax _ A 2.46
en AP="ar T a (2.46)
The hydraulic inertia, I, is given by
_PpL_4pL
1= =m0 (2.47)

where A = Line cross-sectional area, m?
D =Line inner diameter, m
I =Line inertia, kg/m*
L =Line length, m

The hydraulic inertia affects the transient response of the hydraulic
transmission lines, but it has no significant effect on its steady state
behavior.

2.2.3 0il Compressibility

Definition

Liquids are of very low compressibility, while gases are highly com-
pressible. Therefore, liquids are usually assumed incompressible. But
this assumption is applied when the liquid compressibility has no
significant effect on the performance of the studied system.

The liquid compressibility is defined as the ability of liquid to
change its volume when its pressure varies. For pure liquid, the rela-
tion between the liquid volume and pressure variations is described
by the following formula:

AP P
B d B__dP_ dP[dV (544

Ay aviv Y vET v e 9] i

where AP = Pressure variation, Pa
AV = Change in volume due to pressure variation, m?
V = Initial liquid volume, m?
B = Bulk modulus of liquid, typically B =1 to 2 GPa for
mineral oils

The hydraulic oil compressibility has a direct impact on the tran-
sient behavior of the hydraulic system. Generally, the reduction of oil
volume by 1% requires an increase of its pressure by 10 to 20 MPa.

The bulk modulus of hydraulic oil is affected by the oil pressure
and temperature. Figures 2.15 and 2.16 illustrate the effect of the oil
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Ficure 2.15 Effect of the pressure on the bulk modulus of a typical
mineral-based hydraulic oil at constant temperature.
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Ficure 2.16 Effect of the temperature on the bulk modulus of a typical
mineral-based hydraulic oil at constant pressure.

pressure and temperature on the bulk modulus of typical mineral-
based industrial hydraulic oil. The bulk modulus increases with the
pressure increase and decreases with the temperature increase. The
increase of oil pressure from zero to 300 bar increases the bulk modu-
lus by about 21%, while the temperature increase by 40°C decreases
the bulk modulus by 25%. However, the bulk modulus is usually
assumed constant when working at the ordinary range of pressures
and temperatures.

i
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The bulk modulus of pure oil is nearly constant when operating
at a certain temperature and pressure. However, when the oil in-
cludes bubbles of gases, air, or vapors, the bulk modulus of this mix-
ture decreases due to the high compressibility of gases. If the total
volume of mixture is V, the gas volume is 0.V, and the oil volume is
(1 -0V, an equivalent bulk modulus B, of the mixture is deduced as
follows:

The compression of gases is governed by

PV" = const (2.49)

Then, V"dP+nV"1PAV =0 (2.50)
ap

or Bg = —m =nP (251)

Assuming that the oil-gas mixture is subjected to a pressure vari-
ation AP, then the variations of volumes are

AV =%V ap (2.52)
8 nP

AV = —%AP (2.53)
0 B
B_____ AP (2.54)

©T AV, +AV )V,

Th L S— 255
. ¢~ 7WP(1- o)+ Bat (2.55)
and g B__ nP (2.56)
B nP(1-0)+Bo
or 1l_a 1-¢ (2.57)
B, nP B
where o = Ratio of gases volume to the total volume, at atmospheric

pressure
n = Polytropic exponent=1to 1.4
P = System absolute pressure, Pa

AV, = Change in gas volume due to compressibility, m?

AV, = Change in oil volume due to compressibility, m?
B, = Equivalent bulk modulus of mixture, Pa
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Ficure 2.17 Effect of entrained free air and operating pressure on the bulk
modulus of a typical mineral-based hydraulic oil, calculated.

The nondimensional bulk modulus, B=B,/B, was calculated
using Eq. (2.56). The calculation results are plotted in Fig. 2.17. This
figure shows that the entrained air reduces considerably the bulk
modulus of the mixture. Moreover, the entrained air results in noise,
shuddering movements, and a large rise in temperature, in addition
to the diesel effect. The diesel effect is the spontaneous combustion
of an air-gas mixture. If the mineral oil, containing air bubbles, is
rapidly compressed, the air bubbles become so hot that a spontane-
ous combustion may occur. Hence, at specific points, a large increase
in temperature and pressure occurs, which may damage the seals on
the hydraulic components. In addition, the age of the fluid will be
reduced.

Effect of 0il Compressibility; Hydraulic Capacitance

Oil compressibility makes an important contribution to the dynamic
behavior of the hydraulic control systems. The transient pressure
variations, and consequently the transient variation of flow rates,
forces, and accelerations, are highly affected by the oil compressibility.
Herein, the effect of oil compressibility on the dynamics of hydraulic
transmission lines is discussed. The effect of compressibility can be
formulated by considering a single oil lump in a hydraulic transmis-
sion line. The system is subjected only to the effect of oil compress-
ibility. The pressure in the line is P, the inlet flow rate is Q, and the
outlet flow rate is Q, (see Fig. 2.18).

3
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Q_ P V al___|Q,

Y

Ficure 2.18 Single oil lump, subjected to oil compressibility.

Variation of volume of oil in line due to inlet and outlet flow
rates, AVQ, is

AV, = [(XQ, - X Q) (2.58)

Variation of volume of oil in the line due to the compressibility
effect, AV, is

Vv
AV, = _EAP (2.59)
Then, referring to Eq. (2.48), dVe - _vdp (2.60)
dt B dt
AV, +AV, = AV, (2.61)

The variation of volume of line AV, depends on the line material,
wall thickness, diameter and system pressure: AV, = f(P). Assuming
rigid wall boundaries, then AV, = 0.

av, dv
or Q “Yc _ (2.62)
at tar 70
VdP _
Then, ZQm ZQout B dt (2.63)

The application of Eq. (2.63) to the single lump flow in a pipe (see
Fig. 2.18) yields

vV dpP
Q,-Q, ~ B3 0 (2.64)

or AP:j%(Ql—Qz)dt or P:R+I€(Q1—Q2)dt (2.65)
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This form of continuity equation is widely applied in the fluid
power system’s analysis. The difference (Q, —Q, = Q) is due to oil
compressibility, where

VvV dpP dp
Q- = B CE (2.66)
nD?L
where = 1B (2.67)

The term C is called the hydraulic capacitance of the line. This
capacitance is analogous to the electric capacitance since it has an
energy storing effect and is described mathematically by the same
expression: i = C de/dt.

Sometimes, the pipe wall deformation is not negligible. In such
cases, it should be taken into consideration when calculating the hy-
draulic capacitance. The variation of volume of pipe line, AV, de-
pends on the pipe length, the line material, wall thickness, diameter,
and system pressure. The walls deform due to the combined effect of
the radial and axial pressure forces. An expression for this volumetric
variation due to a pressure increment AP is derived as follows.

Figure 2.19 illustrates the effect of pressure forces in the radial
direction. The volume variation due to the radial wall deformation,
AV, can be calculated as follows:

_APDL _APD _ (2.68)
2hL 2h r
. = n(D+AD)-=nD _ AD (2.69)
T nD - D
_APD? (2.70)
AD= 2Eh
L

T T
AWR=ZLﬂD+ADY—D4=TIADQD+AD) (2.71)

Ficure 2.19 | L
Radial pipe wall
deformation.
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Ficure 2.20
Axial pipe wall
deformation.

Considering the actual dimensions and parameters of transmis-
sion lines used in hydraulic power systems, the term AD is negligible
compared to 2D, then, Eq. (2.71) becomes

AV, = “—LAD(zD) = —D2L( IZZ)AP (2.72)

Figure 2.20 illustrates the effect of pressure forces in the axial
direction. The volumetric variation due to axial wall deformation,
V, 4 can be calculated as follows:

2
_nD?AP _DAP _ . (2.73)
~4nDh 4k e
e =AL (2.74)
« =L
_APDL (2.75)
AL= 4Eh
AV, =Epap=T 1D D 1ap (2.76)
1A= 4Eh

The total variation of line volume is

AV, = AV, +AV,, = DZL(ZSZJAP VAP(Z;] 2.77)

By substituting Egs. (2.58), (2.59), and (2.77) in Eq. (2.61), the follow-
ing relation is obtained:

[>a.- ZQout)dt——AP VAP[ZZZ ] (2.78)
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[E0e.-XQ,.)dt= [; +%)AP CAP (2.79)
where C= V(llg fl?h j (2.80)

Example 2.1 Apply the continuity equation to both chambers of the shown
hydraulic cylinder.

lQA Qs
J
Ps, VB |
Pa, Va y—>
|
d vV, dP,
QA _AP dz ?W where V A0+Apy

~Q, = d 2% where V=V, —Ay

4, dt dt

where A, = Piston area, m?
A_ = Piston rod side area, m?
V, = Volume of oil in chamber A, m3
V,, = Initial volume of piston side chamber, m*

Vy = Volume of oil in chamber B, m3

V,, = Initial volume of rod side chamber, m?

y = Piston displacement, m

2.2.4 Thermal Expansion

The hydraulic liquids are subjected to volumetric thermal expan-
sion. Generally, the volume of liquids changes with temperature as
follows:

AV, = VAT (2.81)

where V = Initial volume of o0il, m?
o = Thermal expansion coefficient, for typical mineral oil
o.=0.0007 K
AT = Temperature variation, °C
AV = Oil volume variation due to thermal expansion, m?

In the case of oil trapped in a rigid vessel for a long period, the
pressure may increase to enormous values due to the rise in oil tem-
perature. Considering a volume of oil trapped in a hydraulic cylinder,

3
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the thermal expansion of the cylinder is negligible with respect to that
of the oil. Therefore, the o0il volume remains constant, even when its
temperature increases, due to the combined effect of the oil compress-
ibility and its thermal expansion. The change in pressure (AP) due to
temperature variation (AT) is deduced as follows. Assuming that the
total volume of oil is constant, then AV =0.

AV =AV, +AV, = (2.82)

AV, = —%Ap (2.83)

VAT — %AP =0 (2.84)

or AP = 0.BAT (2.85)

where AV . = Variation of volume due to oil compressibility, m?

Example 2.2  Aliquid of (0.=0.0007) and (B =1 GPa), trapped in a rigid vessel, is
subjected to an increase in temperature of 50°C. Assuming that the vessel is of
negligible thermal expansion, the oil pressure increases by 35 MPa.

2.2.5 Vapor Pressure

All liquids tend to evaporate by projecting molecules into the space
above their surface. If this is a confined space, the partial pressure ex-
erted by the molecules increases until the rate at which molecules reen-
ter the liquid is equal to the rate at which they leave. In this equilibrium
condition, the vapor pressure is the saturated vapor pressure (SVP).
The molecular activity increases with temperature. Also, the reduction
of pressure to values less than SVP induces a rapid rate of evaporation:
boiling. Higher-saturated vapor pressure leads to a higher rate of
evaporation. The vapor pressure is defined as the pressure at which a
liquid will boil. It increases with the increase of oil temperature.

The reduction of the liquid pressure to the SVP leads to cavitation
in a hydraulic system. The term cavitation refers to the formation and
collapse of vapor-filled cavities in the liquid. The collapse of vapor
cavities leads to very great local oil velocities. In the case of displace-
ment pumps, the cavitation occurs when the suction pressure de-
creases below the vapor pressure of oil. The vapor cavities that form
in the suction line of the pump collapse as they travel through the
pump to its high-pressure zones. The collapse, under the action of
high pressure, results in very high local velocities and great impact
forces and pressures (up to 7000 bar), which cause the erosion of the
pump elements. (See Sec. 4.4.)
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2.2.6 Lubrication and Anti-Wear Characteristics

The fluid must be capable of covering the contact surfaces of all mov-
ing parts with a thin and continuous lubricating film. The lubricating
film may be destroyed, as a result of high loading forces, insufficient
oil delivery, and low viscosity. This would result in wear due to fret-
ting. The lubricating power and film strength of a liquid are directly
related to its chemical nature and can be improved by the addition of
certain chemical agents. In addition to the wear due to fretting, there
is also wear due to fatigue, abrasion, and corrosion.

2.2.7 Compatibility

The fluid must be fully compatible with other materials used in the
hydraulic system, such as those used for bearings, seals, paints, and
so on. It should not react chemically with any of these materials, nor
change their physical properties. Moreover, the fluid leaks out from
the hydraulic system and encounters other system parts, such as elec-
trical lines, mechanical components, and others, so the fluid must
also be compatible with the materials of these parts.

2.2.8 Chemical Stability

Chemical stability is an important property of the hydraulic liquid. It is
defined as the ability of the liquid to resist oxidation and deterioration
for long periods. All liquids tend to undergo unfavorable changes under
severe operating conditions. Some metals, such as zinc, lead, brass, and
coppet, have undesirable chemical reactions with certain liquids. These
reactions result in the formation of sludge, gums, carbon, or other de-
posits, which clog the openings and cause valves and pistons to stick. As
these deposits are formed, certain changes in the physical and chemical
properties of the liquid take place. The liquid usually becomes darker,
the viscosity increases, and damaging acids are formed. The stability of
liquids can be improved by the addition of oxidation inhibitors, which
must be compatible with the other required properties of the liquid.

2.2.9 Oxidation Stability

The oxidation stability is the ability of the fluid to resist chemical deg-
radation by reaction with atmospheric oxygen. It is an extremely
important criterion concerning the quality of hydraulic fluids, particu-
larly in high-temperature applications. It determines the resistance to
aging. The degradation of hydraulic fluids by oxidation can result in
significant viscosity increases, development of corrosive organic acids,
and lacquering of critical surfaces by resinous oxidation products.

2.2.10 Foaming

All fluids contain dissolved air. The amount of dissolved air depends
upon the temperature and pressure. Typically, mineral-based oil can
contain up to 10% by volume of dissolved air. As the temperature of
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the fluid increases or the pressure decreases, the dissolved air is liber-
ated. The liberated air exists in the fluid as discrete bubbles. When the
fluid containing the entrained air returns to the reservoir, the air rises
to the surface and causes foam. The bad design of a tank and oil
return line may also lead to the formation of air bubbles and foam. If
the foam builds up, it can cause severe problems in the hydraulic
system. Therefore, most hydraulic fluids contain foam-depressant
additives that cause the rapid breakdown of the foam.

2.2.11 Cleanliness

Cleanliness in hydraulic systems has received considerable attention.
Some hydraulic systems, such as aerospace hydraulic systems, are
extremely sensitive to contamination. Fluid cleanliness is of primary
importance because the contaminants can cause component malfunc-
tion, prevent proper valve seating, cause wear in components, and
may increase the response time of servo valves. Air, water, solvent,
and other foreign fluids are in the class of fluid contaminants.

Air Contamination

According to Henry’s law, the amount of a given gas dissolved in a given
type and volume of liquid is directly proportional to the partial pressure of
that gas in equilibrium with that liquid, at a constant temperature. Hence,
the solubility of air in the hydraulic fluid is linearly proportional to
the absolute pressure above the liquid surface, and normally decreas-
es with rising temperature.

The solubility is often evaluated by the Bunsen coefficient, defined
as the volume of a gas at 0°C and standard atmospheric pressure which dis-
solves in a unit volume of a solvent. Figure 2.21 shows the solubility of
air in a typical mineral-based hydraulic fluid. The solubility of air in
mineral oil is relatively high compared to the other typical hydraulic
media.

The entrained air is of minor significance as long as it remains
dissolved in the hydraulic fluid. However, the undissolved air results
in serious problems, mainly

e Reduction of the bulk modulus of the oil-air mixture

¢ Reduction of the density of the fluid by an amount
corresponding to the volume fraction of entrained air

e Slight increase in the viscosity of a hydraulic fluid

¢ Excessive aeration in a hydraulic system results in unreliable
operation, high noise levels, and the possible damage of
pumps and other components

Free air bubbles passing through a hydraulic pump are subjected
to sudden compression under adiabatic conditions, thus raising the
temperature of the compressed air bubbles. Assume that the initial
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Ficure 2.21 Effect of absolute pressure on the air solubility in a typical
mineral-based hydraulic oil at constant temperature.

volume of the undissolved air is V; at the standard atmospheric con-
ditions, T, = 288.15 K and P, = 100 kPa (abs). The pressure is increased
to P. The new volume becomes V and its temperature increases by AT.
The temperature increment is calculated as follows:

PV} =PV} = PV* = constant (2.86)

where k is the adiabatic exponent (k = 1.4) and the pressure is
absolute.

k 1/k
Then P = Vi o ¥ = E (2.87)
P 1% V. P
Pz‘/z = mRTl and P2V2 = WIRTZ (288)
k-1
PV Pk
Then AT=T-T=T|——|-T. =T/ — -1 2.89
1 1 (I)} ‘/l] 1 1 (EJ ( )

Equations (2.87) and (2.89) were used to calculate the volume reduc-
tion and temperature increment due to the sudden increase of pressure.

|
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The calculation results are plotted in Figs. 2.22 and 2.23. These figures
show that by increasing the pressure to 250 bar, the volume decreases to
less than 2% of its initial value while its temperature increases to about
1100°C. Consequently, the oil film surrounding the hot bubble is sub-
jected to severe thermal degradation and oxidation.

i~ o o
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Ficure 2.22 Variation of the relative volume of air bubbles with the pressure
increase, calculated.

Temperature rise (°C)

0 50 100 150 200 250
Pressure rise (bar)

Ficure 2.23 Variation of the air temperature with pressure increase,
calculated.
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The undissolved air may exist in the hydraulic oil due to the
following reasons:

Liberation of dissolved air due to local pressure drop

Air leakages in suction lines, pipe connections, glands, and
others

Returning fluid, which may contain free air, splashing freely
down into the fluid reservoir

Low fluid level in reservoir, insufficient residence time
Bad design of tank

Incorrect maintenance activity

Fluids should be able to absorb and transport a minimal amount
of air and release it as quickly as possible. This requirement is fulfilled
by using chemical additives.

Water Contamination

It is highly recommended to remove water from the hydraulic
systems, except for the water-based fluids. However, this is not easy to
attain. The following are the main sources of water contamination:

e Condensation from humid air drawn in via the breather. The

ability of a typical mineral hydraulic oil to absorb moisture
from humid air is proportional to the air humidity, as shown
by Fig. 2.24.

"= 160
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Water Content (
N
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Ficure 2.24 The effect of the relative humidity of the air in the tank on the
concentration of the absorbed water in a typical mineral-based hydraulic oil
at constant temperature.
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o Leakage from oil-water heat exchangers.

¢ Filling of moisture-contaminated hydraulic fluid from badly
stored containers.

Several harmful effects from moisture contamination may occur,
including:

o The formation of rust and subsequent mechanical problems.

e The destructive effect of surface wear. Rust particles can
promote the formation of oxidation sludge and deposits that
may cause serious malfunctions in system parts.

e Rust particles circulating with the hydraulic fluid may cause
abrasive wear.

e Formation or accumulation of rust against dynamic seals
results in accelerated wear of the seals and increasing leakage
of the hydraulic fluid.

e The free and dissolved water reduce the fatigue strength of
ball bearings and stressed alloy steel components.

The following are possible ways to minimize the moisture content:

¢ Regular draining of undissolved water and sludge from a
drain cock fitted at the lowest point of the fluid reservoir.
Therefore, a good design of the reservoir and its floor slopes
is important.

¢ The hydraulic fluid should have good demulsibility which is
the ability of a hydraulic fluid to separate from water. The
best demulsibility is achieved by the most highly refined
mineral-based oils and certain synthetic oils.

e Using filter elements capable of removing limited amounts
of free water from hydraulic fluids. This is not, however, an
economic solution for systems subject to continuous contam-
ination by significant quantities of water.

Solvent Contamination

Solvent contamination is a special form of foreign fluid contamina-
tion in which the original contaminating substance is a chlorinated
solvent. When the chlorinated solvents are allowed to combine with
minute amounts of water, they change chemically into hydrochloric
acids. These acids attack the internal metallic surfaces in the system
and produce severe rust-like corrosion.

Foreign-Fluids Contamination

Hydraulic systems can be contaminated by foreign fluids other than
water and chlorinated solvents. This type of contamination is gener-
ally a result of lubricating oil, engine fuel, or incorrect hydraulic fluid
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being introduced by mistake into the system during servicing. The
effects of such contamination depend on the contaminant, its amount
in the system, and how long it has been present.

2.2.12 Thermal Properties

The pour point of a fluid is the temperature 3°C above the temperature
at which the fluid ceases to flow. As a general rule, the minimum
temperature at which a fluid operates should be at least 10°C above
the pour point.

The flash point is the temperature at which a liquid gives off vapor
of sufficient quantity to ignite momentarily or flash when a flame is
applied. A high flash point is desirable for hydraulic liquids because
it provides good resistance to combustion and a low degree of evapo-
ration at normal temperatures. The required flash point varies from
150°C for the lightest oils to 265°C for the heaviest oils.

The fire point is the temperature at which a substance gives off
vapor of a sufficient quantity to ignite and continue to burn when
exposed to a spark or a flame. Like the flash point, a high fire point is
a basic requirement.

Specific heat capacity is the quantity of heat required to raise the
temperature of one unit of mass of a substance by one degree. It is
usually expressed in k] /kg per K or kcal/kg per °C. The specific heat
capacity at constant pressure (C,) is temperature-related, but it is in-
significantly affected by the pressure level. For mineral oils and syn-
thetic hydrocarbons, C, = 2060, ] /kg per K at 50°C temperature.

Thermal conductivity is the ability to transmit heat, normally
expressed in units of W/m per K. For mineral oils and synthetic
hydrocarbons, the thermal conductivity is about 0.12 W/m per K.

2.2.13 Acidity

An ideal hydraulic liquid should be free from acids that cause corrosion
of the metals in the system. Most liquids cannot be expected to remain
completely noncorrosive under severe operating conditions. The degree
of acidity of a liquid, when new, may be satisfactory, but after use, the
liquid may tend to become corrosive as it begins to deteriorate.

2.2.14 Toxicity

Toxicity is defined as the quality, state, or degree of being toxic or poi-
sonous. Some liquids contain chemicals that are a serious toxic haz-
ard. These toxic or poisonous chemicals may enter the body through
inhalation, by absorption through the skin, or through the eyes or the
mouth. The result is sickness and, in some cases, death. Manufacturers
of hydraulic liquids try to produce suitable liquids that contain no
toxic chemicals and, as a result, most hydraulic liquids are free of
harmful chemicals. Some fire-resistant liquids are toxic, and suitable
protection and care in handling them must be provided.
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2.2.15 Environmentally Acceptable Hydraulic Oils

Recent years have been marked by efforts to combat serious threats
posed by industrial pollution of our environment. Hydraulic fluids are
naturally included in these threats. They are utilized in large amounts by
excavating machines, bulldozers, mobile cranes, and other outdoor
equipment. An oil leak may result in considerable pollution of the sur-
roundings and ground water. Mineral oils are composed of relatively
stable hydrocarbon compounds, and are only very slowly broken down
by microorganisms in the environment. Thus, pollution by conventional
mineral hydraulic oils can disturb the ecological balance for long peri-
ods. This fact led to a growing interest in biodegradable products. Micro-
biological degradation is the process where by microorganisms, with the
help of oxygen, break down organic material and extract nourishment
from the decomposed products. The following are the basic specifica-
tions of commercially available and environmentally acceptable hydrau-
lic oil. It is a synthetic base oil designed to biodegrade to its natural
state when subjected to sunlight, water, and / or microbial activity.

ISO VG 32/46 Viscosity at 100°C, 7.3 cSt
Viscosity at 40°C 40.1 cSt Viscosity Index (VI) 149

Specific Gravity 0.965 Flash Point 256°C
Fire Point 282°C Pour Point -56°C

Biodegradability; percentage biodegradable within 21 days 80%

Classification of Hydraulic Fluids

2.3.1 Typically Used Hydraulic Fluids
The following are typically used hydraulic fluids:

e Noninhibited refined mineral oil

e Refined mineral oil with improved anti-rust and anti-
oxidation properties

e Refined mineral oil with improved anti-rust, anti-oxidation,
and anti-wear properties

e Refined mineral oil with improved anti-rust, anti-oxidation,
and viscosity-temperature properties

e Refined mineral oil with improved anti-rust, anti-oxidation,
anti-wear, and viscosity-temperature properties

o Synthetic fluids with no specific fire-resistant properties

e High water-based fluid (up to 20% combustible materials
+ min 80% water)

e Chemical solution in water (more than 80% water content)

e Water-in-oil, water droplets in a continuous oil phase (60% oil
+ 40% water)
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e Water/polymer—water glycol (35% water minimum, 80%
maximum)

e Pure chemical fluids; water-free
e Phosphate esters
¢ Chlorinated hydrocarbons

¢ Mixture of phosphate esters and chlorinated hydrocarbons

2.3.2 Mineral Oils

Mineral-based oils are the most widely used hydraulic fluids. They
are relatively inexpensive, widely available, and can be offered in
suitable viscosity grades. They are of good lubricity, noncorrosive,
and are compatible with most sealing materials with the exception of
butyl rubber.

Mineral oils are chemically stable for reasonable operating tem-
peratures. At higher temperatures, however, they suffer chemical
breakdown. Premium grade mineral oils contain a package of addi-
tives to combat the effects of wear, oxidation, and foam formation,
and to improve viscosity index and lubricity. There are, however,
certain disadvantages of mineral oils that cannot be remedied by in-
corporating additives. The two most important are the flammability
and the increase in viscosity at high pressures. Fire risk excludes the
use of mineral oils in hazardous areas such as injection and plastic
molding machines, coal mines, and near furnaces. The viscosity-
pressure characteristics limit their use to pressures below 1000 bar
(see Fig. 2.3).

2.3.3 Fire-Resistant Fluids

Oil-in-Water Emulsion

This hydraulic fluid consists of tiny droplets of oil dispersed in a con-
tinuous water phase. The dilution is normally between 2% and 5% oil
in water, and the characteristics of the fluid are more similar to water
than oil. It is extremely fire-resistant, is highly incompressible, and has
good cooling properties. Its main disadvantages are poor lubricity
and low viscosity.

Water-in-0il Emulsion

The water-in-oil emulsions are the most popular fire-resistant flu-
ids. They have a continuous oil phase in which tiny droplets of
water are dispersed. Their lubrication properties are very much
reduced. This is partially overcome by running pumps at reduced
speeds. Therefore, larger displacement pumps are necessary to
obtain the required flow rate. The usual dilution is 60% oil + 40%
water. For optimum life, the operating temperatures should not
exceed 25°C, but intermittent operation up to 50°C is permissible.
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At the higher temperature, water content is affected owing to evap-
oration, which decreases the emulsion’s fire-resistance properties.
When the system has been idle for long periods, there is a tendency
for the oil and water to separate. However, during running, the
pump will re-emulsify the fluid.

Water-Glycol Fluids

These fluids were developed primarily for use in aircraft because of
their very low flammability characteristics. However, their applica-
tion is limited since they cannot be used at high temperatures because
of their water content. Their lubricating ability is inferior to that of
mineral oils; they attack most paints; they are very stable with respect
to shear because of the low molecular weight of their constituents;
and their good anti-freeze properties make them particularly suitable
for low-temperature applications.

Synthetic Oils

Synthetic oils, such as phosphate esters, have remarkably good fire-
resistance properties. They are used in industries such as plastic
molding and die-casting, where unusually great fire risks occur. Their
lubricating ability is similar to that of mineral oil.

Elastomers used in conjunction with phosphate esters must be
chosen carefully. Some silicone polymers and butyl rubber are suit-
able. Certain metals, particularly aluminum, and most paints are
susceptible to attack.

Synthetic oils are superior when compared with mineral-oil-
based fluids in one or more of the following respects:

e Thermal stability

¢ Oxidation stability

e Viscosity-temperature properties (VI)
¢ Low temperature fluidity

e Operational temperature limits

e Tire resistance
However, mineral oil-based fluids may be advantageous regarding:

¢ Hydrolytic stability

e Corrosion protection

e Toxicity

¢ Compatibility with elastomers and construction materials
e The solubility of additives

o Frictional characteristics

e Cost and availability
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2.4 Additives

The largest class of hydraulic fluids consists of refined hydrocarbon
base oils (petroleum oils) and suitable additives to improve the base
properties. The main types of additives used in hydraulic fluids are
the following.

Oxidation inhibitors improve the ability of liquid to withstand
chemical reaction with oxygen/air and avoid subsequent
degradation. They are of prime importance when operating
at elevated temperatures.

Corrosion inhibitors form molecular layers that are bound to
the surface by electrostatic forces and form an effective barrier
against penetration by oxygen and water, which is necessary
for rust-forming electrochemical reactions.

Antifoaming agents, which form small heterogeneous areas
within the bubble walls of surface foam. Due to their low
surface tension, these small areas are weak spots and result in
bubble bursting.

Anti-wear additives of high thermal stability.
Viscosity index improvers
Pour point depressants

Friction modifiers are necessary under certain conditions to
ensure smooth operation, free from juddering (stick/slip).

Detergents are substances providing a cleaning action with
respect to the surface deposits.

2.5 Requirements Imposed on the Hydraulic Liquid

The following are the main requirements imposed on hydraulic

liquids:

Satisfactory flow properties throughout the entire range of
operating temperatures.

A high viscosity index that ensures moderate viscosity
variation in relation to the temperature fluctuations.

Good lubricating properties are a prerequisite to reduce the
wear and increase the service life of the system.

Low vapor pressure to avoid cavitation.

Compatibility with system materials since the fluid should
not react chemically with any of the used materials or
deteriorate their physical properties.

Chemical stability is necessary to increase the service life of
liquid and avoid performance deterioration.
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VG32 VG68

Density (at 15°C), kg/m?3 869 878
Pour point, °C —-45 -36
Flash point, °C 212 252
Minimum startup temperature, °C -32 -21
Estimated operating range, °C -14 to 67 0 to 87

at 40°C 32.2 67.9
Kinematic viscosity, cSt

at 100°C 6.4 10
Viscosity index 156 132

TaBLe 2.1 Specification of Typical All-Season Mineral-Based Hydraulic Oils

Corrosion protection by adding effective corrosion inhibitors.
Rapid de-aeration and air separation.

Good thermal conductivity is required to rapidly dissipate
the heat generated due to friction between elements and due
to hydraulic losses.

Fire resistance is essential in some applications.

Electrically insulating properties can be significant in a
number of modern designs.

Environmental acceptability.

Table 2.1 gives the specifications of two typical mineral-based
hydraulic liquids.

2.6 Exercises

1. Derive an expression for the pressure and power losses in a hydraulic
transmission line of constant diameter in the case of laminar flow.

2. Derive an expression for the hydraulic resistance, R, of a hydraulic
transmission line and find the resultant resistance of two lines connected in
series or in parallel.

3. Derive an expression for the hydraulic inertia of a transmission line.

4. Derive an expression for the hydraulic inertia of two hydraulic transmission
lines connected in series or in parallel.
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5. Define the bulk modulus of oil and derive the equivalent bulk modulus
of an oil-air mixture.

6. Derive the expressions for the resultant hydraulic capacitance of two
hydraulic lines connected in series or in parallel.

7. Derive an expression for the pressure increment in a volume of liquid
trapped in a rigid container when subjected to a temperature increase AT.

8. Discuss briefly the effect of the saturated vapor pressure on the function
of hydraulic systems.

9. Calculate the percentage of variation in volume of liquid of bulk modulus
B =14 GPa if its pressure is increased by 10 MPa.

10. Ahydraulic pipe line has a diameter D, length L, wall thickness , material
bulk modulus E, and oil bulk modulus B. Prove that the hydraulic capacitance
of the line is given by:

nD2L . . .
(@ C= 5 neglecting the pipe wall deformation

2

(b) C= nlz L (% + E_DhJ' considering the radial deformation of pipe material
2

(© C= ni L [% + %}, considering both of the axial and radial deformations

11. Calculate the difference between the input and output flow rates of a line
if the rate of variation of pressure dP/dt =13.4 MPa/s, given

D =10 mm, L =3 m, B=1.3, wall thickness 1 =1 mm GPa,
Modulus of elasticity of wall material E =210 GPa
12. (a) Derive an expression for, and calculate, the viscous friction

coefficient for the given spool valve given: L, = L, =10 mm, D = 8 mm, ¢ =
2 um, p = 0.02 Ns/m?.

(b) If the spool performs a rotary motion, derive an expression for the viscous
friction coefficient and calculate its value.

L4 L2

Q
=

y

13. Calculate the radial clearance leakage, Q,, and the resistance to leakage,
R,, in the given spool valve if

D=12mm, c=7 pum, L =20 mm
u=0.018 Ns/m?, P,=21MPa, P.=0

a



32

Chapter Two

Recalculate for different values of clearance, up to ¢ = 100 pm, and plot the
relation Q, (c).

L

Pr ‘C Pe
()
<

h

14. (a) Derive the transfer function relating the spool displacement to the
applied pressure difference, X(s)/AP(s), where AP = P, - P,.

(b) Calculate and plot the transient response if AP is a step of magnitude
4 bars, given

Spool mass m = 0.07 kg Spool diameter D = 8 mm

Spring stiffness k=20 kN/m  Radial clearance ¢ =4 pm

Spool land length L=10mm  Oil density p = 860 kg/m?

Oil dynamic viscosity p = 0.02 Ns/m?

15. Calculate the pressure upstream of the throttle valve, A, assume laminar
flow in the lines, and then check this assumption, given

Pump flow Q =14 L/min Oil density p = 866 kg/m3

Dynamic viscosity Throttling valve Area A =3 mm?
1=0.0185 Ns/m? Dimensions of lines D, = 14 mm,

Discharge coefficient D,=8mm, D, =10 mm
C,=0.611 L,=13m,L,=2m,L,=15m
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16. Calculate the pressure at the inlet of a pump of 60 L/min discharge if the
hydraulic tank is open and the suction line has a 1 m length and a 15 mm diameter,
given: oil kinematic viscosity v =0.2 cm?/s and oil density p =900 kg/m?>.

©

L

17. Calculate the pressure losses in the given pipe line if

Flow rate Q = 10 L/min, oil density p = 850 kg/m3, L,=L,=4m,D, =13 mm,
D, =8 mm, fluid kinematic viscosity v = 20 cSt.

L1 Lo

[ERaSEENGS SIS ¢Dg—mm— USROS -1-

18. Calculate the shift of the piston in the given system if the force F is
increased by 100 kN if

Piston area A, =.0176 m? Pipe wall thickness 1 =1 mm
Pipe line diameter PipelengthL=5m
d=13mm Cylinder wall thickness t = 6 mm
Fluid bulk modulus Material bulk modulus
B=14GPa E=210GPa

Initial piston
displacement x = 0.5 m

Xo

Nomenclature

A = Line cross-sectional area, m?
a = constant, m/s

Piston area, m?

A = Piston rod-side area, m?

BS
I
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Appendix 2A

Bulk modulus of oil, Pa

Equivalent bulk modulus of mixture, Pa

Radial clearance, m

Hydraulic capacitance, m°/N

Orifice diameter, inner pipe diameter, spool diameter, m
Force, N

Friction coefficient, Ns/m

Pressure force acting on the fluid element, N

Shear force acting on the fluid element, N

Spring stiffness, N/m

Pipe length, length of spool land, length of leakage
path, m

Mass of the moving parts, kg

Polytropic exponent

Pressure, Pa

Leakage flow rate, m3/s

Radial distance from the midpoint of the clearance, m
Reynolds number

Resistance to leakage, Ns/m°

Fluid velocity, m/s

Mean fluid velocity m/s

Initial oil volume, m?

Volume of o0il in chamber A, m?

Volume of oil in chamber B, m3

Total volume of oil-gas mixture, m?

Spool displacement, m

Displacement perpendicular to the velocity vector, m
Piston displacement, m

Ratio of gases volume to mixture volume, at atmospheric
pressure

Coefficient of volumetric thermal expansion, K
Pressure difference across the radial clearance, Pa
Temperature variation, °C

Variation of oil volume due to oil compressibility, m?
Variation of oil volume due to thermal expansion, m®
Friction coefficient

Coefficient of dynamic viscosity, Ns/m?

Oil density, kg/m?

Shear stress, N/m?

Kinematic viscosity, m?/s

Transfer Functions

The transfer function of a linear system is defined as the Laplace
transform of a system output divided by that of its input when the
initial conditions are zero. Conventionally, the symbol G(s) is used for
the transfer function. For evaluating the transfer function of a linear
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system, the differential equation (DE), can be transformed into Laplace
domain, just by replacing the term (d/dt) by (s). The resulting transfer
function takes the form

G(s) = % where P(s) and Q(s) are polynomialsins.  (2A.1)

For the system to be physically realizable, the order of P(s) should
not exceed that of Q(s).

Consider the linear system of input x(¢) and output y(t), described
by the following differential equation of zero initial conditions:

d*y ddy d*y dy d’x . dx A D
By A, Y = 172dt2+b1 by (2A2)

The application of Laplace transform to Eq. (2A.2) yields:
(u4s4 +a,5° +a,8* + a5+ ao) Y(s)= (b252 +bs+ bO)X(s) (2A.3)

Y(s) b,s* +b,s+b,

then, G
(5)= X(s) ast+asd+a,st+as+a,

(2A.4)

The transfer function can be deduced as follows:

o Write down the equations governing the system behavior.

o If there are any nonlinear relations, a linearization procedure
or simplifying assumptions should be considered to obtain
linearized equations.

¢ By substitution, eliminate the variables that are not of direct
interest, leaving the relation between the input and output
variables.

o If there are any variables of nonzero initial conditions, x(t = 0)
=x,and x_ # 0, substitute it by a new variable, x, = x(t) — x_.
The new variable x, is of zero initial value.

e Apply Laplace transform and find the required transfer
function.

Appendix 2B Laminar Flow in Pipes

In the laminar flow, the paths of individual particles of fluid do not
cross. So, the flow in a pipe may be considered as a series of concentric
cylinders sliding over each other. Consider a cylinder of fluid of
length dx and radius r, flowing steadily in the center of a pipe.
Consider the cylindrical fluid element illustrated by Fig. 2B.1,
moving in a pipe as shown in Fig. 2B.2. In the steady state, the fluid
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Ficure 2B.1 Cylindrical fluid element flowing at the pipe center.

Ficure 2B.2 L
Laminar flow
in pipe line.
P Coo QY g ot B 1 (I
y r =3
I R Jy=R-r P,

speed is constant; it does not change with time. The forces acting on
the fluid element are in equilibrium, thus the shearing forces on the
cylinder are equal to the pressure forces.

2nrdxt=dpA=dpnr? (2B.1)
or =1 ar (2B.2)
2 dx

where dp/dx = the pressure gradient. It is a function of x only [# f(r)].

This equation shows that the shear stress is linearly proportional
to the distance . For Newtonian fluids, the velocity distribution could
be calculated as follows:

t=udu/dy (2B.3)
y=R-r thendu/dy=-du/dr and 1t=-pdu/dr (2B.4)

_Ld_p_ du

1= o _“E (2B.5)

or du _ v dp (2B.6)

dr 2 dx
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By integrating Eq. (2B.6), the following expression for the value of
the velocity at a point at distance r from the center is obtained;

u=—id—pjrdr=—4ﬁ%r2+C (2B.7)

At the pipe wall, =R, u = 0. The following expression for the
integration constant C is obtained by substitution in Eq. (2B.7):
2
_R*dp (2B.8)
4u dx
The expression for velocity at a point r from the pipe becomes:

R?—r? dp (2B.9)
4 dx

The maximum velocity is at the pipe axis, r = 0;

R*dp _D* dp

2B.10
Mmax = 4 dx T Tep dx (28.10)

Then, the velocity distribution is a parabolic profile of the form
y=ax?+ b (see Fig. 2B.2). The flow rate in the pipe is calculated as
follows:

_ _n(R*-r?)dp
dQ =umnrdr) = o 1x rdr (2B.11)

For a pipe of length L, the pressure gradient can be written as

dp _Ap (2B.12)
dx L
_TAp e mAp(R* R*
Then =2 Jo j ) rdr = ol ( 1 (2B.13)
nR* nD4
or ap=128L 5 R (2B.15)
nD*

The term R expresses the resistance of the hydraulic transmission
line.

Equation (2B.15) is the Hagen-Poiseuille equation for laminar flow
in a pipe. It shows that the pressure loss is directly proportional to

o
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the flow rate when the flow is laminar, (Re < 2300). It has been vali-
dated many times by experiments.

. 4 T
The mean velocity v = —1 Q, or Q= ZDZ v (2B.16)
32uL 64 L po?

AP = = —— 2B.17
p? '~ puD/uD 2 (2B.17)

L pov?
Then, = A= 2B.18
en AP D 2 ( )

where, A = E—4 = friction coefficient
e
Re = Reynolds number; Re = % = %

The mean fluid velocity, v, in laminar flow is given by

Q Ap
_ _ A 1 ~0.5 2B.19
U= D4 " 3ouLl T tme OF ©=05Un, (2B19)

Thus, in the case of laminar flow in pipe

o The shear stress is linearly proportional to the radius r.
¢ The velocity distribution is parabolic.

e The velocity is maximum at the pipe axis and zero in the
vicinity of the pipe wall.

o The average, mean, velocity is half of the maximum value.

where A = Area, m?

D = Pipe inner diameter, m

dx = Length of the fluid element, m
P =Pressure, Pa
r = Radius of the cylindrical fluid element, m
R =Pipe radius, m

R =Hydraulic resistance, Pa s/ m°
u = Oil velocity, m/s

v =Mean oil velocity, m/s
T = Shear stress, N/m?

u = Dynamic viscosity, Pa s
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CHAPTER 3

Hydraulic
Transmission Lines

Introduction

Hydraulic power systems use hydraulic liquids to transmit hydrau-
lic power. The elements of the system are interconnected by hydrau-
lic transmission lines, through which the hydraulic liquid flows.
These lines are either rigid tubing or flexible hoses. The rigid
tubing lines connect fixed nonvibrating elements, and the flexible
hose lines connect moving parts. In addition, the coaxial joints are
employed to transfer liquid between the elements rotating relative to
each other.

Regardless of their simple design, the hydraulic conduits have
an important effect on the steady state and transient behavior of the
system.

Transmission lines affect system performance in the following
ways:

¢ Hydraulic friction losses; hydraulic resistance of lines

e Hydraulic local, or secondary, pressure losses

¢ Oil compressibility and elasticity of pipe material; hydraulic
capacitance of lines

¢ Qil inertia; the hydraulic inertia of lines
This chapter deals with the construction of tubes and hoses and

their fittings, as well as the static and dynamic performance of trans-
mission lines.

Hydraulic Tubing

The following are the basic factors involved in the selection of the
proper tubing;:

39
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* Material of tubing

¢ Fittings

¢ Tubing size

* Tubing length

¢ Conveyed fluid compatibility
¢ Temperature

¢ Tubing pressure rating

¢ Installation design

High-pressure hydraulic tubes are mostly produced from carbon
steel. Manufacturers make a wide range of tube dimensions and wall
thicknesses to work with a wide range of flow rates and pressures.
Table 3.1 gives typical parameters of commonly used tubes.

The proper tube diameter is determined according to the maxi-
mum flow rate and selected fluid speed.

4Qmax
d= o (3.1)

where  d =Tube inner diameter, m
Q,...= Maximum flow rate, m*/s
v = Fluid mean velocity, m/s

The recommended mean fluid velocity in rigid pipes is usually
within 2 to 6 m/s for the pressure line and 0.6 to 1.6 m/s for the suc-
tion, return, and low pressure lines. The inner diameter of a tube can
also be calculated by using the nomogram given in Fig. 3.1, while the
pipe wall thickness is determined according to the operating pres-
sure, shown in Table 3.1.

The selection of the proper tube fittings and connectors is essential
for the correct operation as well as the safe use of tubing and related
equipment. Improper selection of the fittings can result in tube leak-
age, bursting, and other failures. Figures 3.2 and 3.3 give typical tube
end fittings and connectors.

The proper installation of the tubing is essential to the correct opera-
tion and safe use of the tubing. The following comments should be con-
sidered for the mounting of hydraulic tubes, as illustrated by Fig. 3.4:

¢ Tubing should be bent wherever possible to reduce the number
of fittings, and should be bent using proper tube bending
equipment (as shown in images 1, 2, and 3 of Fig. 3.4).

e The symmetrical design of piping systems makes them easier
to install and present a neat appearance (as shown in image 1).
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Tube Size | Wall Thickness | Working Burst Pressure | Tube Size | Wall Thickness | Working Burst Pressure
¢ D (mm) | (mm) Pressure (bar) | (bar) ¢ D (mm) (mm) Pressure (bar) (bar)
1,0 300 1500 22 2,5 260 890
6 1,0 250 1300 25 2,0 150 600
6 1,5 480 1500 25 2,5 200 780
6 2,0 730 2600 25 3,0 240 940
8 1,0 180 980 25 4,0 340 1200
8 1,5 340 1500 28 2,0 130 570
8 2,0 510 2000 28 2,5 180 700
8 2,5 710 2400 28 3,0 210 840
10 1,0 150 780 30 2,0 120 520
10 1,5 270 1200 30 3,0 200 790
10 2,0 400 1500 30 4,0 280 1000
10 2,5 550 2000 35 2,0 100 450
12 1,5 220 980 35 3,0 170 670
12 2,0 320 1300 38 2,5 120 510
12 2,5 440 1600 38 3,0 170 620

TaBLe 3.1 Typical Parameters of Common High-Tensile Hydraulic Tubes
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Tube Size | Wall Thickness | Working Burst Pressure | Tube Size | Wall Thickness | Working Burst Pressure
¢ D (mm) | (mm) Pressure (bar) | (bar) o D (mm) (mm) Pressure (bar) | (bar)
14 1,5 190 840 38 4,0 220 820
14 2,0 270 1100 38 5,0 280 1000
15 1,5 170 790 38 6,0 350 1200
15 2,0 250 1000 42 2,0 84 370
16 1,5 170 730 42 3,0 140 560
16 2,0 230 980 42 4,0 190 740
16 2,5 310 1200 50 3,0 120 420
16 3,0 400 1500 60 3,0 100 340
18 1,5 140 650 75 3,0 76 310
18 2,0 210 870 90 3,5 75 300
20 2,0 180 780 115 4,0 67 270
20 3,0 310 1200 140 4,5 63 250
20 4,0 440 1600 165 5,0 60 230
22 1,5 120 530 220 6,0 54 210
22 2,0 170 710 273 6,0 44 180

TaBLe 3.1 Typical Parameters of Common High-Tensile Hydraulic Tubes (Continued)




Hydraulic Transmission Lines

Flow rate (L/min)
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Ficure 3.1 Nomogram for the calculation of a tube’s inner diameter.

¢ Avoid straight-line connections wherever possible (as shown
in images 1 and 2 of Fig. 3.4).

e Care should be taken to eliminate stress from tubing lines.
Long tubing should be supported by brackets or clips. All parts
installed on tubing lines such as heavy fittings, valves, and so
on, should be bolted down to eliminate tubing fatigue.

o Tubes should be formed to assemble with true alignment to the
center line of the fittings, without distortion or tension (as
shown in image 3).
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90° Elbow

Ferrule

Sleeve
Locknut

Fieure 3.2 Commonly used connectors and coupling elements.

3.3 Hoses

Hoses are used to interconnect elements that vibrate or move relative
to each other. They insure the required flexibility and can operate at
high pressures. The proper hose diameter is determined according to
the maximum flow rate and the selected fluid speed.

4Qmax
d= [ (3.2)

where d = Hose inner diameter, m
Q... = Maximum flow rate, m*/s
v = Fluid mean velocity, m/s



Hydraulic Transmission Lines 65

iy e N

Flare, female Flare, male Barbed connector

Parallel pipe, male Taper pipe, male

Buttweld connection

-

~

Tube end

Straight thread, O-ring O-ring straight thread

- ; Socket weld Push lock connection  Tube end with nut and
Q-ring NPT pipe, male connection ferrule

Ficure 3.3 Commonly used end fittings.

Right

i

Ficure 3.4 Proper and improper tube mounting.
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Flow rate (L/min)
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Fieure 3.5 Nomogram for the calculation of the hose diameter.

The recommended mean fluid velocity in flexible hoses is actu-
ally within 2.1 to 4.6 m/s for the pressure line and 0.6 to 1.2 m/s for
the suction, return, and low pressure lines.

The hose diameter can be also calculated by using the nomogram
shown in Fig. 3.5. Figure 3.6 gives some advice and hints about the
right and wrong hose mounting.

Table 3.2 shows the typical constructional and operational param-
eters of high-pressure hydraulic hoses. The hose is built from the fol-
lowing layers, which insure the required stiffness and reliability of
operation:

1. Inner synthetic rubber tube, resistant to oils and hydrocar-
bons. The operating temperature ranges from 40°C to 120°C
and the hose may have an internal dressing layer of Viton.

2. High-abrasion-resistant metallic screen layers.

3. Closely braided high tensile steel wire layers separated by
antifriction rubber layer.

4. Abrasion resistant synthetic rubber cover.

5. Textile layer.



1. Provide for length change.

In straight hose installations, allow
enough length in the hose line to provide
for changes in length that will occur when
pressure is applied.

2. Avoid twisting and orient properly.

Do not twist hose during installation. This
can be determined by the printed lay-

line on the hose. Pressure applied to a
twisted hose can cause hose failure.

3. Protect from hazardous environment.
Keep hose away from hot parts. High
ambient temperature will shorten hose
life. It should be routed away from the
heat source, and insulated.

4. Avoid mechanical stress.

Use elbows and adapters in the
installation to relieve stress on the
assembly.

WRONG
5. Use proper bend radius.
Keep the bend radius of the hose as [!ﬂ'..%l
large as possible to avoid collapsing of
the hose and restriction of flow. WRONG
Minimum bend radius is measured on
the inside bend of the hose as illustrated (= |

in the opposite figure.

Ficure 3.6 Comments on hose mounting.
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6. Secure for protection.

Install hose runs to avoid rubbing or
abrasion. Use hose clamps to support
long runs of hose or to keep hose away
from moving parts. It is important that
the clamps not allow the hose to move
in order to avoid abrasion and premature
hose failure.

7. Avoid improper hose movement.

Make sure the relative motion of the
machine components produces bending
rather than twisting of the hose. Hose
should be routed so the flex is in the
same plane as the equipment movement.

Ficure 3.6 (Continued)

RS S

(e

A 3 5 A

External Minimum

Inner Diameter Diameter | Pressure (bar) Radius
mm inch mm Operating Rupture mm
9.52 3/8 21.4 350 1400 125
12.7 1/2 24.6 280 1100 180
191 3/4 31.7 210 850 240
25.4 1 39.7 210 850 305

TaBLe 3.2 Typical Hose Construction, Dimensions, and Operating Pressure

3.4 Pressure and Power Losses in Hydraulic Conduits

3.4.1 Minor Losses

The minor losses in the hydraulic systems result from the rapid vari-
ation of magnitude or direction of the oil velocity. The local pressure
losses are calculated by the following formula.

AP = é% (3.3)



Hydraulic Transmission Lines

where v = Fluid velocity, m/s
AP = Pressure losses, Pa

& = Local loss coefficient

p = Fluid density, kg/m?

In laminar flow, the effects of local disturbances are usually insig-
nificant compared with the friction losses. In the case of turbulent
flow, the local loss coefficient is determined almost exclusively by the
geometry of the local feature. It changes very little with the Reynolds
number. The following are some of the local features existing in the
hydraulic systems:

¢ Channel expansion, gradual or abrupt
¢ Channel contraction, gradual or abrupt
e Channel bend, smooth or sharp (elbow)
e Branching junctions
e Control valves
Table 3.3 gives the values of the local loss coefficient for typical
local loss elements.
Figures 3.7 and 3.8 illustrate sudden expansion and sudden con-

traction elements, respectively. The local pressure losses due to sudden
expansion are calculated by the following equation:

2
po; A
AP=¢——, =|1-— .
et g [ 7 (3:4)
or
2
po3 A,
AP=¢—=, =|—- .
852 & [ 7 (35)
Local Feature &
Flexible pipe connection 0.3
Standard 90° elbow 1.2-1.3
Tee junction 3.5
Pipe inlet 0.5-1
Pipe outlet 1
Screen filter 1.5-2.5

TaBLe 3.3 Local Loss Coefficient of Typical
Local Loss Features
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..... | Vi—}—————m —— ===t Voa-
Pressure P4
Area A4
Pressure P2
Area Ao
Ficure 3.7 Sudden expansion.
Ficure 3.8
Sudden contraction. PDy g [ dD;

The local loss coefficient for sudden contraction is

2

D2 po
ﬁzO.S[l——zj and AP=(—2 (3.6)
D2 2

The values of the local loss coefficient § for a sudden contraction
element are given in Table 3.4.

3.4.2 Friction Losses

The pressure losses in the pipe lines depend mainly on the geometry,
surface roughness, fluid properties, and Reynolds number.

The three main types of flow are laminar, turbulent, and transi-
tion flow. Laminar flow is a streamlined flow of viscous fluid, where
all particles of the fluid move in distinct and separate lines. For New-
tonian fluids, the velocity distribution across the cross section of the
pipe is parabolic, with zero velocity in the vicinity of the pipe wall
and maximum velocity at the pipe center (see App. 2B). Figure 3.9
shows the development of laminar flow in a pipe. The transition
length, where the full laminar flow profile is not yet established,

D,/D, | 0.2 | 0.3 0.4 | 05 0.6 | 07 0.8
3 0.48 | 0.455 | 0.42 | 0.375 | 0.32 | 0.255 | 0.18

TaeLe 3.4 Local Loss Coefficient for Sudden Contraction
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Regular flow at
entrance from tank

Transition flow

Undeveloped flow _Developed flow
(@)

L

P2

(b)

Ficure 3.9 (a) Development of laminar flow in a pipe line and (b) pipe line
parameters.

is illustrated by this figure. The type of flow is determined by calcu-
lating the Reynolds number, Re.

Re=2D _poD 3.7)
voon

where D = Inner pipe diameter, m
v = Mean fluid velocity = 4Q/nD? m/s
W = Dynamic viscosity, Pa s
v = Kinematic viscosity, m?/s

The friction losses in the pipe line are calculated by the following
expression:

Lpo?

AP =
D 2

(3.8)

The friction coefficient depends mainly of the Reynolds number,
Re, as shown in Table 3.5.

The transition from the laminar flow to the turbulent one takes
place at a critical value of the Reynolds number. As a rough guide, it
is possible to say that flow will be turbulent for Re > 2300. The transi-
tion process is a consequence of the instability of laminar flow. The
uncertainty of the critical value is due to the fact that the processes,
near their stability limits, are easily destabilized even by minute dis-
turbance effects (such as noise of the pump).
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64 Hagen-
Laminar flow | A= Re Re <2300 Poisseuille’s
€ law, 1856
) o 0:3164 2300 <Re | Blasiu’s law,
Turbulent {1/% <10° 1915
flow, smooth
pipe - 10% < Re < | Herman's
A=0.0054+0.396(Re)°3
(Re) 0.2 x 108 law, 1930
Turbulent 1 e/D 251 \I;/?wrotlzerange Colebrook
urbulen . :
——=-2 log| Z*=+ and White,
flow, rough \/I [3_7 Reﬂ] of turbulent 1939
pipe flow
Use Moody’s diagram (see Fig. 3.10)

TaeLe 3.5 Determination of the Pipe Line Friction Coefficient

3.5

In the case of laminar flow, by substituting for v and Re in Eq. (3.8),
the following expression was obtained for the pressure losses, AP:

_128ul

AP
nD*

Q=RQ (3.9)

The term R expresses the resistance of the hydraulic transmission
line.

Modeling of Hydraulic Transmission Lines

The hydraulic transmission line is actually a distributed parameter sys-
tem. The motion of the liquid in the transient conditions takes place
under the action of the fluid inertia, friction, and compressibility, as
well as the driving pressure forces. The oil velocity, pressure, and tem-
perature vary from point to point along the pipe length and pipe radius.
The mathematical model of the line becomes too complicated when
taking into consideration all the variations of the oil and flow parame-
ters. Therefore, it is necessary to develop a simplified mathematical
model, which describes the dynamic behavior of the transmission line
with acceptable accuracy. A fairly precise model is the lumped parameter
model, which can be deduced given the following assumptions:

e The flow is laminar unidirectional.

e The liquid pressure and velocity are looked at as the mean
values, and are considered constant along the line cross section.

e The oil moves in the line as one lump (single-lump model) or
several lumps (multi-lump model).
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P Py P, P
Q Q Q Q
- R I o -

Ficure 3.11 Single-lump model.

o The effect of line resistance, inertia, and capacitance are separate
and each of them is localized in one of three separate portions in
the line, Fig. 3.11. The effect of the resistance of the whole line is
localized in the first portion, the effect of the inertia of the whole
line is localized in the second portion, while the effect of the line
capacitance takes place in the third portion.

In the first portion, the oil moves as one lump under the action of
the friction forces. Therefore, its motion is described by the following
equations relating the pressures, P, and flow rates, Q, at both ends of
the first portion:

F,—P =RQ, (3.10)
Q,=Q (3.11)

Applying the Laplace transform to these equations, then, after
rearrangement, the following equation is obtained:

P(s)| [1 R||P(s)| o |P(s)
L&J@)ka}Rk&J 1
where R = Whole line resistance =128uL/nD*, Ns/m?®

R = Resistance matrix

The following relations describe the motion of the oil lump in the
second portion under the action of its inertia, I:

d
P-P =1 ftz (3.13)

Q,=Q, (3.14)

Applying Laplace transform to these equations, then, after rear-
rangement, the following equation is obtained:

P(s)| [1 | B(s)| .| PB(s)
{Q®}k'ﬂQ@}leJ 1
where I=Whole line Inertia= 4pL/nD? kg/m*
I = Inertia matrix
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Considering the effect of oil compressibility in the last portion,
the following relations can be deduced:

dP,
Q,-Q, = Cd—tL (3.16)
b=k (3.17)

Applying Laplace transform to these equations, then, after rear-
rangement, the following equation is obtained:

P(s)y| [1 0] B(s)|_ [P
AR R TR

where C = Whole line capacitance = tD?L/4B, m*®/Pa
C = Capacitance matrix

The transfer matrix relating the line parameters P, Q , P,,and Q; canbe
deduced by eliminating the assumed internal variables, P,, P,, Q,, and Q,.

PO o [PBO] o [BO] o [BO)
ng‘RL%@}‘m{@@}‘mcLa@}

~

or

P(s)]|_[ICs? +RCs+1 Is+R]| P,(s)
Q|| Cs 1 ]Qe (3.19)
This equation defines the relation between the pressures and flow
rates at both of the line extremities in the transient conditions, assum-
ing a single oil lump.

Example 3.1 Find the transfer function relating the pressures and flow rates
at the two extremities of a closed end line.

Po I:’L
Qo QL= 0

—

For a closed end line, Q; =0.
P =(ICs*+RCs+1)P,
Q,=CsP,
or

iZ; and i
P ICs*+RCs+1 Q, GCs

o

[£]
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Example 3.2 Find the transfer function relating the pressures and flow rates
at the two extremities of an open end line; the line end is open to atmosphere.

Po P.=0
Qo Q
—_—

In the case of an open end line, P, =0
Q,=Q, and P =(Is+R)Q,

or

3.6 Exercises

1. Explain the different types of losses in the hydraulic transmission lines.

2. Explain in detail how to calculate the power losses due to friction in the
hydraulic transmission lines.

3. Discuss in detail the modeling of hydraulic transmission lines assuming
lumped parameters. State clearly your assumptions and derive the transfer
matrix relating the inlet and outlet pressures and flow rates.

4., Equation (3.19) describes the relation between pressures and flow rates
in a hydraulic pipe line, assuming lumped parameters. Give the expressions
forI, R, and C.

5. (a) Derive the transfer function of an open end line, Q; /P, (s), and find
the expressions for its parameters.

(b) Ahydraulic line whose end is open to the atmosphere has the following
parameters:

Pipe length L = 3.5 m, pipe diameter D = 8 mm, oil density p = 850 kg/m?,
oil viscosity p = 0.018 Ns/m?, and oil bulk modulus B = 1.3 GPa.

Calculate the coefficients of the transfer function and plot in scale its
response to a step input pressure of 0.5 bar.
6. (a) Derive the transfer function of a closed end line, PL/ P (s), and find
the expressions for its parameters.

(b) A hydraulic line with a closed end has the following parameters.
L=3m,D=10mm, p=867 kg/m? n=0.13 Ns/m? and B=1 GPa.

Calculate the coefficients of the transfer function and plot in scale its
response to a step input pressure of 100 bar magnitude.
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3.7 Nomenclature

C = Whole line capacitance, m®/Pa
C = Capacitance matrix

d, D = Tube inner diameter, m
I = Whole line inertia, kg/m?*
I = Inertia matrix

Q,...= Maximum flow rate, m3/s
R = Whole line resistance, Ns/m?®
R = Resistance matrix
v = Mean fluid velocity, m/s

AP = Pressure losses, Pa

1 = Dynamic viscosity, Ns/m?
& = Local loss coefficient
p = Fluid density, kg/m3
v = Kinematic viscosity, m?/s

Appendix 3A The Laplace Transform

When a differential equation expressed in terms of time, ¢, is operated
on by a Laplace integral, a new equation results, which is expressed
in terms of a complex term (s). The Laplace transform translates the
time-dependent function from the time domain to the frequency (or
Laplace) domain. The transformed equation is in pure algebraic form
and may be manipulated algebraically.

The Direct Laplace Transform
The direct Laplace transform is given by the following expression:

X(s)= L [x(t)] = Tx(t)wfdt (BA.1)
0

The Inverse Laplace Transform

The inverse Laplace transform is an integral operator that enables a
transform from the Laplace domain to the time domain.

6, +iR

= — st
xH= 2mi Roe -[cl—iR X(s)e"ds (BA.2)

Actually, all functions in the time domain have a direct Laplace
transform, but some of the functions in the Laplace domain have no
inverse Laplace transform.

Properties of the Laplace Transform

The following are the basic properties of the Laplace transform:
L L [A(B)£ ,(D]= F(s) £ Ey(s) (3A.3)
2. L [af(t)] = aF(s) (BA4)
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3. L[e®f(t)]=F(s+a)

4. Initial value problem f(0*)= Lirgz f(t)=Lim sF(s)
t— 5—yo0

5. Final value problem f(eo) = Ltim fit)= Liig sF(s)

6.

7. L Uf(t)dt]=%[

L

L

[d d
_ d];gt:|_snF(s nlf 0+ nZd_];(0+)
P oy
dt2 ( ) dtn—l (0 )

df(t}—sF s)— f(0%)

(@£ (1)

e }—sZF (=50 £(0")

]

Laplace Transform Tables

The pairs of Laplace transforms are given in math textbook tables. The
following are the pairs of Laplace transforms of some key functions:

F(s) f(t)

1 o(t)

u K

s

o
_k ke
s+a

(s -:( a)? kte™
(s/jr (g)ln)+1 Kt e-at
32k+0<)1)2 k sinot
szﬁ—sof k cosmt

(3A.5)
(3A.6)

(BA.7)

(3A.8)

(3A.9)

(3A.10)

(3A.11)
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Appendix 3B Modeling and Simulation of Hydraulic

Transmission Lines

This appendix deals with the development of lumped parameter
models and the simulation of a hydraulic transmission line. The model
takes into consideration the effects of the viscous friction, fluid inertia,
fluid compressibility, and elasticity of line material. The developed
models are one dimensional. The fluid speed and pressure are thought
of as averaged quantities over the cross section of the line. The sim-
plicity of the models results from the assumption of separate effects
of the previously mentioned parameters. The validity of the models
is evaluated by comparing the step response, calculated by the simu-
lation program, with experimental results.

The lumped parameter model was deduced considering the assump-
tions given in Sec. 3.5. The effect of line resistance, inertia, and capacitance
are assumed to be localized in one of three separate portions in the line, as
shown by Fig. 3B.1. The effect of the resistance of the whole line is localized
in the first portion, the effect of the inertia of the whole line is localized in
the second portion, while the effect of the line capacitance takes place in
the third portion.

The Single-Lump Model

The following are the equations describing the single-lump model;

P - P =RQ, (3B.1)
dQ,

P-P =1—¢ (3B.2)
dp

Q -Q, =C d—tL (3B.3)

Referring to Eq. (3.19), the following is the transfer matrix of the
single-lump model, deduced in Section 3.5:

P(s) | _ P(s)| [ICs2+RCs+1 Is+R][ P.(s)
{Qg(s)}‘mc {QL@H Cs ! }[Qﬁ(s)} (3B4)

The line resistance R, inertia I, and capacitance C are given by
Egs. (2.9), (2.47), and (2.80), respectively.

Po P4 P P
Qo Qo QO QL
— R | C —

Ficure 3B.1 The single-lump model.

19
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The Two-Lump Model

Assuming more than one lump, the hydraulic resistance, inertia, and
capacitance of each lump in an n-lump model are given by the fol-
lowing expressions:

128 (L/n)

Lump resistance R = (3B.5)
n T D4
Lump inertia I = 4pL/n) (3B.6)
n T DZ
. nD*(L/n)(1 5D
Lump capacitance C, = 4 B (3B.7)

The following are the equations describing the two-lump model:

P -P,=RQ, (3B.8)
dQ,
= 3B.9
Py=Py=l—* (3B.9)
dP,
Q,-Q, =G, dtL (3B.10)
P =Py =RQy (3B.11)
P, -P =1, a9, (3B.12)
dat
ap,
Q,-Q, =G, —r (3B.13)
The transfer matrix of the two-lump model can be deduced as
follows:
2
P (s)|_ [R,LC,P P (s) | _ I,C,s* +R,C,s+1 Lis+R, [ | P.(s)
Q,(s) yem2 Q (s) Cys 1 Q.(s)
_|n | PL() (3B.14)
Gy Ay || QL(5)
P, P11 P P P21 PL P
Q, Q, Qo Qu Qu Qu Qu
— R» P C, R I o7 —

Ficure 3B.2 The two-lump model.
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and

1 R 1 Ls 10
R = 2|, L= 2 d C = 3B.15
2 {0 1} 2 {0 1} and {Czs 1} (3B.15)

a,, =1,°C,s* +2I,R,C,%s* + (R,*C,? + 31,C,)s* + 3R,C,s + 1 (3B.16)

a,, = I,2C,s* +31,R,C,s* +(R,?C, +2I,)s + 2R, (3B.17)
a,, =1,C,%s* + R,C,?s* +2C,s (3B.18)
a,, =1,C,s* +R,C,5+1 (3B.19)

The Three-Lump Model

The mathematical relations describing the dynamic behavior of the three-
lump model can be deduced systematically as those describing the two-
lump model. For the three-lump model, the transfer matrix is as follows:

E ((s)):| _R,LCF {PL(S)} _ {ISC?,SZ +R,Cys+1 s+ R3T {PL(S)}
) S

1 (s) C,s 1 (5)
_|bi by || B(s)
_|:b21 sz{QL(S)} (3B.20)
|1 R |1 Is 1 o
and R,= {0 13} , L —[0 i } and C,= {QS 1} (3B.21)

by, = 1,°C,3s + 31,2R,C,3s° + (3L,R,2C,% + 51,2C,2)s*
+(101,R,C,2 + R2C3)s® + (61,C, + 5R,2C,?)s?

+6R,Cys+1 (3B.22)

The Four-Lump Model

The transfer matrix of the four-lump model can be deduced as follows:

P(s)] P(s)] [1,c,82 +R,C,s+1 Is+R,[[P(s)
[Qo(5:|_[R4I4C4]4|:QLL(S):|_{4 4 C4s4 4 4 j 4:| |:QLL(5):|

- {Cn CIZ}{P L(S)} (3B.23)

G O L (s)
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and

1 R 1 Is 1 0
R = 4, I= 4 d C = 3B.24
. {0 1} 4 {o 1} me {qs 1} (38:24)

¢y = 1,*C, 3% + 41 3R,C, 47 +(61,2R 2C,* +71,3C,?)s?
+(211,2R,C,2 +41,R 3C,4)s5
+(151,2C2 + 211,R 2C,2 + R *C,*)s*
+(7R,3C,.% +301,R,C,2)s® + (15R 2C,2 +101,C,)s
+10R,C,5+1 (3B.25)

Higher-Order Models

Higher-order models of transmission lines can be deduced by assuming
a greater number of fluid lumps. The mathematical models describing
these models can be deduced systematically, as shown earlier.

The dynamic behavior of hydraulic transmission lines can be studied
by calculating the transient response or the frequency response. These cal-
culations can be carried out by using the detailed mathematical models or
by using the transfer functions, deduced from the transfer matrix.

Case Study
The lumped parameter model is used to calculate the transient response
of a hydraulic transmission line. The studied line had the following
parameters:

Pipe length L=18m
Pipe diameter D=0.01m
Dynamic viscosity of oil ~ p =0.1215 Ns/m?
Oil density p =868 kg/m>
Bulk modulus of oil B,=1.96 x 10° N/m?
N 128uL . ,
Line resistance R:T:8.912x10 Pas/m
S _pL_4pL
Line inertia I= o 1.9893 x 108 kg/m*
vV  mD?L(1 5D
L. .t == —_— —_—
ine capacitance C B, ) [B + 4Eh)

=7.213x103m°/N

The line is connected to a constant pressure source and return line
by the directional control valves (DCV) (a) and (b), respectively (see
Fig. 3B.3). The experiment was conducted using the following sequence:
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P(0.t)

Constant E’V/(O’t) p(LQE N
Pressure b
| | L1 7~
Source @ ) |J_1

Ficure 3B.3 Scheme of the line connection.

e The DCV (a) is switched to the closed position.

e The DCV (b) is switched to the opened position, and then to
the closed position. The pressure in the tested line is thus
equal to the tank pressure.

e The DCV (a) is rapidly switched to the open position to
communicate the constant pressure source (447 bar) with the
line inlet. The pressure at the line end P(L) is then recorded.

The transient variation of the end pressure p(L,t), was calculated. The
calculations were carried out using different lumped parameter mod-
els: one-, two-, three-, and four-lump models. The simulation results,
calculated using the SIMULINK program, are plotted in Fig. 3B.4. This

80 r r T T v i
Single-Lump Model
70t —_— — — — — Experimental -
-~
. v 1 Theoretical
g 60 i
=S { \ -
© s0f | ! ,x/ \ ;
2 \ / ..
8 40 \ V\ 7
a [ X S’
z X
['H]
9 30t Mo _of
£ i
-
20}
10f IAD =29.33 %
0 J, L i i i i i
0 20 40 60 80 100 120

Time (ms)

(@)

Ficure 3B.4 (a) Step response of the closed-end hydraulic transmission line,
described by a single-lump model, to a step input pressure of 44.7 MPa.

(b) Step response of the closed-end hydraulic transmission line, described by
a two-lump model, to a step input pressure of 44.7 MPa. (c) Step response
of the closed-end hydraulic transmission line, described by a three-lump
model, to a step input pressure of 44.7 MPa. (d) Step response of the
closed-end hydraulic transmission line, described by a four-lump model, to a
step input pressure of 44.7 MPa. (e) Simulation results of the step response
of the closed-end hydraulic transmission line, described by a four-lump
model, to a step input pressure of 44.7 MPa.
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Ficure 3B.4 (Continued)

figure also presents the results of the step response measurements pub-
lished by Lallement J, 1976.

The precision of model is evaluated by how close is its response
to the experimental results. Therefore, the deviation of the theo-
retical end experimental results is evaluated by calculating
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the percentage of the integral of absolute difference (IAD),

defined as

x100% (3B.26)
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where IAD = Integral of absolute difference, %

Py, = Experimentally evaluated pressure at the closed end, Pa

P, =Steady-state pressure at the closed end, Pa
P, , =Theoretically evaluated pressure at the closed end, Pa
T = Time duration of the response, s

The study of Fig. 3B.4 shows that the three-lump and four-lump
models agree satisfactorily with the experimental results. The calcu-
lated integral absolute difference decreased rapidly with the increase
in the number of lumps.

The frequency response of a closed-end line was calculated assum-
ing a four-lump model for a line having the following parameters: L=18 m,
p =868 kg/m3, B=1.6 GPa, p=0.059 Ns/m?, and ¢D =10 mm. The cal-
culations were based on the deduced transfer function

T[T
1]

3B.27
c, (3B.27)

The denominator polynomial C,; is given by Eq. (3B.25). The results
of the frequency response calculations (magnitude only) are plotted in
Fig. 3B.5. The same figure carries the experimental results, published by
Lallement J, 1976. The study of these results shows that the four-lump

e o o o Experimental
Simulation

Pressure Ratio (PL/Py)

0 100 200 300 400 500 _ 600
Input Frequency w(rad/s)

Ficure 3B.5 Experimental and simulation results of the frequency response
of a closed-end hydraulic transmission line.
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model describes with good precision the first dominant mode of the
line resonance from the point of view of the resonance frequency and
magnitude.

When dealing with fluid power systems, there is an increased
need for the simplest line model to reach a reasonably acceptable
simulation program of the whole system. The distributed parameter
models are more precise. However, these models, in general, might
complicate the total system model in an unacceptable way.

It is a common practice to simplify the hydraulic power system
model in one of the following ways:

e The transmission lines behavior is assumed negligible,
whenever possible.

¢ Theline inertia is sometimes added to that of the neighboring
moving parts.

e The line capacitance (the effect of 0il compressibility and wall
deformation) is added to that of the attached actuator or
neighboring valve cavity.

Therefore, the development of system models, incorporating a
lumped parameter description of transmission lines, carries the physical
structure of the line, without complicating the mathematical description
and the simulation programs.
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CHAPTER 4
Hydraulic Pumps

Introduction

Hydraulic pumps are machines that act to increase the energy of the
liquid flowing through them. The three main classes of pumps are
displacement, rotodynamic, and special effect pumps. The displace-
ment pumps act to displace the liquid by contracting their oil-filled
chambers. In this way, the fluid pressure increases and the fluid is
displaced out of the pumping chamber. The rotodynamic pumps
increase mainly the kinetic energy of the liquid due to the momen-
tum exchange between the liquid and the rotor. The special effect
pumps, such as jet pumps and airlift pumps, operate using different
principles.

Rotodynamic pumps derive their name from the fact that a rotat-
ing element (rotor) is an essential part of these machines. The mutual
dynamic action between the rotor and the working fluid forms their
basic principle of operation. The blades, fixed to the rotor, form a
series of passages through which a continuous flow of fluid takes
place as the rotor rotates. The transfer of energy from the rotor to the
fluid occurs by means of rotodynamic action between the rotor and
the fluid.

Displacement pumps consist of one or several pumping cham-
bers. These chambers are closed and have nearly perfect sealing. The
volume of these chambers changes periodically with the rotation of
the pump driving shaft. The fluid is displaced from the suction line to
the delivery line by the successive expansion and contraction of the
pumping chambers. The displacement pump operation is summa-
rized in the following steps:

1. During its expansion, the pumping chamber is connected to
the suction line. The expansion develops an underpressure
inside the chamber, forcing the liquid to be sucked in.

2. When the volume of the chamber reaches its maximum value,
the chamber is separated from the suction line.

3. During the contraction period, the chamber is linked with the
pump delivery line. The fluid is then displaced to the pump
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exit line and is acted on by the pressure necessary to over-
come the exit line resistance.

4. The delivery stroke ends when the volume of the chamber
reaches its minimum value. Afterward, the chamber is sepa-
rated from the delivery line.

This process is repeated continuously as the pump-driving shaft
rotates. In addition to the fluid displacement, the pump should act on
the fluid by the pressure required to drive the load, or overcome the
system resistance.

The function of the displacement pumps is explained by describ-
ing the construction and operation of the single-piston pump, shown
in Fig. 4.1. The piston (4), driven by a crank shaft (5), reciprocates
between two dead points. During the suction stroke, the piston moves
to the right and the oil is sucked from the tank (1) through a check
valve (2) of very low cracking pressure. The cracking pressure is the
minimum pressure difference needed to open the check valve. Then,
during the delivery stroke, the piston moves to the left, displacing the
oil to the exit line through the check valve (3). The pump acts on the
oil by the pressure, P, needed to drive the load. Therefore, the pump
drive should act on the piston by the force needed to produce this
pressure, and the crank shaft should be acted on by a torque propor-
tional to this force. The cylinder (6) retracts under the action of the
loading force by opening the shut-off valve (7).

Ficure 4.1 Operation of a single-piston pump.
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Ideal Pump Analysis

The pump displacement is defined as the volume of liquid delivered
by the pump per revolution, assuming no leakage and neglecting
the effect of oil compressibility. It depends on the maximum and
minimum values of the pumping chamber volume, the number of
pumping chambers, and the number of pumping strokes per one
revolution of the driving shaft. This volume depends on the pump
geometry; therefore, it is also called the geometric volume, V.. Itis
given by the following equation:

V=(V_ -V

g max min)Zi (41)
where  i=Number of pumping strokes per revolution
V= Pump displacement (geometric volume), m?®/rev
V_..=Maximum chamber volume, m?

m

V . =Minimum chamber volume, m?

min

z = Number of pumping chambers

Assuming an ideal pump, with no internal leakage, no friction,
and no pressure losses, the pump flow rate is given by the following
expression:

Qt = Vgn (42)
where Q, = Pump theoretical flow rate, m3/s
n =Pump speed, rev/s

Figure 4.2 shows a typical connection of a displacement pump in
the hydraulic power system. Following the assumption of an ideal

TO SYSTEM

Ficure 4.2 Typical displacement pump connection in hydraulic power
circuits.
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pump, the input mechanical power is equal to the increase in the fluid
power as shown by the following equation:

2nnT,=Q,(P-B)=VnAp 4.3)
Ve
or T, = ﬁAP (4.4)

where T, =Pump theoretical driving torque, Nm
AP =Pressure increase due to pump action, Pa

Example 4.1 A gear pump of 12.5 cm® geometric volume operated at 1800 rev/min
delivers the oil at 16 MPa pressure. Assuming an ideal pump, calculate the pump
flow rate, Q,, the increase in the oil power, AN, the hydraulic power at the pump
exit line, N, and the driving torque, T, if the inlet pressure is 200 kPa.

800

Q= an: 12.5%107°¢ x 160 =3.75x10"* m® /s =22.5 liters /min

174 -6
T =2 ap=222007 16,100 -2%10%) =31.4Nm
27 27

AN =Q,AP=37.5x1075 x(16x106 —=2x105) = 5925 W

N, =Q,P=37.5x10°x16x10°=6000 W

The power transmission and transformation in the hydraulic
power systems can be explained through the study of the system
shown in Fig. 4.3a. The system is assumed to be an ideal one, with no

JLF

Ap

e,

Ficure 4.3a Operation of a hydraulic system in load lifting mode.
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VuF

Ap

nT

e,i

Ficure 4.3b Load lifting mode, neglecting the losses in the valves and piping.

internal leakage, no friction losses, and no local losses. The prime
mover is an electric motor. It converts the electric power into mechan-
ical power. The pump converts the mechanical power (2nnT) into
hydraulic power (PQ). It converts the drive speed into a proportional
flow rate (Q =V, n), acting on the liquid by the required pressure. The
pressure is determined by the loading conditions. The system is shown
in the load lifting operating mode. Assuming an ideal system, the
losses in the directional control valve and transmission lines are negli-
gible. When operating at pressure levels less than the cracking pres-
sure of the safety valve, the hydraulic circuit can be redrawn, as shown
in Fig. 4.3b. The power transmission and transformation are illustrated
in Fig. 4.4. In this figure, the heavy lines with half-arrows indicate the
direction of power transmission, while the dot-dash lines indicate the
causality relation. The arrows go from the cause to the effect.

T=PVy/2m P=FiAe
T 4 p F
Electric e g
""""" Electrie— Pump Cylinder ————| Load
System R Y [0 o 7 z
j 4 2mn, Q v
. « «
Q=Vgn v=QlAn

Ficure 4.4 Power transmission in the hydraulic power system and causality
relations.
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4.3 Real Pump Analysis

The hydraulic power delivered to the fluid by the real pumps is less
than the input mechanical power due to the volumetric, friction, and
hydraulic losses. The actual pump flow rate, Q, is less than the theo-
retical flow, Q,, mainly due to:

¢ Internal leakage

e Pump cavitation and aeration

¢ Fluid compressibility

o Partial filling of the pump due to fluid inertia

The first source of power losses is the internal leakage. Actually,

when operating under the correct design conditions, the flow losses
are mainly due to internal leakage, Q,. The leakage flow through the
narrow clearances is practically laminar and changes linearly with
the pressure difference (see Fig. 4.5). The resistance to internal leak-

age, R, is proportional to oil viscosity, |, and inversely proportional
to the cube of the mean clearance, c. (See Sec. 2.2.1.)

Q,=P/R, 4.5)
Q=0-Q (4.6)

where R, =Kp/c?
For high-pressure levels and increased radial clearances, the
leakage flow rate increases and the leakage flow becomes turbu-

lent. Figure 4.5 shows the typical variation of pump flow rates with
pressure.

Q 4
------------- Q= Vgn
--------------- Q=Q-Q
""""""" QL =P/R,
————————————————————— Prmax
=]

Ficure 4.5 Pump flow characteristics.
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The effect of leakage is expressed by the volumetric efficiency,
defined as follows:

%4

:Q:—Qf_lel_&zl_ p
R R R AT 4

The volumetric efficiency of displacement (geometric) pumps ranges
from 0.8 to 0.99. Piston pumps are of high volumetric efficiency, while
vane and gear pumps are, in general, of lower volumetric efficiency.

The friction is the second source of power losses. The viscous friction
and the mechanical friction between the pump elements dissipate ener-
gy. A part of the driving torque is consumed to overcome the friction
forces. This part is the friction torque, T. It depends on the pump speed,
delivery pressure, and oil viscosity. Therefore, to build the required pres-
sure, a higher torque should be applied. The friction losses in the pump
are evaluated by the mechanical efficiency, 0, defined as follows:

zw(T—TF):T—TF (4.8)
" oT T
where T = Actual pump driving torque, Nm
T = Friction torque, Nm
T - T, = Torque converted to pressure, Nm
® = Pump speed, rad/s

The third source of power losses in the pump is the pressure losses in
the pump’s inner passages. The pressure, built inside the pumping
chamber, P, is greater than the pump exit pressure, P. These losses
are caused mainly by the local losses. The hydraulic losses are of neg-
ligible value for pumps running at speeds less than 50 rev/s, and
mean oil speeds less than 5 m/s. For greater speeds of oil, the pressure
losses are proportional to the square of the flow rate. These pressure
losses are evaluated by the hydraulic efficiency, 1,

o _» 49
C

C

Ny,

where P.=Pressure inside the pumping chamber, Pa
P = Pump exit pressure, Pa
An expression for the total pump efficiency, 1, is deduced as follows:

n =£=gT_TF£ QtPC =n.M.M Qrpc
T"oT Q T P oT-T,) *° " "o(T-T)

(4.10)
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The mechanical power o(T - T)is converted into equal hydraulic
power, Q,I%, then
Ny =M, M, M, (4.11)

In the steady-state operation, the real displacement pump is
described by the following relations:

Q= V,nm, (4.12)
N,=N,n; or QAP=2mnTn, (4.13)
\%
Then T= £ _AP (4.14)
2nn, M,

where N, = Hydraulic power, W
N,,= Mechanical power, W
AP = Difference between the pump output and input
pressures, AP=P - P, Pa

If the pump input pressure, P, is too small compared with the
delivery pressure, P, then it may be neglected, and the pressure dif-
ference, AP, equals the pump exit pressure, P. If so, then

T Vs P (4.15)
_znnmnh '

Figure 4.6 shows the typical characteristics of an axial piston pump.

37,8 Flow Rate {100
n | 90
£303 Total Efficiency § 80 &
3 470 %
P &
£227 160§
ox o
z 150 &
[=]
i 15,1 1403w
S d30r
< 76} 420
B 410
0 l 1 L l 1 0
0 345 689 1034 1378 1724 2068

Outlet Pressure (bar)

Ficure 4.6 Typical flow and efficiency characteristics of an axial piston pump.
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4.4 Cavitation in Displacement Pumps

The cavitation characteristics of a pump describe the effect of input
pressure on the pump flow rate. The reduction of the pump inlet
pressure to values less than the vapor pressure leads to the evapora-
tion or boiling of oil. The fluid flow to the pump inlet becomes a
mixture of liquid, liberated gases, and vapors. At zero or very low
exit pressure, when the pump is bypassed for example, the vapors
do not condensate and the vapor cavities do not collapse. But during
normal operating conditions, the pump is loaded by great load pres-
sures. The vapor cavities collapse due to the rapid condensation of
vapors when transmitted to the high-pressure zone. Therefore, the
net flow rate of the pump decreases. Generally, a 1% increase in the
vapor volume in the oil-vapor flow reduces the pump volumetric
efficiency by about 1%. Figure 4.7 shows the typical effect of pump
inlet pressure on the flow rate at constant exit pressure, for different
pump speeds.

In addition to the reduction of the volumetric efficiency, the
pump elements are subjected to great impact pressures resulting
from the fluid rushing to fill the space of collapsed vapor cavities.
The impact pressure reaches very high values, up to 7000 bar. When
subjected to cavitation, the pump noise level increases and a very
loud sharp noise is heard. The surfaces of the inner pump elements
are damaged due to the pitting resulting from the impact pressure
forces. Therefore, the pump inlet pressure should be higher than
the saturated vapor pressure of oil at the maximum operating tem-
perature by a convenient value. This value is called cavitation reserve
and ranges from 0.3 to 0.4 bar (see Fig. 4.8).

a

0 Pam Bn (bar abs)

Ficure 4.7 Typical cavitation characteristics of displacement pumps.
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Patm

Liquid

P (bar abs)

Vapor
Pmin

\

Cavitation reserve]
0.3-0.4 bar

Y

2

Tmax TB T (K)

1 Boiling point at atmospheric pressure T, Maximum operating temperature
2 Boiling point at Ty, Pmin Minimum allowable operating pressure

Ficure 4.8 Determination of the minimum allowable operating pressure.

This undesirable phenomenon can be avoided by taking the follow-
ing actions, whenever possible:

¢ Reduce the pressurelosses in the pump inlet line by increasing
the suction line diameter and decreasing its length.

e Avoid using the inlet line filter and other local-loss elements.

¢ Increase the pump suction pressure by doing one of the
following;:
¢ Use a booster pump.
o Use a closed pressurized tank.
¢ Mount the pump below the tank by a convenient distance.

4.5 Pulsation of Flow of Displacement Pumps

Theoretically, the pump flow rate is calculated as Q =V _n. This
expression gives the average or mean pump flow rate. Actually,
the pump flow rate is not constant. Each pumping chamber delivers
a flow rate that equals the rate of reduction of its volume. The net
pump flow rate at a certain instant is the summation of the flow
rates delivered by the chambers connected to the delivery port at that
instant.

The flow rate delivered by the pumping chamber starts at a
zero value at the beginning of the delivery stroke. It increases pro-
gressively until it reaches its maximum value at the midpoint of the
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Ficure 4.9 The pulsation of flow in displacement pumps.

delivery stroke. Then, it decreases progressively until it becomes
null at the end of the delivery stroke. Therefore, the net pump flow
is pulsating, as illustrated in Fig. 4.9. The magnitude of flow pulsa-
tion is evaluated by the pulsation coefficient and is defined as

o, = Q= Qmin 109, (4.16)

m

where 6, =Flow pulsation coefficient
Q.. = Minimum value of pump flow rate, m3/s
Q,.., = Maximum value of pump flow rate, m®/s
Q,=V 11 =mean flow rate, m3/s

The pulsation of flow results in pressure oscillation and the non-
uniform motion of hydraulic cylinders and motors.

Considering the case of a throttled pump exit line (see Fig. 4.10)
and neglecting the fluid compressibility, the pressure at the pump
exit is given by

__ P
P= A Q? 4.17)
t
P, = 2C2A2 Q? (4.18)
PmaX 2C2A2 QI?nax (419)

P = 2c2A2 Qn (4.20)
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Q- IP A
1 e’
N
Ficure 4.10 Pump loaded by a fixed area throttle.
P —-P_.
G, = —ma__min x 100% (4.21)
PWI
2 _ 2
or o, = Qma"—ZQm‘“ x100% (4.22)

m

where 6, =Pressure pulsation coefficient
P .. =Minimum value of pump exit pressure, Pa
P__ =Maximum value of pump exit pressure, Pa

max

P, =Mean exit pressure, Pa

If the flow rate oscillates between 0.9Q and 1.04Q , then o, = 14%
and 6, =27.16%. Actually, considering the effect of oil compressibility,
the pressure oscillation decreases especially for the increased volume
of the exit line.

Classification of Pumps

Figure 4.11 shows the classification of the hydraulic pumps, focusing
on the most commonly used displacement pumps. The following sec-
tions deal with their construction, operation, and special features.

4.6.1 Bent Axis Axial Piston Pumps

Construction and Operation

Figure 4.12 shows a typical construction of the bent axis axial piston
pump. The pump consists of a drive shaft (1), cylinder block (3),
pistons (4), and a port plate (5). The spherical ends of the pistons are
attached to the disk (2), coupled to the driving shaft. As the drive
shaft is rotated, the cylinder block also rotates. The cylinder block
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|
Rotodynamic | Displacement | Special Effect

(G|

12. Pressure
Balanced

5. Eccentric” 9. Internal 13. Pressure”
| 1. Bent Axis™ | Swash Plate Cylinder Block {Crescent) Unbalanced
] 6. Eccentric 10. Internal
I - 1 Shaft (Cam| Gerotor,
Rotating 4, Rotating Swash

| Cylinder Block Plate (Wobbie)

7. Crank Type l —I 11. Screw |

—_— ** Pumps having constant or variable displacement

3';?;:':,? The other types are of constant displacement

Ficure 4.11 Classifications of hydraulic pumps.

slides on the port plate, which includes two kidney-shaped control
openings (see Fig. 4.13).

The driving shaft rotates around a horizontal axis while the axis of
rotation of the cylinder block is inclined by an angle, o.. The cylinder
block inclination forces the pistons, which rotate with the cylinder

1. Drive shaft, 2. Disk, attaching pistons, 3. Cylinder block,
4. Piston, 5. Port plate

Ficure 4.12 lllustration of a bent axis axial piston pump of conical pistons.
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Ficure 4.13
Layout of the port
plate.

block, to reciprocate with respect to this cylinder block. Therefore,
each of the pistons performs a reciprocating motion between its upper
and lower dead points. The piston movement from the lower dead
point to the upper dead point produces a suction stroke. The fluid is
sucked via the control opening on the suction side of the port plate
into the cylinder block bore. As the drive shaft is further rotated and
the piston moves from the upper dead point to the lower dead point,
the fluid is displaced out through the other control opening (pressure
side). During the delivery stroke, the driving shaft acts on the disk by
the torque needed to produce the forces that drive the pistons against
the load pressure.
The pump geometric volume is given by the following expression:

h=Dsino,  V,=zAh (4.23)
or V,= %dz Dz sina (4.24)

where A = Piston area, m?
D = Pitch circle diameter, m
d = Piston diameter, m
h = Piston stroke, m
z = Number of pistons
o = Inclination angle, rad

Pulsation of Flow of Axial Piston Pumps

In the case of axial piston pumps, the pistons perform simple har-
monic motions, following the sinusoidal law. The flow rate delivered
by each piston equals its speed multiplied by the piston area. Neglect-
ing the effects of internal leakage, fluid inertia, and compressibility,
the resulting flow rate from each piston is also sinusoidal. Figure 4.14
shows the flow rate delivered by the individual pistons of a five-piston
pump. The pump delivery is the sum of the flow rates delivered by
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Ficure 4.14 Flow rate and pressure pulsation of a five-piston axial piston
pump, calculated neglecting the effects of internal leakage, fluid inertia,
and compressibility.

all of the pistons in connection with the delivery port. There are
either two or three pistons delivering at the same time and the
total pump flow rate is shown in Fig. 4.14. The pump is loaded by
a throttle valve (see Fig. 4.10 earlier). The pump exit pressure is
calculated and also plotted (see Fig. 4.14). The pressures and flow
rates are plotted in nondimensional form relative to the mean
values P, and Q,; Q=Q/Q,, P=P/P,, Q;=Q,/Q,.

The flow rate oscillations were calculated for axial piston pumps
of a different number of pistons. The calculation results are plotted
in Fig. 4.15. The associated pressure oscillations were also calculated
neglecting the oil compressibility and assuming a constant-area-
loading sharp-edged orifice. The flow and pressure pulsation coeffi-
cients were obtained from the simulation results and shown in the
table in Fig. 4.15. The results show that the flow pulsation is mini-
mized in the case of pumps having a greater odd number of pistons.
Therefore, axial piston pumps with pistons moving in simple har-
monic motion, are of odd number of pistons.

4.6.2 Swash Plate Pumps with Axial Pistons

Figure 4.16 shows the construction and operation of a swash plate
pump. The drive shaft (1) rotates and drives the cylinder block (5). Both
the driving shaft and the cylinder block have the same axis of rotation.
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Ficure 4.15 Effect of the number of pistons on the flow and pressure
pulsation, calculated neglecting the effects of internal leakage, fluid inertia,
and compressibility.

4
2 3

1. Drive shaft, 2. Swash plate, 3. Slipper pad, 4. Retaining plate,
5. Cylinder block, 6. Piston, 7. Port plate, 8. Fixed guide of the retaining plate,
9. Cylinder block loading spring

Ficure 4.16 lllustration of a swash plate axial piston pump.
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The cylinder block (5) and its pistons (6), rotate with the drive shaft.
Each of the pistons is attached to a slipper pad (3). The pistons and
their slipper pads are inserted in the holes of the retaining plate (4).
Therefore, the retaining plate rotates with the pistons and the cylin-
der block. It is guided to rotate in a plane parallel to the swash plate
(2) by a fixed guide (8). The trajectory of the slipper pad is determined
by the swash plate and the retaining plate. During rotation, each pis-
ton performs a reciprocating motion. During this process, a volume
of fluid, corresponding to the piston area and stroke, is sucked or
delivered via both control openings in the port plate (7).

The cylinder block is pushed against the port plate by means of a
spring (9), which minimizes the leakage through the clearance separat-
ing them at the beginning of the pump operation. When the pressure
builds up, it acts on the cylinder block with a tightening force given by
{0.25m (d> — d7)P}. This force acts to the right, against the repulsion force
due to the pressure distribution in the clearance between the cylinder
block and the port plate. The resultant force acts to reduce this clearance
and minimize the leakage through it. The pump geometric volume is
given by the expression

v, = %dz Dztano (4.25)

where o = Swash plate inclination angle, rad.

4.6.3 Swash Plate Pumps with Inclined Pistons

The swash plate pump with inclined pistons, also called a semi-axial
piston pump, is produced with cylinder holes inclined to its axis (see
Fig. 4.17). In this case, the pistons reciprocate in a direction inclined
to the axis of rotation by an angle, ¢. The swash plate also inclines by
an angle, o. This design increases the piston stroke and the pump
geometric volume. In addition, the centrifugal force acting on the
pistons has a component in the direction of the pistons’ axis, F,
which assists the suction stroke. The following expressions for the

piston stroke and the pump geometric volume are systematically
deduced.

_ Dsin(a) Dsin (o)

" 2cos(¢ — o) and %, =

— S\ (4.26)
2cos(p+ o)

1

T . 1 1
Vg = gdz Dzsm(a){cos((p—ot) + cos((p+oc)} (4.27)
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Centrifugal
force

i JdLz2sing

Ficure 4.17 The inclined pistons swash plate pump.

4.6.4 Axial Piston Pumps with Rotating Swash
Plate-Wobble Plate

In axial piston pumps with rotating swash plates (see Fig. 4.18), the
swash plate is rotated by the driving shaft. The cylinder block is fixed.
The pistons are displaced inwards by the rotating swash plate, while
the piston displacement in the opposite direction is insured by a
spring. During the pump operation, the pumping chamber is con-
nected with the inlet and exit lines through the check valves. The inlet
line check valves should be of low cracking pressure to avoid pump
cavitation. The pump displacement is calculated by Eq. (4.25).

4.6.5 Radial Piston Pumps with Eccentric Cam Ring

Radial piston pumps are usually used in applications requiring high
pressures, above 400 bar. In presses, for example, operating pressures
are required to be up to 700 bar. The radial piston pumps can operate
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Bearing Piston Cylinder block
| Outﬂalve

Drive shaft

Ficure 4.18 Typical design of an axial piston pump with a rotating swash
plate (wobble plate).

reliably at such high pressures. The construction and operation of
a radial piston pump with an eccentric cam ring are illustrated by
Fig. 4.19. This example shows a variable displacement pump, where
the pistons are arranged radially in the cylinder block. They are held
in contact with the inner surface of a cam ring by means of a retainer
ring and slipper pads. The pistons and slipper pads are connected to
each other by means of ball-and-socket joints. The stroke of pistons
and consequently the pump geometric volume are controlled by
adjusting the eccentricity of the cam ring (stroke ring) by means of two
control pistons. The cylinder block is rotated by the driving shaft. Dur-
ing the suction stroke, the pistons” motion is governed by the retainer
ring, while during the delivery stroke the pistons are displaced by the

Central control Cross-keyed

journal coupling Stroke ring Slipper pads

Retainer ring Shaft Control piston 1 Piston Cylinder block Control piston 2

Ficure 4.19 Radial piston pump with an eccentric cam ring. (Gotz, 1984, courtesy
of Bosch Rexroth AG.)
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cam ring. The piston stroke, /, is twice the eccentricity, e. The pump
geometric volume is given by

_T
Vg =3 d?ez (4.28)

where e = Eccentricity, m.

4.6.6 Radial Piston Pumps with Eccentric Shafts

Figure 4.20 shows the construction of a radial piston pump with an
eccentric shaft (cam). The pistons reciprocate in the radial direction
under the action of the eccentric cam. The cam (11) is eccentric to the
pump driving shaft (2). The pump consists of the pistons (6), cylinder
sleeve (7), pivot (9), compression spring (8), suction valve (4), and exit
valve (5). The pivot is screwed into the housing (1). The piston is posi-
tioned with the slipper pad (6) on the cam. The compression spring
causes the slipper pad to lie on the cam, and the cylinder sleeve is sup-
ported by the pivot. The pumping process in this class of pumps takes
place in the following four phases:

Phase 1: The piston is at the upper dead point and the volume of
the pumping chamber (10) is minimum. The suction valve (4) and exit
valve (5) are closed.

Phase 2: As the shaft rotates, the piston moves towards the axis of
the cam. The volume of the pumping chamber increases and the suc-
tion valve opens due to the underpressure produced. The fluid flows
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1. Housing, 2. Driving shaft, 3. Piston assembly, 4. Suction valve, 5. Exit valve,
6. Piston, 7. Sleeve, 8. Spring, 9. Pivot, 10. Pumping chamber, 11. Cam,
12. Case inner cavity, 13. Ring channel.

Ficure 4.20 Radial piston pump with eccentric shaft (cam). (Courtesy of
Bosch Rexroth AG.)
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via a groove in the cam surface to the bore of the piston into the
pumping chamber.

Phase 3: The piston is at the lower dead point. The pumping
chamber is completely filled (maximum volume). The suction valve
and exit check valve are closed.

Phase 4: As the cam rotates, the piston is moved outwards in the
radial direction. The fluid is compressed in the displacement chamber.
The increased fluid pressure opens the exit check valve, and the fluid
flows into the ring channel (13), which connects the pumping elements.

4.6.7 Radial Piston Pumps of Crank Type

The typical construction of this class of pumps is illustrated by
Fig. 4.21. The pump consists of a fixed housing incorporating the
pistons and crank shaft assembly. The pistons are driven by means
of a crank shaft. The pumping chambers are connected to the suction
and delivery ports through two check valves (not illustrated). The
pump displacement (geometric volume) is given by the following
expression:

L R L
Vg—4d hz-2d ez (4.29)
where h = Piston stroke = 2¢, m.

4.6.8 External Gear Pumps
Construction and Operation

Gear pumps are of the multirotor displacement type. The four main
types of gear pumps are external gear pumps, internal gear pumps,

Ficure 4.21 A radial piston pump of crank type.
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1. Housing, 2. Mounting flange, 3. Drive shaft, 4. Two bearing blocks, side plates,
5. Bearing bush, 6. Discs, 7 and 8. Inlet and exit ports, 9. Driving gear, 10. Driven gear

Ficure 4.22 An external gear pump. (Courtesy of Bosch Rexroth AG.)

screw pumps, and gerotors. External gear pumps (see Fig. 4.22)
consist of: the housing (1), mounting flange (2), drive shaft (3), two
side plates (4), bearing bush (5), two gears (9 and 10), and disc (6). The
driving gear (9) is connected to the driving shaft (3). The pumping
chamber is formed by the surfaces of two adjacent teeth, the inner
surface of the housing, and the two side plates. During the rotational
movement of the gears, the un-meshing gears release the pumping
chambers. The resulting underpressure, together with the pressure in
the suction line, forces the fluid to flow to the pump inlet port (7).
This fluid fills the pumping chambers, and then is moved with the
rotating gear from the suction side to the pressure side. Here, the
gears mesh once more and displace the fluid out of the pumping
chambers and prevent its return to the suction zone.

In the case of an external gear pump with two spur gears, the
pump geometric volume is given by the following relation:

V, = 2nbm?(z +sin?y) (4.30)

where b=Tooth length, m
m =Module of tooth, m
z =Number of teeth per gear
v =Pressure angle of tooth, rad

Internal Leakage in External Gear Pumps
The internal leakage in gear pumps takes place through two main
paths:

e Over the tip of the tooth, tip clearance leakage

o Between the sides of the gears and the side plates, side clearance
leakage.
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The tip clearance leakage is affected by the tip clearance, the number
of teeth, and the pump exit pressure. An increase in the number of
teeth increases both the local losses and resistance to internal leakage.
The excessive wear of the pump casing increases the tip clearance and
consequently the tip clearance leakage.

The side clearance leakage takes place through the clearance
between the gears’ sides and the side plates. In the case of pumps
operating at low pressure levels, this leakage is not so high; therefore,
the side plates are fixed. Then, the wear on the side plates increases
this leakage. However, the pumps operating at high pressures pres-
ent higher leakage through this path. Therefore, they should include
an arrangement for the hydrostatic compensation of the side clear-
ance. The side plates are pushed towards the gears under the action
of a pressure force (see Fig. 4.22). The pump exit pressure is commu-
nicated to act on a part of the side plate’s area (6). This area is well
calculated to generate the force necessary to produce the required
tightness without too much increase in the friction torque. In this
way, the side clearance is automatically adjusted according to the sys-
tem pressure. At low-pressure levels, the leakage is reduced, and a
smaller tightening force acts on the wear plates. In addition, the wear
of the side plate has no significant effect on the side clearance leakage
since it is constantly pressed against the gear side.

The Pulsation of Flow in Gear Pumps

The flow at the pump exit is pulsating due to the variable rate of
delivery from the pump chambers. The following relation gives the
frequency of pulsation:

f=2zn (4.31)

where f=Flow pulsation frequency, Hz
n = Pump speed, rev/s
z =Number of teeth per gear

For the gear pump, the pulsation coefficient is calculated by the following
expression:

n% cos?y
=— 1 % 4.32
c 2z+1) x 100% ( )

A gear pump with ten teeth per gear and a pressure angle
v = 25° has a flow pulsation coefficient 6 = 2 cos? 25/{4(10 + 1)} =
0.184 = 18.4%.

0il Trapping and Squeezing in Gear Pumps

During the normal operation of the pump, as the tooth comes to the
meshing point, a volume of oil becomes trapped in the space between
two successive teeth. The oil trapping takes place where the gears

m



112

Chapter Four

~\

/ Driv?n Gear | ‘\\ b//

Commencement of Commencement of
primary contact secondary contact

N P\

SN

Driven tooth space reaches  Driver tooth space reaches
position of minimum volume  position of minimum volume

Ficure 4.23 Steps of oil trapping in gear pumps having gears without backlash.

come in contact at two contact lines simultaneously. The further rota-
tion of gears reduces the volume of the trapped oil and its pressure
increases to very great values (see Fig. 4.23). A 1% reduction of the oil
volume results in a pressure rise of 100 to 200 bar. The excessive pres-
sure rise of the trapped oil can be avoided by using one of the follow-
ing techniques:

e By cutting grooves in the side plates to communicate the
inter-teeth space with the pressure side

¢ By designing gears with a small number of teeth running
with a definite backlash of 0.4 to 0.5 mm

¢ By using a helical gear train

Limitations of Gear Pump Speeds

In gear pumps, the oil enters the pumping chambers along the gear
circumference. On entering the pump, the fluid starts to rotate with the
gears and is subjected to centrifugal forces. These forces tend to push it
away and out of the pumping chamber. Therefore, the maximum
pump speed should be limited and the inlet pressure should be high
enough to avoid this phenomenon. An expression for the maximum
speed is deduced in the following:
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Ficure 4.24 Centrifugal force acting on a fluid element.

Considering the pressure and centrifugal forces acting on an ele-
ment of fluid (see Fig. 4.24), the following relations are deduced neglect-
ing the term (drd€) compared with (rd€):

(P+dP)brd& = Pbrds+F.  or F, =brd&dP (4.33)

The centrifugal force F, is given by

F =mro? =prd&bdrrn? (4.34)
Then, dP = pro’dr (4.35)
Pc _ r 5 4.
_[0 dP = _[Opo) rdr (4.36)
, 0
or P.=pr - (4.37)

The pump input pressure P, should be greater than the centrifu-
gal forces pressure P.. Therefore, the maximum pump speed should
be limited as follows:

o =27n (4.38)

P,> P, (4.39)

1
— /P, 4.4
or n... < p— P./2p (4.40)

where P,=Pump inlet pressure, Pa
r = Gear addendum radius, m
p = Oil density, kg/m?

13
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Ficure 4.25 Pressure and gear contact forces acting on the gears.

The bearing lubrication is another factor imposing minimum recom-
mended speed in some pumps. The gears are loaded by the pressure
forces, F,, and gear contact forces, F., as shown in Fig. 4.25. The
rotors are nonpressure compensated and the pressure forces are
unbalanced. These forces are transmitted to the shaft bearing. There-
fore, in the case of sliding a bearing lubricated hydrodynamically, a
minimum pump speed, n_. , is recommended to insure the required
bearing lubrication.

min/

4.6.9 Internal Gear Pumps

Figure 4.26 shows the construction of an internal gear pump of the leak
gap compensated type. The shown pump consists of: a housing (1), bear-
ing cover (1.1), blanking plate (1.2), internal gear (2), driving shaft with
external gear (pinion) (3), shaft bearing (4), side, wear plates (5), and a
stop pin (6), as well as the segment assembly (7), which is comprised of
the segment (7.1), segment carrier (7.2), and the sealing rolls (7.3).

The Suction and Displacement Process

The pinion (3), which is carried in the hydrodynamic bearings, drives
the internal toothed ring gear (2). During the rotation, a negative pres-
sure is produced in the un-meshing zone and the fluid flows into the
pump through a hole in the side plate. The segment assembly (7) sep-
arates the suction chamber from the delivery chamber. The two gears
mesh in the delivery zone, displacing the oil out of the pump.

Axial Compensation Forces

The axial compensation force, F,, acts within the pressure chamber
areas, located on the outer side of the wear plates (5). It is generated
by the pressure field (8). The side clearances, between the fixed and
the rotating components, are extremely minimized, which insures
minimum side clearance leakage.
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1.2 1.1

S

1. Housing, 1.1. Bearing cover, 1.2. Blanking plate, 2. Internal gear,
3. Pinion shaft, 4. Shaft bearings, 5. Side plates, 6. Stop pin, Sealing rolls,
9. Hydrostatic bearing

Fam | —— _E\d-FA
8 il 8

5. Wear plates, 8. Pressure field on 7. Segment assembly, 7.1. Segment,
the side plate 7.2. Segment carrier, 7.3. Sealing rolls

Ficure 4.26 Construction of an internal gear pump. (Courtesy of Bosch
Rexroth AG.)

Radial Compensation Forces
The radial compensation force, F,, acts on the segment (7.1) and the
segment carrier (7.2). The area ratios and the position of the sealing
rolls (7.3) between the segments and the segment carrier are designed
to provide an almost leak-free seal between the internal gear, the seg-
ment assembly (7), and the external gear. The spring elements under
the sealing rolls (7.3) ensure a sufficient contact force at startup.
Figure 4.27 shows the typical flow characteristics in modern designs
of internal gear pumps with different geometric volumes (sizes).

4.6.10 Gerotor Pumps

The term “gerotor” means generated rotor, and is the trade name for a
popular internal gear element. The cross-sectional illustration (see
Fig. 4.28) shows a typical Gerotor element, which consists of a pair of
gear-shaped parts. The internal gear (or rotor) (1), drives the outer
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Ficure 4.27 Flow characteristics of typical internal gear pumps of different
sizes at 1450 rpm speed. (Courtesy of Bosch Rexroth AG.)

Ficure 4.28
Construction of a
Gerotor pump.
(Courtesy of Bosch
Rexroth AG.)

gear (2), in the same direction of rotation. This is similar to the inter-
nal gear pump with a crescent seal.

The drive gear has one less tooth than the outer, driven, element.
The pumping chambers are formed by the adjacent pairs of teeth,
which are constantly in contact with the outer element, except for
clearance. As the rotor is turned, its gear tips are accurately machined
so they precisely follow the inner surface of the outer element. The
expanding chambers are created as the gear teeth withdraw. The
chamber reaches its maximum size when the female tooth of the out-
er rotor reaches the top dead center. During the second half of the
revolution, the spaces collapse, displacing the fluid to the outlet port,
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Ficure 4.29 | - =t ‘
(a) A twin-gear

screw pump and * I |
(b) a treble-gear \
screw pump. \ [}
(Courtesy of Bosch n T "\ ——1=8
Rexroth AG.) i

formed at the side plate. The geometric volume of the Gerotor pump
is given as follows:

V. =bz(A,, — AL (4.41)

where b = Tooth height, m
z = Number of rotor teeth

4.6.11 Screw Pumps

In screw pumps (see Fig. 4.29), the displacement chamber is formed
between the threads and housing. The following is an expression for
the geometric volume of a twin-gear screw pump:

Ty oo zg_sinmx)
V, =30 ~d)s-D ( > - (4.42)
with cos(0) = ngd (4.43)

4.6.12 Vane Pumps

Construction and Operation

Figure 4.30 shows the construction of a fixed displacement vane
pump. The rotor (2) is driven by the shaft (1) and rotates inside the
stator ring (cam ring) (3). The vanes (4) are mounted into radial slots
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1. Shaft, 2. Rotor, 3. Stator ring (cam ring), 4. Vanes, 5. Fixed side plates, 6. Casing,
7. Bearing mount, 8. Intra-vane

Ficure 4.30 Fixed displacement vane pump with fixed side plates. (Courtesy of
Bosch Rexroth AG.)

in the rotor. They are pressed radially outwards to be in contact with
the inner surface of the cam ring under the action of the centrifugal
force. As the pressure builds in the delivery line, the roots of some
vanes are pressurized to insure the required sealing in the proper
positions. The pumping chamber is bounded by two successive blades
(vanes), the inner surface of the cam ring, the outer surface of the
rotor, and the two surfaces of the side plates (5). The volume of the
pumping chamber changes (increases and decreases) during rotation
due to the oval shape of the cam ring. During its expansion, the cham-
ber is connected to the suction line through a hole in the side plate.
Therefore, the oil is sucked into the chamber. Then, during its con-
traction, the pumping chamber displaces the oil to the outlet line
through another hole in the side plate. In this way, each chamber per-
forms two pumping strokes per revolution.

The pump displacement is given by the following expression (see
Fig. 4.31):

Ve =2bz(A,, — Ayin) (4.44)
where b = Rotor height, m.
Ficure 4.31 Amax
Location of Anin

maximum and
minimum chamber
volume.
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Due to the oval shape, the pump construction is axi-symmetrical.
There are two pressure and two suction chambers opposite each other.
Therefore, the rotor is pressure balanced. It is loaded mainly by the
pump driving torque. In this way, the bearing load is minimized,
which reduces the friction and wear and increases the pump efficiency
and service life.

Side Clearance Leakage

The internal leakage in vane pumps takes place, mainly, through the
rotor side clearance and blade tip clearance. In the case of fixed side
plates, the side clearance leakage is uncontrollable. The wear of the
fixed side plates is not compensated for, which increases the internal
leakage. By using movable side plates, it is possible to:

e Minimize the side clearance leakage
¢ Compensate for the heat expansion of the rotor
e Act against sudden pressure changes
Figure 4.32 illustrates the construction of a vane pump with two
movable side plates (1). Two counter pressure chambers (2) are created

and communicated to the pump delivery line. The side plate area,
subjected to the pressure, is designed to create the required balance

il |/ [

2 654 2

1. Movable side plates, 2. Counter pressure chambers,
3. Fixed side plates, 4. Blade (vane), 5. Intra-vane chamber,
6. Intra vane

Ficure 4.32 A fixed displacement vane pump with movable side plate.
(Courtesy of Bosch Rexroth AG.)
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against the pressures inside the pumping chambers. Because of this,
an optimum clearance between the rotor and the side plates is guaran-
teed, and the side clearance leakage is minimized.

Tip Clearance Leakage

The tip clearance leakage takes place through the clearance between
the blade tip and the inner surface of the cam ring. Therefore, the
blade root should be pressurized wherever the blade separates two
chambers of different pressure (see Fig. 4.34c and 4.34d). Otherwise,
wherever the blade separates two chambers of equal pressure, the
blade root should have the same pressure as that in these chambers
(see Fig. 4.34a and 4.34b). In this way, the blade is pressure balanced
and is pushed radially outwards under the action of the centrifugal
force only. This zone of blade displacement has minimal friction and
reduced wear.

Most of the pressure-balanced vane pumps have an intra-vane
feature. This design helps keep the vane in continuous contact with
the cam ring during the rises and falls while minimizing the vane-tip
contact force. The construction of the intra-vane structure is illustrated
in Fig. 4.32. Instead of a single vane, there are two vanes of the same
thickness. A smaller one (intra vane 6) is installed at the inner side of
the main vane (4), which creates an inner chamber (intra-vane cham-
ber) between them (5).

The operation of the intra-vane structure is explained by Figs. 4.33
and 4.34. Figure 4.33 shows: the rotor (1), the main vane (2), the cam
ring (the stator) (3), the intra-vane pressurizing hole (4), and the vane
root pressurizing hole (5). This hole connects the vane root with the
vane trailing chamber. The intra-vane inner chamber is pressurized
through the hole (4) and the pressurizing grooves on the side plate.
The side plate has four grooves: two are in connection with the suction
line, while the other two are connected to the pressure line. These
grooves serve to communicate the intra vane with either the pressure

Ficure 4.33
Function of the
intra-vane
structure. (Note: a,
b, ¢ and d indicate
the locations of
blade loading
cases illustrated in
Fig. 4.34.)
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Ficure 4.34 Pressurization of vains’ roots and intra vane.

or the suction lines. The four grooves are arranged on a circle, facing
the pressurizing grooves (4). The vane has four main positions:

o The vane separates two chambers in connection with the
suction line. Both the vane root and the intra-vane chamber
are not pressurized and the vane is pressure balanced (see
Fig. 4.34a).

e The vane separates two chambers in connection with the
pressure line, Fig. 4.34b. At this position, the vane root and
intra vane are pressurized, which makes the vane pressure
balanced and pushed radially by the centrifugal force. If the
blade root is not pressurized, the vane retracts under the action
of the pressure force on its tip area. Then, the vane will be fired
when the root is pressurized, which takes place four times per
revolution, to insure the required tightness. The vane firing
will cause severe damage to the cam’s inner surface.

¢ The vane separates two chambers of different pressures, with
the high pressure facing the vane leading side (see Fig. 4.34c).
In the case of single-vane design, the root should be pressurized
to insure the required tightness. The vane extension force is
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much greater than the vane retraction force since the pressure
in the leading chamber acts on a small portion of the vane tip
area. The pumps having this design suffer from severe wear at
these zones. Here comes the main advantage of the intra-vane
structure. At this position, the blade root is not pressurized
since it is connected with the trailing nonpressurized chamber.
Only the intra vane is pressurized. The net forces at the vane
can be kept small at all times; thus, the wear during normal
operation is extremely reduced.

e The vane separates two chambers of different pressures, with
high pressure facing the vane trailing side (see Fig. 4.34d). At
this position, most of the blade tip area is subjected to the
pressure in the trailing chamber. Therefore, both the vane
root and intra vane are pressurized to create the required
tightening force.

4.7 \Variable Displacement Pumps

4.7.1 General

Variable displacement pumps are much more expensive and of a
more complicated design compared to fixed displacement pumps.
However, the designers use the variable displacement pumps for two
reasons: economy and control.

Economic Reasons
The hydraulic systems designers try to minimize the hydraulic power
generation (PQ) whenever it is not needed. Several solutions satisfy
this requirement, for example, by using convenient valves and an
accumulator assembly. The use of variable displacement pumps with
pressure compensators is among the most widely used solutions. The
flow characteristics of this class are illustrated in Fig. 4.38.

Another important issue is that hydraulic systems operate within
a wide range of pressures and flow rates. Therefore, these systems
need prime movers of very high power. Thus, the use of displacement
pumps with constant power controllers offers a reasonable solution to
this problem. This text presents examples for these controllers.

Control Reasons

A wide range of controllers of displacement pumps are available,
which are intended to control the flow rates and direction of flow to
the hydraulic cylinders and motors, aiming to control the magnitude
and direction of their velocity. Among these controllers are:

¢ Hydraulic proportional controllers, for open-loop control of
the pump displacement
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¢ Hydraulicservo controllers, for closed-loop control of the pump
displacement

e Electrohydraulic proportional controllers, for open-loop control
of the pump displacement

e Electrohydraulic servo controllers, for open- and closed-loop
control of the pump displacement

4.7.2 Pressure-Compensated Vane Pumps

Construction and Operation

The construction of a variable displacement vane pump with a
pressure-unbalanced rotor is shown in Figs. 4.35 through 4.37. The
pump consists of: the housing (1), rotor (2), vanes (3), stator ring (cam)
(4), and an adjustment screw (6). The position of the cam (stator) ring
(4) is controlled horizontally by means of two pistons: a small control
piston (10) and a large one (11). The vertical position of the cam is
determined by the adjustment screw (7). The pumping chambers (8)
are formed by the vanes (3), the rotor (2), the stator ring (4), and the
side (control) plates (9). In order to ensure the pump function during
start-up, the stator ring (4) is held in the eccentric position (displace-
ment position) by the spring (5). The stator is eccentrically mounted
with respect to the rotor. Then, due to the rotation of the rotor (2), the
volume of the chambers (8) increases and fills with fluid via a suction
channel (S). When the maximum chamber volume is reached, the
chambers (8) are disconnected from the suction side. Then, as the
rotor (2) continues to rotate, the chambers’ volume decreases as they
are connected with the pressure side. The oil is then displaced to the
pump exit line via the pressure channel (P). The small control piston (10)
is in permanent connection with the pump pressure line. The large

-
i

Ficure 4.35 A vane pump with a pressure unbalanced rotor. (Courtesy Bosch
Rexroth AG.)
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Ficure 4.36 A variable displacement vane pump with a pressure-unbalanced
rotor in off-stroke mode. (Courtesy of Bosch Rexroth AG.)
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Ficure 4.37 A variable displacement vane pump with a pressure-unbalanced
rotor in on-stroke mode. (Courtesy of Bosch Rexroth AG.)

piston is loaded by a spring (5), which puts the cam in its extreme
eccentric position, at the pump’s startup. Then, when the pump oper-
ates and the pump exit pressure builds up, the pressurization of the
spring chamber determines the position of the stator (cam) and con-
sequently the pump displacement.
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Ficure 4.38 Typical flow characteristics of a variable displacement vane
pump with a pressure compensating controller.

Pump Controls

Off-Stroke Mode If the pressure force, F » exceeds the counter force of
the spring, F, the controller piston (14) is moved against the spring (13).
(See Fig. 4.36.) In this way, the chamber behind the large control piston
(11) is connected to the tank and is thus unloaded. The small control
piston (10), which is constantly under system pressure, moves the
stator ring (4) towards the center position. Its end position is deter-
mined by a mechanical displacement limiter. The pumping chamber’s
volume decreases to its minimum value. The pump delivers a minimal
flow rate, which compensates for the internal leakage. The pump’s real
delivery is null. The power loss and heating of the fluid are kept at a
low level. The pump flow characteristics, Q(P), is shown in Fig. 4.38.
The commencement of the pump displacement control is set by the
spring (13).

On-Stroke Mode When the pressure in the system falls below the set
zero stroke pressure, the spring (13) moves the controller spool (14)
back to its initial position, the extreme left position (see Fig. 4.37).
The large control piston (11) is subjected to the pressure and moves
the stator ring (4) into the eccentric position, the extreme left posi-
tion. The pump is in its maximum displacement position, delivering
maximum flow rate.

4.7.3 Bent Axis Axial Piston Pumps with Power Control

Pump Description and Operation

Figure 4.39 shows a schematic of a variable displacement bent axis
axial piston pump with power controller. This pump consists of two
main groups. The first group is the pumping mechanism group, which
contains the shaft, port plate, and seven pistons within a common
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Ficure 4.39 Bent axis piston pump with power controller. (Courtesy of Bosch
Rexroth AG.)

cylindrical block. The cylinder block is held tightly against a port
plate using the compression force of the holding spring and the pres-
sure forces. During the operation, the port plate with the cylinder
block moves along the sliding surface. The second group is the pump
controller, which contains the pressure-sensing piston, the servo pis-
ton, the guide rod, the spool valve, the adjustment spring, and two
control springs (the first and the second springs). The two main
groups are connected together by means of a pin. The upper smaller
area of the servo piston is in permanent connection with the pump
exit pressure line, through the first damping orifice. The lower servo
piston chamber is connected to either the pressure or the tank, means
of the spool valve. The pressure-sensing piston is connected to the
pressure line through the second damping orifice. This piston dis-
places the spool downwards, through the guide rod, while the adjust-
ing spring acts on the other direction. In the steady state, the pump
has four operating modes, as described in the following:

First Mode The pressure is less than the control commencement
pressure. The value of this pressure is set by the adjusting spring. The
pump exit pressure is less than the value pre-set by the adjustment
spring, and the spool is shifted upwards and connects the lower servo
piston chamber with the tank. The servo piston is at its lower position
and the pump operates at its maximum displacement (lines 1-2 in
Fig. 4.40).
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Ficure 4.40 Static characteristics of the pump constant power controller.

Second Mode The operating pressure exceeds the value pre-set at the
adjustment spring; the control piston, guide-rod, and spool are moved
against this spring. The high-pressure oil is thus allowed to flow via the
spool valve to the lower servo piston chamber. Should the resultant
pressure force be greater than the force of the first control spring, the
servo piston is moved upwards, compressing the first spring until the
balance of these forces is restored. The second control spring is still out
of action (lines 2-3 in Fig. 4.40).

Third Mode The third mode is similar to the second one, except that
the pressure is higher, such that the equilibrium of the servo piston
and attached elements is attained when the second control spring
comes into action (lines 3—4 in Fig. 4.40).

Fourth Mode The pump displacement is minimal, as limited by the
adjusting screw. The pump delivers the fluid by the flow rate and
pressure corresponding to point (4). The maximum pump exit pres-
sure is determined by the relief valve (lines 4-5 in Fig. 4.40).

The study of Fig. 4.40 shows that:

¢ When using a fixed displacement pump, the power required
to drive the pump is too high: N, = P.Q,.

e In the case of a pump equipped with a constant power
controller, the needed power is determined by the pressure
and flow rates of point 2: N, = P,Q,.
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¢ Point 2 can be displaced horizontally by means of the adjust-

ment spring setting, and displaced vertically by using the maxi-
mum inclination angle limiter.

The slope of line 2-3 is imposed by the stiffness of the first
control spring, while that of line 34 is determined by the
summation of stiffness of both of the first and second control
springs.

The operation in the vicinity of point 3 does not consume the
whole available power of the prime mover due to the straight
line approximation of the constant power curve. But the
simplicity and relative lower cost give good appreciation to
this design. However, other power controllers arecommercially
available, which better agree with the constant power curve.

4.8 Rotodynamic Pumps

Rotodynamic pumps, such as centrifugal pumps, are machines that
transfer energy to the liquid by increasing its momentum. This class
of pumps is used widely wherever high flow rates are required under
low or medium heads. They offer advantages such as simple con-
struction, low price, easy maintenance and repair, and the ability to
work with liquids of low lubricity.

The main components of a typical centrifugal pump are shown in
Fig. 4.41. It consists of:

e Rotor, which is known as the impeller (1). The function of the

impeller is to convert the mechanical energy delivered by the
pump shaft to hydraulic energy of flowing liquid.

e Stator which may include guide vanes and volute or spiral

casing (2). The function of the casing is to accumulate the

Discharge nozzle

l-_Impeslller

Volute

Ficure 4.41 Construction of a typical rotodynamic pump of the centrifugal type.
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Centrifugal Mixed Propeller
(Radial Flow) (Inclined Flow) (Axial Flow)

Ficure 4.42 Impeller types of rotodynamic pumps.

liquid flowing out of the impeller, as well as recuperating the
major part of the kinetic energy of the liquid by converting it
to pressure energy.

o Drive shaft with convenient sealing.

e Mechanical parts such as bearings, couplings, and so on.

Different shapes of impellers can be found to adapt different
design requirements (see Fig. 4.42). Impellers are classified accord-
ing to the major direction of flow in reference to the axis of rotation.
Thus, the centrifugal pumps may have radial flow impellers, mixed
flow impellers, or axial flow impellers. Impellers are further classi-
fied as single suction with a single outlet on one side, and double
suction with liquid flowing to the impeller symmetrically from
both sides.

Figure 4.41 shows an example of a single-stage centrifugal pump.
As the impeller rotates, an underpressure is created at its inlet. The
liquid enters the pump through the inlet nozzle to the inlet of the
impeller. Inside the impeller, and due to the hydrodynamic effect
(centrifugal force), the liquid momentum increases as it moves radi-
ally out of the impeller to the casing with high kinetic energy. The
kinetic energy of the delivered flow is recuperated (converted) par-
tially as pressure energy in the guide vanes, volute casing, and the
outlet diffuser. The liquid then flows with higher energy out from
the diffuser to the pump discharge nozzle.

Rotodynamic pumps can deliver continuous flow with high flow
rates. These pumps are sensitive to air and gases. Nevertheless, they
are of low sensitivity to solids due to their wide flow passages. They
operate at relatively low-pressure levels. Most of commercial pumps
operate at pressures less than 6 bar for a single-stage pump. Therefore,
they are not used as main pumps in the hydraulic power systems.
However, they are used in some systems to increase the pressure level
at the inlet of the main pump as a way of protecting against cavita-
tion. Figure 4.43 shows the head and efficiency characteristics of a
typical single-stage centrifugal pump.
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Ficure 4.43 The pressure head and efficiency of a typical single-stage
centrifugal pump.

Pump Summary

The following are the common features of the displacement pumps
(most of the illustrations in this section appear courtesy of Bosch
Rexroth AG):

No.

Pump Type and
Typical Data lllustration

Axial piston pump

(bent axis)

Depending on the inclination
angle, the pistons move
within the cylinder bores
when the shaft rotates.

Vg = 2-3600 cc
n=500-5000 rpm
p__ =400 bar

max

_TC 2 7
Vg—Id Dzsino,
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Axial piston pump

(swash plate type)

The pistons rotate with the
cylinder block, supported by
the swash plate. The swash
plate angle determines the
piston stroke.

Vg =2-600 cc
n=500-4500 rpm
p__ =400 bar

max

_T o
Vg—zd Dztana

Axial piston pump
(swash plate type, inclined
pistons)

Vg =8-300 cc
n=500-3500 rpm
p__ =350 bar

max

_T ;
Vg _Ed Dzsin(o)

« 1 + 1
cos(@—oa) cos(p+o)

}

Axial piston pump
(rotating swash plate type,
wobble plate)

p__ =630 bar

max

— T 2
Vg— Zd Dztano

Thrust bearing

Piston\ Outlet valve

Radial piston pump
(eccentric cam ring)
The pistons rotate within
the rigid cam ring. The
eccentricity, e, causes the
radial motion of the pistons.
Vg =0.5-20 cc
n=500-2000 rpm
Prax = 400 bar
T

— 2
Vg = Edk ez

(Continued)
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Radial piston pump
(eccentric shaft, valve
type)
The rotating eccentric
shaft produces a radial
motion of the pistons.
Vg= 0.5-200 cc
n=500-2000 rpm
p__ =780 bar

max
L

— 2
Vg— 2dkez

Radial piston pump
(with crank shaft)

Vg= 500-4000 cc

n=500-2000 rpm
Prax = 1200 bar

— L 2
Vg = Zd hz
h=2e

.

External gear pump
Volume is created between
gears and housing.

Vg= 0.4-1200 cc
n = 300-4000 rpm
p__ =250 bar

max

— 2 in2
Vg =2nbm*(z +sin*vy)

Internal gear pump

Volume is created between

gears, the crescent sealing

element, and housing.
V,=0.4-350 cc
n=500-2000 rpm

p__ =350 bar

max
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10

Gerotor

The inner rotor has one
less tooth than the outer

(internally toothed) element.

The rotor moves in a
planetary motion.

Vg =50-350 cc
n=500-2000 rpm
p__ =100 bar

max

Vg = bZ(Amax - Amin)

11

Screw pump

The displacement chamber
is formed between the
threads and housing.

_ T 2 2
Vg_Z(D —d?)s-D

% (g_ sin2oc)S
2 2

with  cos(a) =(D+d)/2D

V,=2-1500 cc
n=500-3500 rpm
Prnax = 200 bar

12

Vane pump

(two strokes per revolution,
pressure balanced)
Volume is created between
the rotor, stator (cam ring),
and vanes.

Vg =10-500 cc

n=500-2500 rpm
Proax = 200 bar

Vg = 2(Vmax - Vmin)z

Pressure

Suction
side

(Continued)
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13

Vane pump
(single stroke per revolution,
pressure un-balanced)
Volume is created between
the rotor, stator (cam ring),
and vanes.
Vg =10-150 cc
n=1000-3500 rpm
p_.. =100 bar

max

Vg = Z(Vmax - Vmin)

4.10 Pump Specification

The following list shows the basic specifications that should be avail-

able to specify the pump precisely:

e Size (displacement)
¢ Speed (maximum and minimum speeds)
e Maximum operating pressure (continuous/intermittent)

e For open/closed circuit

e Direction of rotation (viewed to shaft end; clockwise [R],

counterclockwise [L])
e Controller (for variable displacement pumps)
o Seals (oil)
¢ Drive shafts
e Port connections
e Mounting type
e External dimensions
¢ Installation position
e Operating temperature range

e Further details in clear text

4.11 Exercises

1. Explain briefly the principal of operation of displacement pumps.

2. Give the expressions describing ideal and real pumps.

3. Adisplacement pump of 23 cm® geometric volume operated at 1450 rev/min
delivers the oil at 20 MPa pressure. Assuming an ideal pump, calculate the pump
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flow rate, Q,, the increase in the oil power, AN, the pump outlet power, N_,
and the driving torque, T, if the inlet pressure is 100 kPa.

4. The figure shown here explains the power transmission in a hydraulic power
system, as well as the causality relation of the system variables. Discuss it in detail.

T=PVy/2m P=F/Ap
4 e F
Electric e _ L
Svst ﬁ%e‘ftg::\ - Pump — Cylinder ———| Load
ystem jamTTMO *2mn Q v
B « «
Q=Ven v

5. Discuss the different types of power losses in displacement pumps.
6. Discuss the cavitation phenomenon in displacement pumps.
7. Give and discuss briefly the classification of hydraulic pumps.

8. Draw a schematic of a bent axis axial piston pump. Explain briefly its
function and give an expression for its geometric volume.

9. Deal with the pulsation of flow of axial piston pumps and the associated
pressure oscillation for a pump loaded by a loading orifice.

10. Draw a schematic of a swash plate axial piston pump. Explain briefly its
function and give an expression for its geometric volume.

11. Draw aschematic of a swash plate axial piston pump with inclined pistons.
Explain briefly its function and give an expression for its geometric volume.

12. Discuss briefly the need for variable displacement pumps.
13. Explain briefly the principal of operation of wobble plate pumps.

14. Classify and explain briefly the principal of operation of radial piston
pumps. Use the illustrations in Figs. 4.19, 4.20, and 4.21.

15. Draw a schematic of an external gear pump. Explain briefly its function
and give an expression for its geometric volume.

16. Discuss the speed limitations in gear pumps and derive the necessary
relations.

17. Discuss briefly the pulsation of flow in external gear pumps.
18. Deal with the problem of oil squeezing in external gear pumps.

19. Explain briefly the principal of operation of internal gear pumps and
discuss their flow and efficiency characteristics. (Use Figs. 4.26 and 4.27.)

20. Explain briefly the principal of operation of gerotors (Fig. 4.28) and screw
pumps (Fig. 4.29).
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21. Explain briefly the construction and operation of pressure-balanced vane
pumps. (Use Fig. 4.30.)

22. Explain briefly the function of an intra-vane structure in pressure-
balanced vane pumps. (Use Figs. 4.33 and 4.34.)

23. Explain briefly the construction, operation, and control of variable
displacement vane pump. (Use Figs. 4.35 through 4.38.)

24. Explain briefly the construction, operation and control of variable
displacement axial piston pumps with constant power controllers. (Use
Figs. 4.39 and 4.40.)

25. Calculate the displacement volume, delivery pulsation coefficient, input
power leakage flow rate, resistance to internal leakage, and the driving torque
of a gear pump with the following parameters:

pump speed =1450 rpm number of teeth =12
tooth module =3.5mm tooth width =20 mm
pressure angle =20° inlet pressure =0.2 MPa
exit pressure =15MPa mechanical efficiency =0.85

volumetric efficiency =0.9

Calculate the volumetric efficiency if the pressure is increased to 220 bar.

26. Calculate the maximum allowable speed of a gear pump connected as
shown in the following figure, given:

number of teeth =12 tooth module =3.5mm
tooth width =20 mm pressure angle =20°

pipe length =1m pipe diameter =13 mm
pressure head H =0.3m tank over pressure =0.13 MPa
oil density =870 kg/m? pipe friction coefficient A = 0.035

Neglect the local losses in the suction line.

Pr=0.13 MPa

L&D Ha
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27. Abent axis pump has the following parameters:

number of pistons z =9 piston diameterd ~ =9.3 mm
pitch circle diameter D =33 mm driving speed n =4000 rpm
inlet pressure P, =0.3 MPa exit pressure P =18 MPa
volumetric efficiency ~ =0.94 total efficiency =0.89
hydraulic efficiency =1 inclination angle of

cylinder block =20°

(a) Calculate the pump theoretical flow, real flow, input mechanical power
and driving torque.

(b) Calculate the leakage flow rate and resistance to leakage.

(c) Calculate the pump real flow and driving torque if the exit pressure is
increased to 30 MPa, keeping the resistance to leakage and mechanical efficiency
constant.

28. A swash plate axial piston pump has the following parameters:

z=7,d=10 mm, D = 35 mm, y=20°, n = 3000 rpm, N, =09,1n,=099, P,=0
and resistance to internal leakage R, =258 GNs/ mbS.

(a) Calculate the geometric volume of the pump and plot in scale the relation
between the real pump flow and exit pressure in the range from 0 to 30 MPa.

(b) Calculate the total pump efficiency at an exit pressure of 10 MPa.

(c) Calculate or find graphically the maximum pressure in the delivery line if
it is completely closed, in the absence of any relief valves.

4.12 Nomenclature
A = Piston area, m?
b = Tooth length, m
d = Piston diameter, m
d, = Hole diameter on the cylinder block, m
D = Pitch circle diameter, m
e = Eccentricity, m
f=TFlow pulsation frequency, Hz
h = Piston stroke, m
i = Number of pumping strokes per revolution
L = Inclined piston stroke, m
m = Module of tooth, m
n =Pump speed, rev/s
P = Pump exit pressure, Pa
P = Pressure inside the pumping chamber, Pa
P.=Pump inlet pressure, Pa
P =Mean exit pressure, Pa
P_..=Maximum pressure, Pa

m:
P_. =Minimum pressure, Pa

mi
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P = Nondimensional pump pressure
Q = Nondimensional pump flow
Q,, = Mean flow rate, m?/s
Q.. = Maximum pump flow rate, m?/s
Q.. = Minimum pump flow rate, m3/s
Q, =Pump theoretical flow rate, m3/s
r = Gear radius, m
R, = Pump resistance to leakage, Ns/m®
T = Actual pump driving torque, Nm
T, = Friction torque, Nm
T, = Pump theoretical driving torque, Nm
V,=Pump displacement (geometric volume), m®/rev
V. .. = Maximum chamber volume, m3
V nin = Minimum chamber volume, m3
z = Number of pumping chambers, pistons, and teeth per gear
o = Swivel angle, swash plate inclination angle, rad
n,, = Hydraulic efficiency
M,, = Mechanical efficiency
n,= Total efficiency
M, = Volumetric efficiency
¢ = Inclination angle of the inclined pistons, rad
6, = Pressure pulsation coefficient
6, = Flow pulsation coefficient
® = Pump speed, rad/s
y = Pressure angle of tooth, rad
p = Oil density, kg/m?
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CHAPTER 5

Hydraulic
Control Valves

Introduction

The control of hydraulic power in hydraulic power systems is carried
out by means of control valves. The control requirements are imposed
by the function of the system. The parameters of the mechanical
power delivered to the load are managed hydraulically by control-
ling the pressure, flow rate, or the direction of flow. The control valves
are classified into the following main categories:

¢ Ordinary switching valves
e Proportional valves

e Servovalves

¢ Digital valves

This chapter is dedicated to the study of the following ordinary
valves:

e Pressure control valves (PCVs)

Relief valves (direct- and pilot-operated)

e Pressure-reducing valves (direct- and pilot-operated)
¢ Sequence valves (direct- and pilot-operated)

e Accumulator charging valves

e Directional control valves (DCVs; direct- and pilot-operated)

¢ Flow control valves (FCVs)
¢ Throttle valve
e Series pressure-compensated FCV
e Parallel pressure-compensated flow control valves
e Flow dividers
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o Check valves
o Direct-operated check valves
e Pilot-operated check valves (hydraulically or mechanically
piloted)

The three basic control elements used in hydraulic control valves
are poppet valves, sliding spool valves, and rotating spool valves.
The construction, advantages, and disadvantages of these parts are
presented in Table 5.1.

Type lllustration

Poppet valve Seat Spring
The valve consists of a head (called

a poppet), a spring, and a seat. The
poppet may be spherical, conical,
plane-like, or any other shape.

During operation, the valve is either
closed (poppet seated) or opened
(poppet unseated). This valve has

the advantages of low cost, simple
construction, repair, and maintenance,
and negligible leakage. The main
disadvantage is the limitation of the
number of ports and poor controllability.

Spool valve (sliding spool)

The valve consists of a spool
mounted in a sleeve. The valve is
usually ax-symmetrical and its spool
slides axially. The main advantages of
this valve are the increased number
of control ports and its greater
controllability. The basic disadvantage
is the increased leakage and high
initial and current cost.

Housing Spool

Spool valve (rotating spool)

The valve consists of a spool
mounted in a sleeve. The spool
rotates inside the sleeve. This class
of valves is used in the steering
systems of some vehicles.

Sleeve

TaBLe 5.1 Basic Constructional Elements of Hydraulic Control Valves
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5.2 Pressure-Control Valves

5.2.1 Direct-Operated Relief Valves

Relief valves are connected with high-pressure and return low-
pressure lines. They are used to limit the maximum operating pres-
sure in the high-pressure lines. The relief valve consists mainly of a
poppet, loaded by a spring (see Fig. 5.1). The poppet is pushed by
the spring to rest against its seat in the valve housing. The spring
pre-compression force is adjusted by a spring seat screw or by in-
serting distance rings.

The poppet is subjected to both the spring and pressure forces.
The poppet rests against its seat as long as the pressure force, F,=PA,,
is less than the spring force, F_=kx . The two forces are equal when
the pressure reaches the crackmg pressure, P,. For further increases of
pressure, the poppet is displaced and the oil flows from the high-
pressure line, P, to the return line, T.

AP =kx, or P = Aix” (5.1)

P

where k= Spring stiffness, N/m
x, = Spring pre-compression distance, m
P = Cracking pressure, Pa
A, =Poppet area subjected to pressure; for a seated
poppet, A = =nD?/4, m?
D = Seat d1ameter m

The valve opening (throttling) area, A , and poppet area subjected to
pressure, A,, change nonlinearly with the poppet displacement in
this example (see App. 5A). However, in other cases, the area sub-
jected to pressure is constant, as shown in Fig. 5.2. This figure illus-
trates a direct operated relief valve consisting of spool (1), housing (2),
spring (3), spring seat (4), and adjusting knob (5).

Ficure 5.1 A simple direct-operated relief valve.
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Ficure 5.2 A direct-operated relief valve of the guided spool type.

Considering the valve shown in Fig. 5.2, the relation between the
valve flow rate and system pressure is deduced in the following:

k
P, = A—P(xo +x,) (5.2)
A A
Then X, :RTP_XD or xo+xr:TPPr (5.3)
Ap =nD4 (5.4)

In the steady state, the valve spool (1) reaches equilibrium under
the action of the pressure forces, spring force, and jet reaction forces.
Neglecting the radial clearance leakage and jet reaction forces and
assuming a zero return line pressure, when the pressure increases
such that the spool displaces by a distance x, then

0 for x<x, A =0
Q= (5.5)
C,A\2P/p  for x>x, A, =o(x-x)
AP
PA, =k(x,+x) Then x= PT - X, (5.6)
A A
A, =m(PTP—xo —xr] or A =mTP(P—P,) (5.7)
A
Then Q=C,=L(P-P)\2P/p = K(P- PP (58)

A
K=Co=t2/p (5.9)



Hydraulic Control Valves

where A = Valve throttling area, m?
C, = Discharge coefficient
P = Valve input pressure, Pa
x = Spool displacement, m
x, = Spool overlap, m
® = Valve throttling area proportionality coefficient, m

The steady-state characteristics of the valve are described by the
pressure-flow rate relation, as illustrated in Fig. 5.3. This figure shows
that the maximum pressure, P, corresponds to the relieved flow rate,
Q.. The pressure difference (P — P)) is called the override pressure. At
a pressure P = P, the poppet is in equilibrium under the action of the
pressure and spring pre-compression forces. The valve is closed and
its flow rate is zero, assuming no leakage. In order to allow the oil to
flow, the poppet should displace, which takes place at pressures
higher than P . This increase in pressure is the override pressure. For
higher flow rates, the override pressure is higher.

The slope of the Q(P) curve depends on the proportionality coef-
ficient, K [see Eq. (5.9)]. The valves operating at low flow rates and
high-pressure levels are of small dimensions, ® and A, with a great
stiffness spring, k. The constant K has a small value and the Q(P) char-
acteristic curve inclines more toward the P axis. In this case, greater
override pressures are reached when the valve operates at greater
flow rates. Thus, the maximum system pressure is much affected
by the flow rate. Therefore, the valve should be designed to have a
nearly vertical Q(P) characteristic curve. In this way, the maximum
pressure is not much affected by the variation of the relieved flow
rate. For this reason, the value of coefficient K should be maximized
by increasing the valve dimensions, A and ®, and decreasing the
spring stiffness, k. But these requirements contradict one another
since the valve should close under the action of the spring force (kx,)
against the large pressure forces (nD?P/4). This contradiction is
solved by using the pilot-operated relief valves.

A
Q
i
: Override
\Pressure
Qr ;.I “
1
|
|
|
|
|
|
|
|
Y E
P: P

Ficure 5.3 Static characteristics of a relief valve.
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Ficure 5.4 A direct-operated relief valve with damping spool.

In the case of a direct-operated relief valve, the poppet is actually a
spring-supported mass. This mass-spring system is subjected to very
low viscous friction and spring material structural-damping forces.
Then, in the steady state, this valve may suffer from sustained oscilla-
tions of the poppet, which results in observable pressure oscillations
(see Fig. 5B.4). Therefore, it might be necessary to add a damping ele-
ment to the valve. Figure 5.4 shows a direct-operated relief valve with a
damping spool. Appendix 5B presents a detailed analysis of this valve.

5.2.2 Pilot-Operated Relief Valves

The problem of increased override pressure in the direct-operated
relief valves is solved by using the pilot-operated valve design
(see Fig. 5.5). The pilot-operated relief valve consists of a main valve
(1) loaded by a spring (2). The valve is designed with a relatively
large diameter of the main poppet (1) and a small stiffness of the main
valve spring (2), which decreases the override pressure. The spring is
pre-compressed. But the pre-compression force can be overcome by a
pressure difference of about 4-10 bar between the input pressure, P,
and the spring chamber pressure, P_.

el

|
Simplified symbol

—

Ficure 5.5 Functional scheme and symbols of a pilot-operated relief valve.
(Courtesy of Bosch Rexroth AG.)
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The operation of the main valve is controlled by installing a pilot
stage (3). The pilot valve is a direct-operated relief valve, connected to
the input high-pressure line through the two nozzles, N, and N,. The
diameters of these nozzles are usually less than 1 mm. The flow rate
passing through them is too small. The direct-operated relief valve (3)
is used to impose an upper limit to the spring chamber pressure (2).
The pilot stage has small dimensions and a very stiff spring. How-
ever, the override pressure is of negligible value in this valve, due to
the very small flow rate.

When the supply pressure is less than the cracking pressure of the
pilot stage, its poppet is seated and the pressures in the valve input
line and spring chamber, C,, are equal. At this condition, the pressure
forces acting on the main poppet (1) are compensated. The spring (2)
acts to close the main valve. When the pressure, P, becomes greater
than the pilot valve cracking pressure, the pilot poppet valve opens,
and the pressure in chambers C, and C, becomes equal to the relief
pressure of the pilot stage, P.. As the pilot valve flow rate increases,
the dynamic depression in nozzles N, and N, results in a sufficient
pressure difference (P - P ) between the inlet chamber and the chamber
C,. The main valve poppet moves to allow the fluid to flow to the
return line. The pilot-operated relief valves allow for great flow rate
with smaller override pressure, compared with the direct-operated
relief valves.

Figure 5.6a illustrates the static characteristics of direct- and
pilot-operated relief valves. Note that, in commercial catalogues,
these characteristics are plotted with the flow rate on the horizontal
axis and pressure at the vertical one (see Fig. 5.6b).

250
Pilot-
operated
. 200 200
/Direct- =
operated 8
/ / < 150
/ / / c
FrE g
/ @ ]
/ / / :r' = 100 100
J'f ;J' IJ' | }
50 !
I [ i ' 50
NERENEEEEEEE
20 40 60 80 100
Pressure (bar) Flow (L/min)

(a) (b)

Ficure 5.6 Typical flow characteristics of the relief valves. (a) Flow-pressure
characteristics of direct- and pilot-operated relief values. (b) Typical characteristics
of a commercial pilot-operated relief valve, as presented in the commercial
documents.
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Ficure 5.7 Pilot-operated relief valve, sandwich construction. (Courtesy of
Bosch Rexroth AG.)

Figure 5.7 shows a pilot-operated, sandwich-type, relief valve. It
consists of a housing (7) and a relief cartridge. The system pressure is
set by the adjustment element (4). The pressure at port P acts upon
the main poppet (1). Simultaneously, the high-pressure oil passes
through the orifice (2) to the spring-loaded side of the main poppet
(1), and via the orifice (3), on to the pilot valve poppet (6). If the pres-
sure at port P exceeds the value set on the spring (5), the pilot poppet
(6) opens. The fluid flows from the spring-loaded side of the main
poppet (1), through the orifice (3), and then the channel (8) to the
return line (T). The created pressure drop across the orifice (2) acts on
the main poppet (1). The main valve opens as this pressure drop
exceeds its cracking pressure. Figure 5.8 shows another design of the
pilot-operated relief valve with two separate cartridges for the main
and pilot stages.

In addition to the override pressure reduction, the pilot-operated
relief valves can be used for system unloading. It can also be used to
produce multipressure limiting values. The symbols of these two
applications of the pilot-operated relief valves are given in Fig. 5.9.

X AR

Ficure 5.8 Construction of a pilot-operated relief valve. (Courtesy of Bosch
Rexroth AG.)
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Ficure 5.9 Typical applications of a pilot-operated relief valve.

5.2.3 Pressure-Reducing Valves

Pressure reducers are used when a subsystem operates at a pressure
lower than that of the main system. Generally, the pressure reduction
and control is carried out by means of throttling elements. Figure 5.10
illustrates the principle of operation of hydraulic pressure reducers.
Two throttles are used to connect the reduced-pressure line to the
high-pressure line and return (tank) lines. The reduced pressure, P, is

Ficure 5.10 A hydraulic circuit illustrating the pressure reduction principle.
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increased by increasing the area, A,, or decreasing the area, A, and
vice versa. An expression for the reduced pressure is deduced in the

following;:
Q=C,A\J2(P; - Py)/p =C,A,\J2(P, — P.)/p (5.10)

Assuming that the tank line pressure is zero, P. =0, then, for
equal discharge coefficients,

P Al P,
R ™ A12 + A% S (511)
The reduced pressure can be controlled by adjusting the throttle
areas A, and A,. When the first valve is fully closed, A, = 0, and the
second one is open, A, > 0, the reduced pressure equals the return pres-
sure, P, = P, while for A, =0 and A, > 0, the reduced pressure equals
the supply pressure, P, = P.. Consequently, the reduced pressure can
have any value between those of the supply and return line pressures.
Figure 5.11 shows a direct-operated pressure reducer. It consists of
a spool (2) loaded by a spring (3). The pressure in the exit port (A) is
connected to the control chamber, at the right hand side of the spool,
via the line (6). It acts on the spool, against the spring (3). If the pres-
sure in the exit port (A) is less than the value corresponding to the
spring pre-compression force, the spool shifts to its extreme right-
hand position. The pressure line (P) is then connected to the exit port
(A). The pressure in the port (A) increases and the force acting on the
spool increases. When this force overcomes the spring force, the spool
moves to the left and the connection (P-A) is throttled. At the final
position, the spool lands separate the line (A) from both the pressure
and tank lines, except for the radial clearance. If the pressure increases
to values greater than that preset at the spring, the spool moves fur-
ther to the left. This spool displacement connects the line (A) to the
tank, which decreases the pressure in the line (A). The spool displace-
ment reaches a final steady-state value when the pressure and spring

Ficure 5.11 A direct-operated pressure reducer. (Courtesy of Bosch Rexroth AG.)
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forces reach equilibrium. Thus, the value of the reduced pressure is
simply adjusted by controlling the spring pre-compression. The re-
duced pressure is precisely adjusted at no-flow conditions. During
the valve opening, the fluid flows from line (P) to line (A). The pres-
sure in line (A) is determined by the loading conditions of the down-
stream subsystem. For each pressure level, the spool takes a corre-
sponding position; x = (P,A —kx )/k, and a corresponding flow rate is
developed. In this case, the reduced pressure decreases with the in-
crease of the valve flow rate.

Figure 5.12 gives the flow characteristics of a pressure reducer for
different preset pressure levels. If the exit pressure, P,, is increased, the
spool moves to the left, allowing the fluid to flow from port (A) to the
tank line (T), creating a negative flow rate. In this way, the valve acts as a
pressure reducer and as a relief valve for line (A). A built-in check valve
(2) allows for the free flow from line (A) to line (P) whenever needed. The
different operating modes of a typical direct-operated pressure reducer
are presented in Fig. 5.13. A hydraulic circuit illustrating the application
of a direct-operated pressure reducer is given in Fig. 5.14.

In the case of increased flow rates, the pilot-operated pressure
reducers are used. Figure 5.15 shows the construction of a pilot-
operated pressure reducer. This reducing valve consists of the main
housing (1), pilot valve (2), and main cartridge assembly (3). The pilot
valve is a simple direct-operated relief valve. It limits the pressure
behind the main valve to a maximum value, P,. The flow rate through
this valve is too small; therefore, it operates with a negligible override
pressure. The spring chamber of pilot valve (14) is drained externally
through passage (15). The main valve (13) is normally open, permit-
ting flow from the high-pressure port (P) to the exit port (A). Port A is
connected to the spring chamber in two ways, through the orifice (4)
and through the orifices (7 and 10).
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Ficure 5.13 Operation of a direct-operated pressure reducer. (Courtesy of Bosch
Rexroth AG.)

If the reduced pressure at port (A) is less than the limiting value
P, the pilot stage is closed and the pressure in the chamber (13) equals
the input pressure, and the pressure forces acting on the main spool
are in equilibrium. The spring in the chamber (12) holds the main
spool (13) open. When the pressure in port (A) becomes greater than
(P,), the pilot poppet (6) opens, allowing the orifices (4, 7, and 10) to
maintain the flow over the pilot poppet (6). When pressure difference
across the main spool exceeds the value needed to overcome the
spring force in the chamber (12), the main spool (13) begins to close.
The fluid flow from (P) to (A) throttles gradually. Thus, the main
spool (13) reaches a final steady state when the resultant force acting
on it is null. Or

P, =P, +k(x, +x)/ A, (5.12)

where A_is the spool area.
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Ficure 5.15 A pilot-operated pressure reducer. (Courtesy of Bosch Rexroth AG.)
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The spool displacement x is actually too small compared with the
spring pre-compression distance x,.

5.2.4 Sequence Valves

The sequence valves are used to create a certain sequence of operations
according to the pressure level in the system. Figure 5.16 shows a
direct-operated sequence valve consisting of a spool (2) loaded by a
spring (3). The pressure in the inlet port (P) is connected to the control
chamber at the right side of spool, through the passage (6). The pres-
sure in this chamber acts on the spool against the spring force. If the
pressure forces overcome the spring force, the spool displaces to the
left connecting line (P) to (A). The valve can be externally controlled
through port (B). In this case, the connection of port (P) with the control
chamber should be blocked. Optionally, the valve is equipped with a
check valve to allow for free reverse flow. The open and closed operat-
ing modes of a direct-operated sequence valve are shown in Fig. 5.17.

Closed position

F
Opened position —Sr D1

Ficure 5.17 Operation of a direct-operated sequence valve.
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An expression for the valve steady-state flow rate is deduced in
the following, neglecting the return line pressure:

F,=k(x+x) F,=AP, and F,=F (5.13)
Thy A 5.14
en X = PPT -Xx, (5.14)

The flow rate, Q, flowing from the input port (P) to exit port (A)
in Fig. 5.17 is

= A 5.15
Q de(PPTS_‘xa_er f%(PP—PA) x2x, 619

For a certain flow rate (Q), the pressure drop (AP) across the
sequence valve is

pQ*
AP=P,-P, = B (5.16)
2de[PP 75 -x, - xr]

where A, = Spool area, m?
P, = Inlet line pressure, Pa
P, = Exit line pressure, Pa

A
x, = Spool overlap, m

Tw»
I

Equation (5.16) shows that the pressure drop (AP) across the
sequence valve is inversely proportional to the input pressure (P,).
The increase in the input pressure, above the cracking pressure,
decreases the pressure and power losses in the valve. The pressure
losses in a typical direct-operated sequence valve as well as its flow
characteristics are shown by Fig. 5.18. These characteristics show that
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1. Flow from A to P through the check valve, 2. Direct flow from P to A

Ficure 5.18 Static characteristics of a typical direct-operated sequence valve.
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Ficure 5.19 Typical application of a sequence valve.

the pressure losses in the sequence valve, path (P-A) are of the same
order of magnitude as those in the check valve.

The sequence valves are also called multifunction valves and are
used in various configurations to control sequencing, braking, un-
loading, load counter balancing, or other functions. Figure 5.19 shows
the hydraulic circuit of a typical application of the sequence valve.

Pilot-operated sequence valves (shown in Fig. 5.20) are used for
applications requiring increased flow rates. They consist of a main
housing with a cartridge assembly (1), a pilot valve (2), and an optional
reverse free-flow check valve (3). The function of this valve varies
depending on the pilot line (internal or external) and the drain line
(internal or external).

The pilot stage is a 2/2 direct-operated directional control valve
of spool type (see Sec. 5.3.3). The spool is loaded by the adjustable
force of the spring (8). For internal piloting, the plug (4.1) is removed
and the plug (4.2) is installed. The control pressure acts on the spool
through the plunger (5). For an externally piloted valve, the line (X) is
active; the plug (4.1) is installed while the plug (4.2) is removed.
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Ficure 5.20 A pilot-operated sequence valve. (Courtesy of Bosch Rexroth AG.)

If the pilot pressure force is less than the spring force, the spool is
shifted to the left. The spool land (10) closes the spring chamber of the
main valve (7). The two sides of the main valve are interconnected by
the orifice (6). The pressures at the input line and the spring chamber
are equal and the spring acts to keep the main valve closed. On the
other hand, if the control pressure force overcomes the force of the
pilot-valve spring (8), the spool shifts to the right. The liquid flows
from the input port (A) to the output port (B) through the orifices
(6 and 9), the spool valve (10) and the passages (11 and 12). The pres-
sure difference developed across the orifice (6) acts to displace the
main valve poppet upward. The main valve opens and connects the
inlet port (A) with the exit port (B). The orifice (9) acts as a damping
element.

5.2.5 Accumulator Charging Valve

The hydraulic accumulators are used to store hydraulic energy. (See
Sec. 6.2.2.) They are installed in the hydraulic power systems for dif-
ferent reasons: energy storage, protection against hydraulic shock,
pump unloading, and others. When using the hydraulic accumulator
for pumps unloading, it is considered the main source of hydraulic
energy in the system. The pump serves mainly to charge the hydraulic
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To System
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Ficure 5.21 (a) An accumulator charging valve and (b) the typical application of an
accumulator charging valve.

accumulator. In this case, the system operates between two operating
pressure levels: maximum pressure P, and minimum pressure P..
Figure 5.21 illustrates a construction and typical application of an
accumulator charging valve. It operates to keep the pressure in the
accumulator within the prescribed limits.

The accumulator charging valve consists of a pressure sensor
(1) and a pilot-operated check valve (see Fig. 5.21a). The spool of
the pressure sensor displaces downward as the accumulator pres-
sure increases. The pilot-operated check valve consists of a check
valve (3) and a pilot piston (2). The check valve is forced to open if
the pilot piston is displaced downward; otherwise, the poppet rests
against its seat. When the pressure in the accumulator reaches the
maximum value P,, the spool of the pressure sensor (1) displaces
downward to connect the high pressure line to the pilot piston (2).
This piston displaces downward to open the check valve (3). The
pump delivery line is then drained to the tank through the opened
check valve and the pump operates unloaded. The check valve (4)
prevents the pressurized oil in the accumulator from returning to
the tank. During this operating mode, the accumulator supplies the
system with the required high-pressure oil, which decreases the oil
volume in the accumulator and decreases its pressure. Then, the
piston (1) shifts upward. The oil in the upper chamber of the pilot
piston is trapped. When the accumulator pressure reaches its mini-
mum value, P, the pressure sensor spool reaches its upper position,
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and the pilot piston chamber is drained to the tank. The pilot piston
moves upward under the action of its spring and the check valve
(3) closes the pump bypass line. The pump flow is then redirected to
recharge the accumulator.

Directional Control Valves

5.3.1 Introduction

Directional control valves (DCVs) are used to start, stop, or change
the direction of fluid flow. These valves are specified by the number
of connected lines (ways) and the number of control positions. The
control positions determine the way in which the lines are intercon-
nected, and consequently the directions of fluid flow. A 4/3 DCV has
four ways and three positions. The application of a DCV in control-
ling the direction of motion of hydraulic cylinders is illustrated in
Fig. 5.22. A 4/3 directional control valve is connected to the pressure
line (P), return line (T), and cylinder lines (A and B). In its neutral
position, the valve closes all of the four lines and the cylinder is
stopped. By switching the valve to any of the other positions, the cyl-
inder moves in the corresponding direction.

5.3.2 Poppet-Type DCVs

Poppet-type directional control valves are of two positions and three
or four ways. The construction and operation of this class of valves is
illustrated in Figs. 5.23 and 5.24. Generally, the direct-operated DCV
of the poppet type operates at pressure levels up to 630 bar and flow
rates up to 40 L/min.

Figure 5.23 illustrates the construction of a 3/2 DCV of poppet
type. When the plunger (3) is not depressed, the spherical poppet is
seated under the action of the spring. The pressure line (P) is closed
and the main poppet is in a mid position, connecting the exit port (A)
with the tank (T). When the plunger is displaced, usually by an elec-
tric solenoid, it displaces the main and spherical poppets to the right.
The tank port closes and the port (A) connects with the pressure line
(P). The valve is equipped with an arrangement for compensating the

—

=
—

L

AN .

T

Ficure 5.22 A hydraulic cylinder controlled by a 4/3 DCV.
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pressure forces, acting on the moving parts. The 3/2 DCV can be
converted to a 4/2 DCV, by adding a sandwich plate, including a con-
trol piston (4) and a spherical poppet (see Fig. 5.24).

5.3.3 Spool-Type DCVs

The spool valves are widely used in directional controls. They allow
designing valves of two, three, four, five, or six ways, and even more,
in addition to a wide variety of control positions. Figures 5.25 through
5.29 illustrate the construction and operation of typical DCVs of spool
type. These examples show that the spool can be designed to give the
required way of connection of valve ports. Figure 5.30 shows the
symbols of the most widely used industrial directional control
valves.
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Ficure 5.27 Operation of a 4/3 DCV of spool type (closed center).
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Ficure 5.29 A 4/3 DCV with a bypass at the neutral position. (Courtesy of Bosch
Rexroth AG.)
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Ficure 5.30 Symbols of the most used configurations of industrial DCVs.
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5.3.4 Control of the Directional Control Valves

Basic Control Devices
Controlling a DCV means to switch the valve from one position to
another. The main control devices for the DCV are shown in Table 5.2,

Control Device Illustration

Mechanical control by hand lever

Mechanical control by cam and
roller

Mechanical control by rotary knob

Hydraulic control

Pneumatic control

Courtesy of Bosch Rexroth AG.

TaeLe 5.2 Control Devices of Directional Control Valves
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Control Device

Illustration

Electric control by direct current
solenoids

Electric control by alternating
current solenoids

TaBLe 5.2 Control Devices of Directional Control Valves (Continued)

while the standard symbols of the different controllers are illustrated
by Fig. 5.31.

Electric Solenoids

The electric solenoid actuators are widely used for the control of a
wide variety of hydraulic valves, and are available for many voltages
in both AC and DC versions. Both air gap solenoids and wet pin sole-
noids are also used.

Basic Solenoid Operation Whenever electric current flows through a
wire, it creates a magnetic field around that wire. If the wire is wound
into a coil, the magnetic field is generated around the coil windings
(see Fig. 5.32). The magneto-motive force, A, is proportional to the
number of turns of coil, N, and electric current, i.

A =Ni (5.17)

The magnetic field builds up more readily in soft magnetic mate-
rial such as iron or steel than it does through air. Therefore, the
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Ficure 5.31 Symbols for DCV controllers.

Ficure 5.32
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Ficure 5.33 Construction of a DC solenoid. (Courtesy of Bosch Rexroth AG.)

magnetic field can be concentrated by adding a “C-frame” of iron
around the outside the coil (see Fig. 5.33). Then, if a movable iron core
is placed inside the coil, the magnetic field will be more intense when
the core is in such a position that the C-frame and core are totally
within the magnetic field. The solenoid force will develop when the
coil is energized. This force will pull the core to its point of equilibrium
at the mid-position of the C-frame.

DC Solenoids In the case of direct current solenoids, the current
develops a magnetic field of fixed polarity. Both the C-frame and the
core will be magnetized with definite north and south poles. When a
current is applied to a DC solenoid, the north and south poles of the
C-frame attract the south and north poles of the core, respectively.
The resultant attraction force is the solenoid force.

The DC solenoids are practically safe from burning out if the cor-
rect voltage is applied. The solenoid force depends not only on the
solenoid design and current but also on the core position as shown by
Fig. 5.34. It decreases as the core approaches its point of equilibrium.
Therefore, the core displacement should be limited (see Fig. 5.33),
otherwise the solenoid force drops below the required value. The
direction of this force reverses if the core is shifted over its point of
equilibrium, but it does not change if the current polarity is reversed.

The available commercial solenoids produce a force within 60 to
70 N. For a greater force, the number of turns of coil or current should
be increased, which increases the solenoid volume to inconvenient
values.
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Ficure 5.34

A typical solenoid
force-stroke
relation.
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AC Solenoids Although the AC solenoid functions in the same man-
ner as the DC model, its magnetic field is influenced by the alternat-
ing current. This has the net result of changing the polarity of the
magnetic field at the same rate. The magnetic force is high only when
the AC current is at its positive or negative peak. The change in mag-
nitude of electric current induces an electromotive force and eddy
currents in the metallic parts of the magnetic circuit, mainly the
C-frame and core. Therefore, these parts are produced from electri-
cally isolated laminates of metals (see Fig. 5.35). In this way, the eddy
currents and associated heating problems are reduced. The problem
of overheating in AC solenoids is treated by using wet pin solenoids,

T-Bar core

Ficure 5.35

An AC solenoid.
(Courtesy of Bosch
Rexroth AG.)

Rubber bumper

C-frame Coil override
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which are also used in some DC solenoids because of the following
advantages:

o Better heat dissipation.
¢ A dynamic pushpin seal is not needed.
¢ Quiet operation.

e The moisture problem is eliminated.

As the current changes from positive to negative, or vice versa, it
must pass through a neutral point where there is no current. During
this short period of time, a point is reached where no magnetic force
exists. Without this magnetic attraction, the load can push the core
slightly out of equilibrium. Then, as the current builds up, the mag-
netism increases and pulls the core back. This movement of the core
in and out at a high cycle rate creates noise, which is commonly
referred to as buzz.

To eliminate “buzz” and to increase the solenoid’s holding power,
most AC solenoids incorporate a shading coil. A magnetic field pass-
ing through a coil of wire induces an electric current in the same way
electric current passing through a coil of wire creates a magnetic field.
The flow of current in the shading coil creates its own magnetic field.
The current produced in the shading coil lags behind the applied cur-
rent to the coil inductance. When the applied current passes through
the zero value in its change from one polarity to another, the current,
and thus the magnetic field of the shading coil, are at their maximum
value. When the solenoid is used within its force rating, the magnetic
field of the shading coil is sufficient in strength to keep the core in
position, thus eliminating the buzz. Table 5.3 gives a brief compari-
son of DC and AC solenoids.

cycles/second

Property DC AC

Switching time 50-60 ms Within 20 ms

Service-life expectations 20 to 50 10 to 20 million cycles
million cycles

Max. switching frequency Upto 4 Up to 2 cycles/second

Continuous operating Practically 15-20 min for dry solenoids

period unlimited 60-80 min for wet
solenoids

Costs (relative) 1 1.2

Occurrence rate 10 2

TaBLe 5.3 Comparison of DC and AC Solenoids
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5.3.5 Flow Characteristics of Spool Valves

The spool valves are classified into three types according to spool
land length: over-lapping (positive), zero-lapping (ideal), and under-
lapping (negative). (See Fig. 5.36.)

The valve is said to be of overlapping type if the spool land length
is greater than the valve opening width (see Fig. 5.37). Assuming that
the valve throttle area is linearly proportional to the valve opening,
and neglecting the radial clearance leakage, the flow rate through the
spool valve is given by the following relations:

For Ixl<e, A, =0, Q=0 (5.18)
For e<ixi<(e+a), A, =o(xl-g), Q=C,o(xl-€)\2AP/p  (5.19)

For lxI>e+a, A,=o0a, Q=C,wa\J2AP/p (5.20)

where A = Throttling area, m?
x = Spool displacement, m
€ = Overlapping length, m
® = Width of the valve port, for annulus area ® = tD, m
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Ficure 5.36 Spool valve classification according to spool land length.
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Fieure 5.37 Flow characteristics of the over-lapping spool valve.
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The flow characteristics of the three basic types of spool valves
are better illustrated by assuming a constant pressure difference
across the valve restriction.

AP=P,-P, =P, - P, = Const. (5.21)

The flow characteristics of the overlapping valve are plotted in
Fig. 5.37. The flow from (P) to (A) is positive and from (A) to (T) is
negative. The valve has a dead zone of width 2¢e. The valve flow rate
reaches the saturation conditions when the valve port is completely
cleared out; |x| 2 € +a. This class of spool valves is convenient for the
directional control valves. The overlap reduces the internal leakage
and production cost. Meanwhile, nonlinearity of flow characteristics
does not affect the DCV operation since the spool is displaced to its
extreme position without stopping within the dead zone.

The ideal zero-lapping valve has a spool land length equal to the
width of the valve port (see Fig. 5.38). The flow rate through the valve
port is given by the following equations:

For x| < a, A, =0lx|, Q=C,0 |xI\2AP/p (5.22)
For lxI>a, A, =0a, Q=C,wa\2AP/p (5.23)

The flow-displacement relation of the zero-lapping valve is plot-
ted in Fig. 5.38. The valve shows a linear flow-displacement relation
for (-a < x < a). On the other hand, the zero-lap increases the internal
leakage and the production cost. This class of spool valves is conve-
nient for the servovalves due to their linear characteristics.

The construction and flow characteristics of the under-lapping
valve are shown in Fig. 5.39. This valve design gives increased internal
leakage and higher flow gain for spool displacements within the under-
lapping zone. This class of spool valves is used in ordinary directional
control valves and sometimes in proportional and servo-valves.

»

Q

+a X

A 0

Ficure 5.38 Flow characteristics of a zero-lapping spool valve.
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Ficure 5.39 Flow characteristics of an under-lapping spool valve.

5.3.6 Pressure and Power Losses in the Spool Valves

Flow rates through the spool valve restrictions, Q, and the pressure
drop across it, AP, are related by the following expressions:

Q=C,A\2AP/p or AP= 2C§A2 Q2 (5.24)

The loss of power, AN, due to oil flow through the valve restric-
tion is given by the following relations:

AN =QAP=C,A AP\2AP/p or AN = 2C‘2’A2 Q* (525
d* v

Itis important to reduce the pressure and power losses in the valves.
Therefore, the restriction area, A , should be increased as much as pos-
sible. The manufacturers of DCVs offer the characteristic chart, shown
in Fig. 5.40. This chart gives the pressure-flow relation for the direc-
tional control valves, size 6, illustrated by Figs. 5.27 through 5.30.

Generally, the throttle area, A, changes with the spool valve
opening, x, depending on the spool geometry, as illustrated by
Fig. 5.41 and discussed in App. 5A. For the annulus throttling area of
a spool of diameter d, the throttling area is A =ndx, = wx,. There-
fore, the pressure losses are reduced by increasing the spool diameter
and stroke. These requirements are in contradiction to the require-
ments of minimum dimensions and weight. Moreover, the increase in
the diameter increases the mass, decreases the valve natural frequency,
and increases the response time. Therefore, for small flow rates, the
spool dimensions may be minimized, while the increase in flow rate
imposes the necessity for dimensions to increase.

Sometimes, the spools are machined with control notches or
grooves of different shapes at the edge of the spool land. These grooves
are designed to change the valve throttle area in relation with the
spool displacement according to certain laws. This may be intended
for gradual compression or decompression of oil.
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Ap-q, characteristic curves Spool Direction of flow
symbol | P-A | P-B | A-T |B-T
1 A B 3 3 - -
10 c 1 1 3 1
D;Y 5 5 3 3
8
E 3 3 1 1
1
6 F 1 3 1
T 10 10 9 9
4 H 2 4 2 2
Ja 1 1 2 1
F 4 L 3 3 4 ]
M 2 4 3 3
0 10 20 30 4 50 6 70 80 F S 1 1 1
Flow in L/min — R 5 b s =
v 1 2 1 1
7 Spool symbol “R” in spool position B = A I 1 1 9 2
8 Spool symbal “G" and “T" in central position P=T
» " u 3 3 9 4
9 Spool symbol "H" in central position P =T
G ] & 9 9

Ficure 5.40 Typical pressure drops in a size 6 DCV for different inner paths.
(Courtesy of Bosch Rexroth AG.)
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Ficure 5.41 A spool with and without control edges.

5.3.7 Flow Forces Acting on the Spool

The fluid flow results in a steady-state force equal to the rate of change
of the momentum of the fluid. Considering a machine bounded by a
control volume (Fig. 5.42), where the inlet fluid velocity is v, the exit
velocity is v,, the rate of fluid flow is Q, and the fluid density p is
constant, the machine is subjected to a momentum force, Fj, given by
the following formula:

F =pQ(v, - ,) (5.26)

Considering the throttling of oil in the valve restriction, the oil
velocity in the valve chamber is much smaller than that in the throttle
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Ficure 5.42 Fluid flow across system boundaries.
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Ficure 5.43 Momentum: jet reaction, forces.

section. In the case of fluid flow out of the valve (Fig. 5.43a), the exit
oil velocity is given by

v, = (5.27)

where C = Contraction coefficient. Then, for v, << v,
F,=—pQu, (5.28)
The negative sign means that the momentum force acts in the

direction opposite to that of the exit oil velocity. The magnitude of the
momentum force is deduced as follows:

_pQ’
F = CA (5.29)
Q=C,A,\J2AP/p (5.30)
_2C2A

F, C—CZ’AP (5.31)

m
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If the radial clearance is negligible compared to the valve opening
distance, the exit flow and jet forces are in a direction inclined to the
spool axis by an angle ¥ =69°. This force is decomposed into two
components: axial F_and radial F..

F =Fcos® and F =Fsind (5.32)

The radial component of the jet forces increases the friction and
wear of spools. Therefore, the inlet and exit ports of the valve should
be distributed ax-symmetrically to compensate for the radial compo-
nents of the momentum forces. However, the axial components are
added together and produce an axial resultant force. This force acts in
the direction of valve restriction closure. Thus, the valve controller
should act on the spool by the force necessary to displace the spool or
poppet against the momentum force in addition to the other loading
forces.

2C2A
F = C L cosVAP (5.33)
For C,=0.611,C =0.62and 9 =69°, A = wx
Then F =0.4280APx = Kx (5.34)

If the fluid flow is inlet to the spool valve (Fig. 5.43b), then v, >> v,
and the momentum force is

F=pQo, (5.35)

Thus, the momentum force acts all the time in the direction to
close the valve restrictions, regardless of the direction of flow. It acts
as a centering spring.

5.3.8 Direct-Operated Directional Control Valves

In the case of valves operating for low flow rates, the valve restriction
areas are small and the flow forces are of negligible value. The control-
ler can act directly on the spool by the force required to overcome the
spring compression, friction, momentum, and inertia forces. These
valves are called direct-operated valves (see Fig. 5.44). The increase in
the valve flow rate increases the momentum forces and imposes the
need for greater dimensions of the valve. Therefore, the valve control-
ler should act by greater force to drive the spool. In the case of valves
controlled by electric solenoids, the solenoid mass and volume
increase rapidly as the force increases. This is due to the need for a coil
with a greater number of turns and greater wire diameter in order to
support the higher electric current. Therefore, the electric solenoids
are used for the direct-operated DCV of flow rates within 100 L/min.
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Ficure 5.44 A 4/3 direct-operated directional control valve. (Courtesy of Bosch
Rexroth AG.)

For greater flow rates, the direct-operated directional control valves
become inconvenient due to the limitation of the solenoid force. In this
case, the pilot-operated DCVs are used. However, direct operated
DCVs, controlled mechanically, can operate at higher flow rates.

5.3.9 Pilot-Operated Directional Control Valves

The pilot-operated directional control valve consists of two stages: a
pilot valve and a main valve. Figures 5.45 through 5.47 show func-
tional schematics and symbols of this class of valves. The pilot valve

e o —
= b —E

b

Ficure 5.45 The functional schematic of a pilot-operated DCV.
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Ficure 5.46 The detailed and standard symbol of a pilot-operated DCV with an
internal pilot supply and return.
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1. Housing, 2. Main control spool, 3. Centering springs, 4. Pilot valve, 5. Solenoids,
6. Spring chamber D, 7. Pilot Line, 8. Spring chamber C, 9. Optional hand override,
10. Pilot spool, 11. Centering sleeve, X. External pilot supply port, Y. External pilot
drain port, L. Drain port

Ficure 5.47 A 4/3-way pilot operated directional valve with pressure centering of
the main control spool. (Courtesy of Bosch Rexroth AG.)

is a direct-operated directional control valve, controlled electrically in
this example. The valve is supplied by the high-pressure oil from the
main valve high-pressure port (P). The oil is also drained through the
main valve return line (T). With the pilot valve spool in the neutral
position, the control chambers (C and D) are drained to the tank and
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the main spool is put in its neutral position. When the solenoid (a) is
energized, the pilot valve spool moves to the right. The high-pressure
oil reaches the chamber (D) and the main spool moves to the left.
In the same way, the connection of electric power to the solenoid
(b) results in a motion of the main spool to the right.

The supply and return lines of the pilot stage are mostly connected
to the main stage supply and return lines. However, optionally, the
valve may include an arrangement for switching any of them to
external ports.

Check Valves

The check valves are generally used to allow for free flow in one
direction, and prevent (obstruct) the fluid flow in the opposite direc-
tion. Figure 5.48 shows a classification of the check valves.

5.4.1 Spring-Loaded Direct-Operated Check Valves

The direct-operated check valves consist of a simple poppet valve
with a poppet loaded by a spring (see Fig. 5.49). The poppet rests
against its seat, obstructing the direction from (B) to (A). It allows the
fluid flow in the direction (A) to (B) if the pressure difference (P, — P,)
is greater than the cracking pressure P, defined as the pressure dife-
rence which produces a pressure force equal to the spring force. The
cracking pressure is usually less than 10 bar for the check valves.

(P, - P)A, = kx, (5.36)
P =P, B, =kx,/A, (5.37)
CHECK VALVES
]
I l
DIRECT- PILOT-
OPERATED OPERATED

1. With Spring 2. Without Spring | |HYDRAULICALLY PILOTED | |6. Mechanically Piloted

SINGLE VALVE 5. Double Valve

3. Without Drain Port 4. With Drain Port

Ficure 5.48 Classification of check valves.
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Ficure 5.49
Direct-operated
check valve, spring
loaded. (Courtesy
of Bosch Rexroth
AG.)
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where A = Poppet area subjected to pressure difference, m*
P = Cracking pressure, Pa
x, = Spring pre-compression distance, m

5.4.2 Direct-Operated Check Valves Without Springs

Some applications require a very low cracking pressure. In this case,
the check valve is designed with springs of very low stiffness or even
without springs (see Fig. 5.50). These valves operate with a cracking
pressure less than 0.2 bar. Their symbol is drawn without the spring.

5.4.3 Pilot-Operated Check Valves Without External

Drain Ports
Some applications, such as the hydraulic locking of hydraulic cylin-
ders, require the installation of check valves. In certain operating modes
of these systems, it is recommended to open the check valve to allow
free fluid flow in both directions. The pilot-operated check valves are
designed to fulfill this requirement (see Figs. 5.51 and 5.53).

Ficure 5.50
Direct-operated B

check valve without

spring.

/71
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Ficure 5.51
Pilot-operated
check valves, with
internal drains.
(Courtesy of Bosch
Rexroth AG.)

These valves allow the fluid to flow in one direction (A to B) and are
piloted to allow for the reverse flow (from B to A). These pilot-operated
check valves consist of valve housing (1), main poppet (2), spring (3),
pilot piston (4), and an optional decompression poppet assembly (5). In
the checked direction (B to A), the main poppet (2) and the decompres-
sion poppet (5) are seated by the spring (3) and by the pressure in port
(B). When the pilot pressure is applied to the port (X), the pilot piston (4)
moves to the right. The decompression poppet (5) opens first, followed
by the main poppet (2). This design permits the rapid and smooth
decompression of the fluid.

Figure 5.52 shows an example of the application of a pilot-operated
check valve for the hydraulic locking of a cylinder position.

Ficure 5.52 Example of a pilot-operated check valve application for
hydraulic cylinder position locking.

1
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Fieure 5.53 Pilot-operated check valve, with external drains. (Courtesy of
Bosch Rexroth AG.)

5.4.4 Pilot-Operated Check Valves with External Drain Ports

An additional external drain port (Y), allows the annulus area of the
pilot piston (4) to be drained separately (see Fig. 5.53). The pressure
at the port (A) only acts on the rod area of pilot piston (9), which
reduces the influence of downstream pressure.

5.4.5 Double Pilot-Operated Check Valves

Figure 5.54 shows a double pilot-operated check valve of sandwich
plate design. This valve provides leak-free closure of the two actuator
ports (A2 and B2) during the idle periods. Free flow (from A1l to A2 or
B1 to B2) is permitted, while the flow in the opposite direction is not
allowed. The flow (from A1 to A2 or B1 to B2) applies a pressure force
to spool (1), which moves to the left (or the right), unseating the
opposite poppet (2). The oil now flows from (B2 to B1 or A2 to Al). To
ensure that the poppet valves seat correctly, the ports of the DCV
(Al and B1) should be drained. They should be connected to the tank
when the DCV is put in its neutral position.

'1,-'-1- e

y|
o R AN~
e —

Ficure 5.54 A double pilot-operated check valve. (Courtesy of Bosch Rexroth AG.)
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Ficure 5.55

A mechanically
piloted check
valve.

5.4.6 Mechanically Piloted Pilot-Operated Check Valves

Another version of the pilot-operated check valves is piloted
mechanically (see Fig. 5.55). When depressed by an external force, the
pin displaces the poppet. Then, the valve opens and allows the fluid
to flow in both directions. This valve is commonly used as a means
for creating a sequence of operating hydraulic actuators.

Flow Control Valves

The fluid flow rate is controlled by using throttling elements. The
flow rate through a throttling element is governed by the following
equation (see Orifice Flow in Sec. 2.2.2).

Q=C,A 2P, -P,)/p (5.38)

Sharp-edged restrictors are viscosity independent. They have a
practically constant discharge coefficient (C,= 0.611). Short tube and
other shaped orifices have variable discharge coefficients, depending
on the Reynolds number and orifice geometry. They are temperature-
and viscosity-dependent. Moreover, all of the throttle elements are
pressure-dependent. The flow rate through them changes with the
variation of the pressure difference. Therefore, the simple throttle
valves do not control precisely the fluid flow rate. A pressure compen-
sator should be added to have a pressure-independent flow control
valve. Figure 5.56 gives a classification of the flow control valves.

FLOW CONTROL VALVES
|
[ |
THROTTLE VALVES FLOW CONTROL VALVES
PRESSURE DEPENDENT PRESSURE INDEPENDENT
[ | |
1. VISCOSITY 2. VISCOSITY 3. SERIES PRESSURE- 4. PARALLEL PRESSURE-
DEPENDENT | |INDEPENDENT| |~ compeNsaTED COMPENSATED .

Ficure 5.56 Classifications of flow control valves.
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Ficure 5.57 (a) A throttle valve and (b) a throttle-check valve for line
mounting. (Courtesy of Bosch Rexroth AG.)

5.5.1 Throttle Valves

The throttle valves are used to restrict the fluid flow in both direc-
tions while the throttle-check valves restrict the flow in one direction
only. Figure 5.57 shows examples of the throttle and throttle-check
valves for threaded line mounting. They consist of an adjustment
sleeve (1) and an inner housing (2). The throttle valve (see Fig. 5.57a)
restricts the flow in both directions. The fluid flows through the
radial drillings (3) to the throttling area (4), which is defined by the
inner housing (2) and the adjustment sleeve (1). The valve restriction
area is controlled by turning the adjustment sleeve (1).

Figure 5.57b shows a throttle-check valve. This valve restricts the
flow in one direction and allows for free flow in the opposite direction.
The fluid passes through the radial drillings and throttling area (4). The
throttling is achieved in one direction. In the reverse direction, the pres-
sure acts on the check valve poppet (5). When the pressure difference
exceeds the cracking pressure, the poppet opens, allowing reverse flow.
In parallel, the fluid also passes through the throttle area (4).

5.5.2 Sharp-Edged Throttle Valves

The flow rate through sharp-edged throttle valves is independent of
viscosity. Figure 5.58 shows the construction of a fine throttle valve of
sharp edges. It is comprised of a housing (1), an adjusting element (2),
and an orifice (3). The fluid flow (from A to B) is throttled at an orifice
window. The throttle opening is adjusted by rotating the core (5), the
lower end of which is a lip of helical shape. The preferred direction of
flow is from (A) to (B). The area (3) of the orifice revealed by the core
pin is controlled by positioning the sleeve (6), using the adjustment
screw (4). The throttling area is indicated by means of an adjustment
scale at the top surface of the housing (1). During operation, the ori-
fice with the adjustment screw is supported on the valve mounting
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Ficure 5.58 A fine throttle valve. (Courtesy of Bosch Rexroth AG.)

face. The variation of the throttle area with the core rotational angle
may be linear or nonlinear, depending on the shape of the orifice on
the sleeve (6).

5.5.3 Series Pressure-Compensated Flow Control Valves

Figure 5.59 gives the hydraulic circuit of a system incorporating a
series pressure-compensated flow control valve FCV, also called two-
way FCV. The valve consists of a sharp-edged throttle and a pressure
compensator connected in series. The pressure compensator is
installed downstream of the throttle. It consists of a spool valve loaded

%
Q. 5
P3
k
X

Ficure 5.59 A series pressure-compensated FCV with a pressure
compensator mounted downstream of the main orifice. (Courtesy of Bosch
Rexroth AG.)
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by a spring. The pressure difference across the main throttle (P, - P))
acts on the spool by the force F, = A(P, - P,), against the spring
force F . The compensator keeps a constant pressure drop, AP, across
the main throttle. Typically, the value of the pressure difference is
selected in the range 4 to 10 bar. In the steady state, this pressure dif-
ference produces a force equal to the spring force. The two-way flow
control valve operates as follows:

In the steady state, the pressure difference across the main throttle
reaches its required value, AP,. The pressure and spring forces are in
equilibrium and the spool gets in its steady-state position. The flow
rate reaches the required value given by

Q=C,A \2(P,-P)/p (5.39)
For p =900 kg/m? C,=0.611, and AP = AP,=5 bar,
Q=20.37A4, (5.40)

If the pressure difference is increased, P, — P,> AP, the flow rate
increases. Simultaneously, the spool moves downward, against the
spring, to decrease the area of the spool valve restriction. The flow
rate through the main throttle decreases and so does the pressure dif-
ference across the main restriction. Afterward, the valve again reaches
the steady state, where P, — P,= AP,

If the pressure difference is decreased, P, — P, < AP, the flow rate
decreases. The pressure force acting on the compensator spool
becomes less than the spring force. The spring pushes the spool
upward, increasing the restriction area of the spool valve. The flow
rate through the main throttle and the pressure difference (P, - P,)
increase until they reach the required steady-state values.

The pressure compensator acts constantly to compensate for the
effect of the variation of supply and load pressures. In the steady
state, the spool of the pressure compensator is in equilibrium

(P, = P)A, +F, =k(x,+x) (5.41)

Actually, the jet reaction force, F,, is negligible compared with the
spring force. Moreover, considering the real valve operation, the
spool displacement x is too small compared with the spring pre-
compression distance, x << x,. Then, the pressure difference (P, - P)
reaches a steady-state value AP = kx /A = AP,.

Figure 5.60 shows a commercially available flow control valve. It
is a series pressure-compensated flow control valve. It controls the
flow rate, independent of the changes in fluid viscosity or pressure
drop across the valve as long as it is greater than AP,. It consists of a
housing (1), a hand knob with scale (2), and a downstream pressure
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Ficure 5.60 _mE'
T 2

A two-way FCV.
(Courtesy of Bosch
Rexroth AG.)
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compensator (4). The flow (from port A to B) passes through the ori-
fice window (5) on the side wall of the hollow spool (3). The rotation
of the knob (2) adjusts the vertical position of the spool (3) and thus
determines the area of the throttle (5).

The pressure compensation is achieved by the downstream com-
pensator, which consists of a spool (4) of area A,, and an orifice
(8) connected in series with the main orifice (5). The displacement of
the spool (4) upward decreases the throttling area of orifice (8) and
vice versa. The spool is subjected to the pressure and the spring forc-
es. The input chamber is connected to the lower side of the spool
(4) through the damping orifice (7). In the steady state, the pressure
force acting on the spool (4) is F = (P,— P)A,.

The spool (4) is subjected to the pressure forces and the spring
force. In the steady state, the pressure force equals the spring force.
Considering the actual operating conditions, the spool displacement
is too small compared with the spring pre-compression. Therefore,
the pressure difference (P,— P,) and the valve flow rate are kept con-
stant in the steady state. This class of valves regulates the fluid flow
and produces practically constant flow rate if the pressure difference
across the whole valve is greater than the preset value AP, as shown
in Fig. 5.61. Figure 5.62 shows a typical application of the two-way
flow control valve.

The speed of hydraulic actuators is controlled by managing either
the inlet flow rate, meter-in control, or the outlet flow rate, meter-out
control. The meter-in control is preferred when moving against the
load, while the meter-out control is obligatory when moving in the
same direction of the load. However, if the load direction is not deter-
mined or reversible, the meter-out control is the best choice.
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Ficure 5.61 3 3 Q model
Flow characteristics | ’ ‘
of series pressure- 2
compensated flow 1.5 Q model
control valves. =
(Courtesy of Bosch £ 1
Rexroth AG.) 3
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5.5.4 Parallel Pressure-Compensated Flow Control
Valves—Three-Way FCVs

Figure 5.63 shows a hydraulic circuit incorporating a parallel pressure-
compensated flow control valve—a three-way flow control valve.
This class of valves regulates the fluid flow and produces practically
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Ficure 5.63 A three-way FCV. (Courtesy of Bosch Rexroth AG.)

constant flow rate if the pressure difference across the whole valve
is greater than the preset value AP,. The pump loading pressure
is slightly higher than the load pressure, P,= P,+ AP, where AP, = 4
to 10 bar.

5.5.5 Flow Dividers

The flow dividers are used to divide the fluid flow rate into two or
more parts: either equal parts or by a certain division ratio. The two
main classes of flow dividers are displacement and spool types. Dis-
placement flow dividers consist of two or more hydraulic motors
mounted on the same shaft, rotating at the same speed. Figure 5.64
illustrates the idea of dividing the inlet flow rate, Q, into three parts.
Neglecting the internal leakage, the flow rates through the three

motors are

Q=Vyn Q,=V,yn and Q;=Vyn (5.42)
Then: Q,:Q,:Q,= Vg1 : ng : Vg3 (5.43)
and Q+Q,+0Q;=0Q (5.44)

where 1 = Motor speed, rps
Q = Motor flow rate, m3/s
Vg = Motor displacement, m?/rev

By using the displacement flow dividers, the flow can be divided
into two or more parts, with the required division ratio.
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Ficure 5.64
Displacement-type
flow divider.

Ficure 5.65
Application of a
displacement flow
divider as a
pressure
intensifier.

This class of flow dividers can be used as a pressure intensifier
(see Fig. 5.65). The second motor is connected to the tank. It drives the
first motor, which operates as a pump with input pressure, P. Assum-
ing ideal machines, the input and output hydraulic powers are equal.
Then, if P,=0,

Qb +Q,P, =QP (5.45)
Ql = Vl n, Qz = V2 n and Ql + Q2 = Q (546)
Then P =PV, +V,)/V, (5.47)

The principle of operation of the flow divider of spool type is
illustrated by the system shown in Fig. 5.66. This system includes two
symmetrical cylinders connected in parallel. The displacement of the
cylinders should be synchronized during their extension. Therefore,
a flow divider valve is installed. The flow divider acts to divide the
pump flow equally between the two cylinders in the extension stroke.
The oil flows into the mid-chamber of the spool valve, then through
the spool valve restrictions (A, and A,) to the cylinders lines (A and
B). If the cylinders are equally loaded, then the right and left sides are
symmetrical, having equal hydraulic resistance and the main spool is
centered. At these conditions, equal flow rates will flow to the cylin-
ders. If the loading force, F,, is increased, for example, the pressure P,



Hydraulic Control Valves 187

Ficure 5.66 o Fa Fg
The synchronization
of hydraulic

cylinders by spool-
type flow divider.
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increases, the pressure difference (P,— P,) decreases compared with
(P,— P,), which decreases the flow rate, Q,,. Simultaneously, the spool
displaces to the left, increasing the throttle area A, and decreasing the
area A,. In this way, the hydraulic resistance of path (P-A) decreases
and that of path (P-B) increases. Thus, the increase of load of one side
is compensated by the reduction of its resistance and the increase of
resistance of the other side. In the steady state, equal flow rates are
practically reached.

The construction of a commercially available spool-type flow
divider is shown in Fig. 5.67. The valve consists mainly of the housing
(1), a control spool (2), and three springs (3). The fluid flow from the
port (P) is divided into two equal partial flows. The centering springs
as well as the pressure forces keep the control spool in its mid-position.
Any imbalanced flow rate consumption from any of the two exit ports
(A or B) results in a pressure difference. The resulting pressure differ-
ence displaces the spool to throttle the branch of excessive flow and
opens the other branch. As a result, in the steady state, the flow rates
to both outlets remain practically equal.



188

5.6

Chapter Five

3
A ! B
- 1 5 I
; ——— |
6
1 AP
v

Ficure 5.67 A spool-type flow divider. (Courtesy of Bosch Rexroth AG.)

Exercises
1. Discuss briefly the control of power in the hydraulic power systems.

2. Explainbriefly the construction and compare the spool valves and poppet
valves.

3. Deal with the function of the pressure control valves in the hydraulic
power systems.

4. Discuss in detail the static characteristics of a direct-operated relief
valve, and explain how to reduce the override pressure. Derive the needed
mathematical relations. (See Fig. 5.2.)

5. Draw schematically a pilot-operated relief valve, and explain its function.

6. Explain the function of the pilot-operated relief valve illustrated in
Figs. 5.7 and 5.8.

7. Discuss the applications of the pilot-operated relief valve shown in
Fig. 5.9.

8. Discuss the principle of pressure reduction in a hydraulic power system.

9. Explain the function of the direct-operated hydraulic pressure reducer
illustrated in Figs. 5.11 and 5.13.

10. Discuss the application of the hydraulic pressure reducer shown in
Fig. 5.14.

11. Discuss briefly the operation of the pilot-operated pressure reducer
illustrated in Fig. 5.15.

12. Explain the function of the direct-operated sequence valve shown in
Figs. 5.16 and 5.17.
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13. What are the differences between the relief valves and the sequence
valves?

14. Discuss the application of the hydraulic sequence valve shown in
Fig. 5.19.

15. Discuss briefly the construction and operation of the pilot-operated
sequence valve illustrated in Fig. 5.20.

16. Draw a schematic of an accumulator-charging valve, and explain its
function.

17. Explain briefly the function of the directional control valves.

18. Draw a schematic of a 4/3 DCV that is direct-operated electrically, and
briefly explain its function.

19. Discuss in detail the flow displacement relation of the ideal overlapping
and under-lapping spool valves, giving their possible applications in the
hydraulic control valves.

20. Discuss in detail the flow forces acting on the spool valves, and derive
an expression for these forces.

21. Draw schematically and explain the function of a 4/3 pilot-operated
directional control valve.

22. State the different ways of control of directional control valves.

23. Explain briefly the construction and operation of the electric solenoids,
and compare the DC and AC solenoids

24, Cite the classifications of check valves, and explain the function of a
pilot-operated check valve, giving the necessary drawings.

25. Discuss the application of the pilot-operated check valve shown in
Fig. 5.52.

26. Cite and briefly discuss the various classifications of flow control
valves.

27. Explain the operation of the throttle and throttle check valves given by
Fig. 5.57.

28. Explain the operation of the series pressure-compensated flow control
valve illustrated in Fig. 5.59.

29. Explain the construction and operation of the series pressure-compensated
flow control valve illustrated in Fig. 5.60.

30. Discuss the application of the two-way flow control valve shown in
Fig. 5.62.

31. Explain the construction and operation of the parallel pressure-
compensated flow control shown in Fig. 5.63.
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32. Discuss briefly the function of a displacement-type flow divider.

33. Discuss briefly the function of the spool-type flow divider as illustrated
in Figs. 5.66 and 5.67.

34. The speed of a hydraulic cylinder is controlled by means of a series
pressure-compensated flow control valve, as shown in the given circuit.

Given:
Pump:
Vg =25cm?/rev
n = 1000 rpm
n, = 0.95 f | Y. ¢
M, =093 | <
=1 Pla, P.lQ,
Directional control valve:
Q=6x107/AP
Relief valve: ><
Cracking pressure = 6 MPa |
Override pressure =0 Ps

Hydraulic cylinder:
£=2000 Ns/m ) Z
v=01m/s RN i
F=9000 N et
Piston diameter = 60 mm " t

Rod diameter = 25 mm
No inner leakage Pe i

Calculate: ®74AE—L|_I P=0
p,P,P,P,Q,Q, =

| i

Power losses in the DCV
Power losses in the FCV @ZKCD

Pump real flow rate

5.7 Nomenclature

= Orifice area, m?

Poppet area subjected to pressure, m?
Spool area, m?

Valve throttling area, m?

Contraction coefficient

Discharge coefficient

Jet reaction, momentum, force, N

= Spring stiffness, N/m

A
A
A
A
C
C

0 o
I

0
P
S
v
Pj
k
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n = Rotational speed, rps
P = Pressure, valve input pressure, Pa
P, = Inlet line pressure, Pa
P, = Exit line pressure, Pa
P, = Cracking pressure, Pa
P, = Reduced pressure, Pa
Q = Flow rate, m3/s
Vg = Displacement, geometric volumes, m®/rev
v = Qil velocity, m/s
x = Displacement, m
x, = Overlap, m
x, = Spring pre-compression, m
p = Oil density, kg/m?
[0)

Valve throttling area proportionality coefficient, m

Appendix 5A Control Valve Pressures and Throttle Areas

Conical Poppet Valves

The conical poppet is one of the frequently used designs of poppet
valves. When the poppet rests against its seat, the contact line is a
circle of diameter d (see Fig. 5A.1). The poppet is subjected to a pres-
sure force, F,, where

F, = %cﬂ(Pl -p) (5A.1)

If the poppet is displaced by distance x, the fluid is allowed to
flow through the opened area. This area consists of the side area of
the truncated cone (abce) whose left base is of diameter ¢d and whose
right base is of diameter ¢d,. The area A, is calculated as follows:

ab = xsin(a/2) (5A.2)

d, =d —2xsin(a/2)cos(0/2) (5A.3)

A = g(d +d,)ab = nxsin(0/2){d - xsin(0/2)cos(0/2)}  (5A.4)

Ficure 5A.1 X
A conical poppet al -1
valve. =
- ,b
QgL «Z-<ar4-{do ]
P1 \\\ /C -
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Ficure 5A.2 A nondimensional throttle and pressure areas of a conical
poppet valve.

The area subjected to the pressure force is of diameter ¢d,,. It is
calculated by the following formula:

A, = %{d — 2xsin(a/2)cos(0/2)}” (5A.5)
where A, = Throttle area, m?
A, = Poppet area subjected to the pressure, m?
d = Diameter of the circular poppet seat, m
d, = Diameter of the circular poppet area subjected to the
pressure, m
x = Poppet displacement, m

o = Cone vertex angle, rad

The area subjected to pressure, A, and throttle area, A, were cal-
culated for a conical poppet of vertex angle 60° and inlet diameter
d =4 mm. The calculation results are plotted in Fig. 5A.2. The areas
were calculated in nondimensional form, relative to the inlet area A,
and plotted versus the relative poppet displacement (x/d). The throttle
area, A, being the minimum cross-sectional area of the stream tube,
should be less than or equal to the inlet area, A, = 0.25% d?. For practical
applications, the poppet displacement is within 0.2 4.

Cylindrical Poppets with Conical Seats

The cylindrical poppet with a conical seat (see Fig. 5A.3) is frequently
used as a main stage of the pilot-operated pressure control valves. In
this design, when the poppet rests against its seat, the contact line is a
circle of diameter d. The poppet area subjected to pressure force is A .
It is constant, and independent of the poppet displacement, where

A, = Zdz (5A.6)
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Ficure 5A.3 A poppet valve with a cylindrical poppet and conical seat.

If the poppet is displaced by a distance x, the fluid is allowed to
flow through the opened area, A,. This area consists of the side area of
the truncated cone, (abce). The left base area of this cone is of diame-
ter d,, while its right base area is of diameter d.

The area A, is calculated as follows:

ab = xsin(B) (5A.7)
d, =d+2xsin(B) cos(B) (5A.8)
A = g(d +d,)ab = nxsin(B){d + x sin(B)cos ()} (5A.9)

The throttle area was calculated for a seat angle § =30°. The calcu-
lated area is plotted in nondimensional form (A,/A,) versus the
relative poppet displacement (x/d) on Fig. 5A.4. This plot shows a
quasi-linear displacement relation for (x/d < 0.3).

Spherical Poppet Valves

Poppets of spherical shape are widely used. They are of simple and
economic design. When the poppet rests against its seat, the contact
line is a circle of diameter d (Fig. 5A.5), and the poppet area subjected
to the pressure force is A,, where

A, = %dz (5A.10)
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Ficure 5A.4 The nondimensional throttle area of a cylindrical poppet valve
with a conical seat.
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Ficure 5A.5 A spherical poppet valve.

If the poppet is displaced by a distance x, the fluid is allowed to
flow through the opened area. This area consists of the side area of
the truncated cone (abce), whose left base area is of diameter ¢d, and

whose right base area is of diameter ¢d,,. The area A, is calculated as
follows:

. d
o, =2sin™* (2_7’J (5A.11)
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where 7 is the spherical poppet radius, m.

o = 2tan-! d (5A.12)
2{1’ cos (o, /2) + x}
— d
- % 5A.13
b= sin2) " (GA13)
d, =2rsin(o/2) (5A.14)
T — T . d
At =E(d+dp)ab=E[d+2rsm(0c/2)]{m—r} (5A15)

The area subjected to the pressure force is of diameter ¢d,. It is
calculated by the following formula:

A, = %d; = ntr? sin?(0y/2) (5A.16)

The area subjected to the pressure A, and throttle area A, were cal-
culated for a poppet of radius r = 4 mm and inlet diameter d = 5 mm.
The calculation results are plotted in Fig. 5A.6. The throttle area, A,
being the minimum cross-sectional area of the stream tube, should be
less than or equal to the inlet area, A; = 0.25nd> The areas were calcu-
lated in nondimensional form, relative to the inlet area A, and plotted
versus the relative poppet displacement (x/d).

_ AA;
< 9 (i)
<
off
éE—U.B
q:CL
@06 .
3 (Ap/Aj)
@
S04
k=]
w
c
4]
Eoz
=)
5
=
% 0.1 0.2 0.3 0.4 0.5 06

Relative poppet displacement (x/d)

Ficure 5A.6 A nondimensional throttle and pressure areas of a spherical
poppet valve.
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Circular Throttling Area
Circular opening areas are among the widely used throttling
elements in the spool valves due to the simplicity of production (see
Fig. 5A.7).

The area cleared due to the spool displacement, x, can be calcu-
lated as follows:

For

For

For

IR

T
I

c‘/

;
o =2cos™

O<x<r ab = 2rsin (cy/2) (5A.17)
A, =0.5r%0.—0.5ab (r — x)

x—
o =2cos™

o r
r<x<2r ab =2rsin(0/2) (5A.18)
A =mr? -{o.5r2a-o.5ab(x—r)}

x> 2r; A, =mr? (5A.19)

\“;' ‘“\ \ _— T kel

¢‘ -"'

= I

—
- L

Ficure 5A.7 Spool valves with circular throttling areas. (Courtesy of Moog Inc.)
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Ficure 5A.8 A nondimensional plot of the opened area of a circular hole.

The throttling area cleared by the spool is calculated and plotted
(see Fig. 5A.8). Being a part of the circle, the throttle area, A,, is limited
by the circle area: A-= nr?, where A_ = Area of the circular hole, m?
r = Circular hole radius, m; and x = Height of the cleared circle
segment, m. The opened area was calculated in nondimensional form,
relative to the area A..

Triangular Throttling Area

Some spools are machined with triangular cuts (see Fig. 5A.9). The cut
is of depth /1, and the area cleared by the spool valve A , is of triangular
shape (Fig. 5A.9). The fluid flows through this area, then through a
rectangular area A, perpendicular to it.

where b= 2xtan(0c/2)
Apg =bx/2 = x* tan(0,/2)
Agp = bh=2hxtan(0/2)

The triangular and rectangular areas are equal at x = 2k and the
throttling area is calculated by the following expression:

x2tan(o,/2) For x <2h
A =

= (5A.20)
2hxtan(o/2) For x>2h
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Fieure 5A.9 Triangular throttling area. (Photo courtesy of Bosh Rexroth AG.)
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Ficure 5A.10 The nondimensional throttling area of triangular hole.

The critical area is at x =2h; A =2 h*tan(0/2) -
The opened throttling area is calculated in nondimensional form
for a vertex angle of 90°, and plotted in Fig. 5A.10.

Appendix 5B Modeling and Simulation of a
Direct-Operated Relief Valve

This appendix presents a study of a direct-operated relief valve. The
study includes the following;:

¢ Construction and operation of the valve

¢ Mathematical modeling

¢ Computer simulation

e Abrief discussion of the static and dynamic characteristics
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Ficure 5B.1 A direct-operated relief valve connected to a pump and a
bypass valve.

Construction and Operation of the Valve
Figure 5B.1 shows a schematic of the studied direct-operated relief
valve. The valve consists of a poppet valve (2), rigidly attached to a
damping spool (1). The poppet is loaded by a spring of stiffness k_.
The spring is pre-compressed by an adjustable pre-compression dis-
tance, x . When the valve is not operating, the spring pre-compression
force (k_ x ) pushes the poppet against its seat. The seat produces an
equal seat reaction force F_,. When the input pressure P is increased,
the liquid flows to the damping chamber through the radial clearance
of the damping spool, Q,. The pressure, P, increases and acts on the
damping spool. When the valve is closed, the pressure P at the valve
inlet chamber does not produce any axial force on the moving parts.
But, as the poppet valve opens, the poppet area subjected to inlet pres-
sure A, (see Figs. 5A.1 and 5A.2) becomes less than the damping spool
area A,. The pressure P acts on the area difference (A, - A,) to the left.

Neglecting the jet reaction forces, the motion of the damping
spool and poppet is governed by the spring force, the seat reaction
force, and the pressure forces. When the pressure force (P, A ) exceeds
the spring force (k_ x ), the poppet displaces, opening the path from
the inlet port to the drain port, with a pressure P,. The variation of the
pressure P, is resisted by the radial clearance, which throttles the con-
nection of the inlet port with the damping spool chamber.

The relief valve is connected to the delivery line of a fixed dis-
placement pump rotated by a constant speed. A bypass valve is con-
nected to the pump delivery line to control the loading pressure.

Mathematical Modeling

The dynamic behavior of the valve is described by the following set
of mathematical relations. The effect of the transmission lines was
neglected and the return pressure is P, =0.
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The Poppet Valve Throttling Area
The following mathematical expressions for the poppet area, A, sub-

jected to the pressure P and poppet valve throttle area A, were de-
duced in App. 5A.1.

A, =mxsin(a/2){D, - xsin(0/2)cos(a/2)} (5B.1)
{D —2xsin 0c/2)cos(0c/2)} (5B.2)

Equation of Motion of the Poppet

PA, +Fy—P(A, - A,)= m +fﬂ (x,+x)  (5B.3)

ro

Seat Reaction Force

The poppet displacement in the closure direction is limited mechani-
cally. When reaching its seat, a seat reaction force takes place due to
the action of the seat stiffness and structural damping of the seat
material. These two effects are introduced by the equivalent seat stiff-
ness k and damping coefficient R .

0 x>0

F. - (5B.4)
SR ks|x|—R5% x<0

Flow Rate Through the Radial Clearance of the Damping Spool

nD,c?
12ul

Q,= (P-P) (5B.5)

Flow Rate Through the Poppet Valve

Q=C,A,\J2P/p (5B.6)

Continuity Equation Applied to the Damping Spool Chamber

dx V. +AxdP,

5B.7
Qi=Aagy dt B dt ( )

Pump Flow Rate
Qp=0Q, - P/R, (5B.8)
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Flow Rate Through the Bypass Valve

Q= Cdsz 2P/p (5B.9)
Continuity Equation Applied to the Pump Exit Line

Vv
Q,-Q0-Q,-Q, :?P‘Z_f (5B.10)

Computer Simulation

Equations (5B.1) through (5B.10) describe the static and dynamic
behavior of the studied system. These equations were used to develop
a computer simulation program (see Fig. 5B.2), which was employed
to calculate and plot the valve’s static and dynamic characteristics.

Static Characteristics

The static characteristic of the relief valve is the steady-state relation
between the input valve pressure, P, and the relief flow rate, Q. The
valve flow characteristics were calculated for different values of the
cracking pressure and plotted in Fig. 5B.3. The simulation results
show that for pressures less than the cracking pressure, the flow rate
is zero. If the pressure exceeds the cracking pressure, the valve opens

xd de

X
»lp Qd
Pressure in
Damping Chamber
Pd xd P =
oy e |
140e5 Per x % lTI
Per Poppet —’@ Relief Flow Ratg
Displacement =
S
> Gain2 Pp N 0.0002
- » I Qth
Subtract1 P o Outt
P
Athrot Product1
Subsystem

Gain3 Math
Function

Ficure 5B.2 The block diagram of the relief valve simulation program (SIMULINK
model).
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Ficure 5B.3 Static characteristics of the relief valve.

and the fluid flow increases as the override pressure increases. This
figure also carries the pump flow characteristic curve. The intersec-
tion of this curve with the relief valve characteristic lines gives the
operating points for the considered cracking pressures.

In the commercial documents, the static characteristics of relief
valves are plotted with the flow rate at the horizontal axis, P(Q). This
type of causality assumes that the independent variable is the flow
rate.

Transient Response
The transient response of the valve was calculated for step closure of
the throttling area, A, , of the bypass valve. The calculations were
repeated for different values of the damping spool radial clearance.
The transient response of valve input pressure was calculated and
plotted (see Fig. 5B.4). The simulation results show that the radial
clearance has a significant effect on the valve response. For smaller
radial clearances, the flow rate into the damping spool chamber is
throttled and the pressure building in this chamber is delayed. The
poppet takes a longer time to open, which results in greater pressure
overshoot. For great radial clearances, the damping effect weakens
and sustained pressure oscillations appear in the steady-state part of
the response.

An optimum value of the radial clearance was estimated by calcu-
lating the integral of time absolute error (ITAE) defined by Eq. (5B.11).
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Ficure 5B.4 Simulation results of response of the relief valve pressure to step
closure of the pump bypass valve for damping spool radial clearances of 20 and
80 pum.

This error criterion is most suitable for systems presenting steady-
state error or sustained oscillations.

ITAE = Jorf|e(f)|df: L)Tf(P—Pss)dt (5B.11)

The variation of the integral of time absolute error (ITAE) with
the radial clearance is plotted in Fig. 5B.5. This figure shows that a
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Ficure 5B.5 Effect of the damping spool radial clearance on the ITAE.
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Ficure 5B.6 Transient response of the relief valve pressure to step closure
of the pump bypass valve for damping spool radial clearances of 55 pym,
calculated.

radial clearance of 35 to 60 um produces the minimum ITAE. The
transient response of the valve pressure to step closure of the bypass
valve, for 55-um radial clearance, was calculated and plotted in
Fig. 5B.6. This figure shows that the settling time is within 15 ms and
the maximum percentage overshoot is considerably reduced.

Nomenclature

A, = Damping spool area, m?

A, = Poppet area subjected to pressure, m*

A, = Throttle area, m*

A, = Throttle valve area of the bypass valve, m?

Bulk modulus of oil, Pa

Radial clearance of the damping spool, m

C, = Discharge coefficient

D, = Damping spool diameter, m

f = Equivalent spring structural damping and piston friction
coefficient, Ns/m

F. = Seat reaction force, N

k. = Spring stiffness, N/m

Equivalent seat material stiffness, N/m

Damping spool length, m

Reduced mass of the moving parts, kg

Valve inlet pressure, Pa

Pressure in the damping chamber, Pa

= Return pressure, Pa

[
I
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Q = Relief valve flow rate, m®/s

Q.= Steady state value of the flow rate, m*/s
, = Flow rate in the radial clearance of the damping spool, m*/s

Pump flow rate, m®/s

Flow rate through the throttle valve, m*/s

Pump theoretical flow rate, m*/s
Pump resistance to internal leakage, Pa s/m?
Equivalent seat material damping, Ns/m
Initial volume of the damping spool chamber, m?
Time limit for the transient response calculation, s
Poppet displacement, m
Spring pre-compression distance, m
Poppet cone vertex angle, rad
= Dynamic viscosity, Pa s
= QOil density, kg/m?
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CHAPTER 6
Accessories

6.1 Introduction

Hydraulic power systems are used to transmit and control mechanical
power. They consist of the following;:

¢ Elements converting mechanical power into hydraulic power:
pumps

¢ Elements transmitting hydraulic power: pipelines

e Elements controlling hydraulic power: valves

e Elements converting controlled hydraulic power into the
required mechanical power needed to drive the load: hydraulic
cylinders and motors

In addition to the basic elements, other elements are needed for
the proper operation of hydraulic systems. These elements do not
take part in the power transmission, transformation, or control.
However, they are important for the reliable operation of the system,
such as:

¢ Hydraulic tanks: needed to locate the required volume of
hydraulic liquid.

e Coolers and heaters: needed to keep the oil temperature
within the required operating range.

e Hydraulic filters: required to control the amount and size
distribution of contaminants in the hydraulic oil.

¢ Monitoring elements: pressure gauges, thermometers, flow
meters, and other elements needed for monitoring system
operation or even switching the system off in some cases.

¢ Energy storage elements: needed for various operating modes,
such as accumulators.

This chapter deals with descriptions of the construction and
operation of hydraulic accumulators, pressure switches, and filters.
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6.2 Hydraulic Accumulators

6.2.1 Classification and Operation

In the case of pneumatic systems, using highly compressible fluids, the
energy transmission medium is directly used to store energy. Com-
pressed air reservoirs and high-pressure bottles are commonly used ele-
ments in pneumatic systems. But in the case of hydraulic systems, the
used energy transmission medium has a very poor compressibility.
Commonly used hydraulic oils have a bulk modulus within 1 to 2 GPa;
therefore, these oils are very poor at storing energy. For comparison, one
liter of oil at 15 MPa pressure stores about 80 ], while one liter of com-
pressed air at the same pressure stores 28 kJ (see Sec. 11.2.1). Therefore,
in the hydraulic circuits requiring energy storage, the hydraulic accu-
mulators are used. The three main types of hydraulic accumulators are
weight-loaded, spring-loaded, and gas-charged (see Table 6.1).

Weight-loaded accumulators store the energy in the form of potential
energy in the mass of the piston and load. It is charged by pumping the
oil into the lower chamber, and then displacing the piston and load
upward. The pressure variation due to piston displacement is of negligible
value; therefore, this type delivers the oil at a constant pressure.

In the spring-type accumulator, the energy is stored as elastic energy
of the spring. The spring is compressed by pumping oil into the accu-
mulator. This class of accumulators delivers the oil at varying pressures.
The delivery pressure of this type decreases with the spring relaxation
due to the decrease of the spring force. The delivery pressure is propor-
tional to the volume of oil in the oil chamber of the accumulator.

The following expression can be deduced systematically for the
pressure of oil in the spring-loaded accumulator:

x, V
P—k(Z+A2] ©6.1)
ing- Gas-charged (with separating element
Weightloaded | >P1N& e L )
loaded Piston type | Bladder Membrane
1
P
P
P —
a—2
[Q
! n—

TaBLe 6.1 Basic Types of Hydraulic Accumulators
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where A = Piston area, m?
k = Spring stiffness, N/m
P =Pressure, Pa
V = Oil volume in the accumulator, m®
x, = Spring pre-compression, m

Weight-loaded and spring-type accumulators are not widely
used, regardless of the simplicity of their construction and their pos-
sible fabrication using standard hydraulic cylinder barrels. This is
due to their low response, large sizes, and working constraints.

The most widely used accumulators are the gas-charged types,
where the oil is stored under the pressure of a gas, usually nitrogen.
The air can be used as a charging gas in the case of fire-resistant oils.
Gas-charged accumulators are classified into four types according to
the oil-gas separation: piston type, bladder type, diaphragm type,
and accumulators without oil-gas separation. The last type operates
under restricted conditions where the oil should not be allowed to be
completely discharged.

Gas-charged accumulators with separating elements consist of
a steel body containing two chambers for the oil and the com-
pressed nitrogen. The gas chamber is pre-charged with compressed
nitrogen through a charging check valve. The charging process is
carried out while the accumulator is completely empty of oil. The
gas and oil chambers are completely separated. During operation,
the oil is pumped into the oil chamber. When the oil pressure
exceeds the gas-charging pressure, the oil flows into the accumu-
lator, decreasing the gas volume and increasing its pressure. The
steady-state equilibrium is reached when the oil pressure is equal
to the gas pressure. The oil is stored at high pressure under the action
of the compressed gas. The following nomenclatures are used in this
chapter:

P, = Accumulator charging pressure, gas pressure, Pa (abs)

P, = Minimum system pressure, Pa (abs)

P, = Maximum system pressure, Pa (abs)

V= Accumulator size, volume of charging gas at pressure P , m*
V, = Volume of gas at pressure P,, m®

V, = Volume of gas at pressure P,, m*

The following equation describes the gas compression process.
PV"=PV/"=PV,"=const. (6.2)

According to the type of compression process, the value of the
exponent n varies in the range from 1 to 1.4. For an isothermal
process, n = 1; for a polytropic process, 1 < n < 1.4, and for an
adiabatic process, n = y = 1.4. The pressure is absolute, whenever
a gas process is considered. If the compression process is so slow
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that the gas temperature is kept constant, the process is isother-
mal and the gas pressure and volume are related by the following
relation.

PV, =PV, =PV, =Const. 6.3)

6.2.2 The Volumetric Capacity of Accumulators
The accumulator operates usually between two pressure levels: mini-
mum pressure, P,, and maximum pressure, P, (see Fig. 6.1).

The volumetric capacity of the accumulator, V, is defined as the
volume of oil delivered to/from the accumulator at pressure P in the
operating range: P, =P =P,

1 1
PYr (P \n
V.=V-V,=V (—”j - [—"J For polytropic process (6.4)
B P,
P P .
V. =V,-V,=V = |-|= For isothermal process (6.5)
a 0 1)1 pz

The charging pressure, P, should be lower than the minimum
operating pressure, P,, to insure the correct exploitation of the accu-
mulator under all of the operating conditions. If this condition is not
satisfied, then whenever the operating pressure becomes smaller
than P, the compressed gas expands and fills the inner space of

N2 Pg V2
Vo v
PV
Ni Y
Adiabatic P,V
Va A
Isothermal
| | 2 : —
P, P; P, p High-pressure oil line

Ficure 6.1 Variation of gas volume with operating pressure in a hydraulic
accumulator.
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the accumulator. Then, the accumulator stops operating. Therefore,
the charging pressure is usually selected in the range

P =(0.7t00.9) P, (6.6)

If for any reason the charging pressure becomes greater than or
equal to the minimum system pressure, the expression for the volu-
metric capacity becomes

V.=V,-V,=V, 1—[—0) 6.7)

6.2.3 The Construction and Operation of Accumulators

Piston-Type Accumulators

The piston-type accumulator (as shown in Fig. 6.2) consists of a
cylindrical body separated internally into two chambers by means of
a piston with perfect sealing rings. This type can operate at a very
high compression ratio: P,/P . In addition, the oil can be completely
discharged during operation without fear of damaging the oil-gas
separating element.

The piston type accumulator has the following disadvantages:

e The piston mass and seals slow down the accumulator
response.
e The piston seals are subjected to wear and leakage of the

compressed gas.

Therefore, piston-type accumulators require more frequent check-
ing of the gas pre-charge pressure.

Bladder-Type Accumulators
In this class of accumulators, a bladder is used as the elastic separa-
tion of the oil and compressed gas. The bladder is fastened inside a

Gas charging valve

Qil N

Ficure 6.2 Typical construction of a piston-type accumulator.
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steel body by means of the vulcanized gas-charging valve assembly.
It can be removed and replaced through an opening in the steel body
at the oil-valve assembly. Initially, the bladder is charged with com-
pressed gas while the oil port is drained. The bladder is stretched
until it comes in contact with the vessel walls.

The bladder material withstands high-compression stresses, but
its resistance to shear and tensile stresses is very low. Therefore, the
bladder is protected against extruding through the oil connection
port in one of two ways:

e By closing the oil port by a hemispherical steel plate with a
great number of small diameter holes that allow for free oil
flow. The holes” diameters are small enough that the resulting
shear stress acting on the bladder walls is less than the
allowable value (see Fig. 6.3).

¢ By using a mushroom-shaped protection valve that seats
when the bladder is pre-charged (see Figs. 6.4 and 6.5).

When pumping the oil to the accumulator at pressures higher
than the pre-charge pressure, the oil enters the accumulator, com-
pressing the gas and reducing the bladder volume (see Fig. 6.5). The
internal tightness of the bladder accumulator is perfect as long as the
bladder is not damaged.

FiGurE 6.3

A bladder-type
accumulator with
perforated disc
bladder protection.
(Courtesy of Olaer
Industries, France.)
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Protection cap

) Valve cap
Seal ring
Gas valve
Gas-valve assembly
Nut
Name plate
Bladder Steel shell

Rubber ring ﬁ /} Oil-valve assembly
g

Retaining ring 96 Washer

P Seal ring

Nut Support ring
. . [

DEmp g BURing Bleed screw

Valve body

Ficure 6.4 Construction of a bladder-type accumulator with a mushroom-
shaped bladder protection valve. (Courtesy of Bosch Rexroth AG.)

The bladder damage can be avoided by taking into consideration
the following precautions:

e The minimum operating pressure P, should be greater than
the pre-charge pressure P . In this way, the bladder does not
contact the extrusion protection element during normal
operation.

e Excessive deformation of the bladder should be avoided
(see Fig. 6.5). Therefore, the maximum compression ratio of
gas should be limited: P,/P <4. The over-flexing of the
bladder can be avoided if the maximum operating pressure P,
does not exceed three times the minimum pressure P,;
(P, <3P).

The size of the accumulator is the volume of the gas-charging
accumulator at the charging pressure. This volume is determined by the
gas volumerather than the oil flow rate. The flow rate of an accumulator
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Noncharged accumulator ~ Accumulator charged with gas Fluid feed in/out

Ficure 6.5 Operation of the bladder-type accumulator with a mushroom-shaped
protection valve. (Courtesy of Olaer Industries, France.)

is determined solely by the pressure conditions and the system
resistance. For low system resistance and high accumulator pressure,
the flow rate could be quite high. According to the accumulator size,
the maximum flow rate is limited in order to increase the service life
of the bladder. A one-liter-size accumulator is allowed to receive and
discharge a flow of up to 240 L /min, while an accumulator of 50 liters
in size has a maximum flow rate of 900 L /min.

Diaphragm-Type Accumulators

A diaphragm is clamped between the walls of the pressure vessel
and serves as an elastic separator between the hydraulic fluid and
gas (see Fig. 6.6). The membrane is fixed to the pressure vessel
either through welding (nonreplaceable), or by screwing (replace-
able membrane). A shutoff button (plate) is fixed to the base of the
diaphragm. This button serves to block the inlet opening at the
connection to the piping when the diaphragm is fully expanded.
In this way, the diaphragm is protected from being extruded into
the opening when in the pre-charged state: P < P . The operation of
this type is explained in Fig. 6.7. The accumulator flow rate should
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1. Gas charging port, 2. Accumulator body, 3. Diaphragm,
4. Valve plate(button), 5. Oil port.

Ficure 6.6 Diaphragm-type accumulator. (Courtesy of Bosch Rexroth AG.)

Noncharged Gas charged at P,

Fully oil charged at P; Delivering oil Discharged to P

Ficure 6.7 Operation of the membrane (diaphragm)-type accumulator. (Courtesy of
Bosch Rexroth AG.)
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not exceed 40 L/min in order to insure a long service life of the
membrane.

6.2.4 Applications of Hydraulic Accumulators

Hydraulic accumulators are installed in the hydraulic systems to
fulfill several functions. The following are the main applications of
hydraulic accumulators:

1. Energy storage
a) Reserve source of energy
b) Compensation of the short duration large flow demands,
reducing the required pump size and the driving power
¢) Pump unloading
d) Reducing the response time of actuators placed at long
distances from the pump

. Maintaining constant pressure; compensation for leakage losses
. Thermal compensation

Smoothing of the pressure and flow pulsation

Load suspension on load-transporting vehicles

. Absorption of hydraulic shocks

N U W N

. Hydraulic spring in car suspension

Energy Storage

Theoretical Background

Hydraulic accumulators can be used to reduce the required pump
size and driving power in the case of systems having intermittent
flow demands or systems requiring short-duration, great flow
rates during their operating cycle. The accumulator is charged
during periods of low flow rate demands and discharges during
periods of higher flow rate demands. An accumulator charging
valve can be installed to bypass the pump when reaching maxi-
mum pressure (see Sec. 5.2.5). The charging valve reconnects the
pump to the system when the pressure level declines to its mini-
mum value. Then, the accumulator is recharged. In this case, the
accumulator acts as the main source of hydraulic energy in the
system.

When using the accumulator as an energy storage element, it is
important to deduce the mathematical expressions for the total stored
energy and the useful energy delivered by the accumulator. The total
energy stored in the hydraulic accumulator is the increase in the com-
pressed air energy when compressed from pressure P to pressure P,.
An expression for this energy could be deduced as follows.

dE=—PdV (6.8)
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The negative sign indicates that the stored energy increases with
the decrease of gas volume. Considering a polytropic compression
process, then

PV"=PRV"=PV"=RV," (6.9)
V'dP+nPV"dV =0 or dV:__Pdp (6.10)
n
o /
P\ v pi/n
_| Lo Th —__"o00 6.11
1% _(P) v, Then qv=-——erdp (6.11)
V P 1/n
Then, E= j p-/ndp (6.12)
V. pln
= Z0%0 _[pn-D/n_ p -/ 6.13
or E=—r-IP, A (6.13)

This expression shows that the stored energy is highly affected
by the charging pressure P . It becomes zero for P =0 or P = P,. The
value of the charging pressure for the maximum value of stored
energy is found as follows:

For maximum stored energy, dE/dP, =0,

p
or =2 =g/ () (6.14)

2
For an adiabatic process, n = 1.4, the stored energy is maximum
for P, = 0.308P,. An expression for the maximum energy could be
deduced by substituting Eq. (6.14) into Eq. (6.13).

L (6.15)

max p/(n=1)

By defining E=E/ E_ . and P, = P /P,, the following expression
is deduced for the nondimensional energy, assuming a polytropic gas
compression process:

nn/(n—l) — 1/n — (n=1)/n (616)

E=———P [1-Py ']

In the case of an isothermal gas process, n = 1, an expression
for the total energy stored in the accumulator could be deduced as
follows:

PV =PV =PV, (6.17)

PAV +Vdp=0 (6.18)
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JA%
——0dp (6.19)

av=--2;

P P, (P -
E= —jpj PdV =PV, In(P,/P)=-V,P, F:h‘ (FJ =-V,B,PIn(P) (6.20)

For maximum energy,

dE = =

~——_ =0 or In(PJ]=-1 and P =1/e 6.21

fo o n(E)t a7 62
Then, by substitution in Eq. (6.20), the expression for the maxi-

mum energy is obtained.

E =PV /e and E=E/E

m

=—¢PIn(P) (6.22)

max

Figure 6.8 shows the variation of the total energy stored in the
accumulator with the charging pressure, for polytropic and iso-
thermal gas process. The total energy is found to be maximal for
P, =0.308 to 0.37, depending on the type of gas process.

When using the accumulator as a reserve source or as an emer-
gency source of energy, it is important to select the operating param-
eters to deliver the maximum energy.

E JIrEI’I\EIb:

Nondimensional Stored Energy E

=
o
T
3
Il
-
w
3
1l
—

0.6

04r

0.2

0

0 01 02 03 04 05 06 0.7_ 0.8 09 1
Nondimensional Charging Pressure P, =P, /P,

Ficure 6.8 Variation of the total energy stored in a hydraulic accumulator
with the charging pressure, calculated.
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The minimum operating pressure should be sufficient to drive
the hydraulic motors and cylinders. Then, the effective energy
delivered by the accumulator can be calculated by the following
expression:

E, =P(V,~V,) (6.23)

For a polytropic gas process, the following expressions for effec-
tive accumulator energy can be deduced:

1/n
E =PV, [1 - (%J ] (6.24)

The effective energy is maximum if dE,/dP, =0, or

n

Pl:(mj P, or P =047P forn=y=14 (6.25)

n?l

Then’ Ee max PZ Vl W

(6.26)

_ n+l _ _
and E -0t p (1-B") (6.27)

e n" 1

For an isothermal process, n = 1. Then, by substituting in Egs.
(6.25) through (6.27), the effective energy is maximal for P, =0.5P,.

- P
E =PV, [1 - —1] (6.28)

e P2
Then, E,_ =05PV, (6.29)
and E@ _ 4131 (1 _ 131) (6.30)
where E,=E/E,, and P =P/P, (6.31)

Figure 6.9 shows the variation of the effective accumulator energy
with the minimum operating pressure for a polytropic and isother-
mal gas process. The effective energy is found to be maximal for
P, =0.47 to 0.5, depending on the type of gas process.

Emergency Sources of Energy

In the case of some critical applications, the operating cycle should be
completed. It might be necessary to install a redundant source of
hydraulic energy to insure the required reliability. The installation of
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E-EJ/E,,,

Nondimensional Stored Energy E

0.8} n=1.3 .

0.6 i

04r ]

021 .

0

0 01 02 03 04 05 06 07 08 09 1
Nondimensional Minimum Pressure P =P, /P,

Ficure 6.9 Variation of effective accumulator energy with the ratio of the
minimum operating pressure to the maximum pressure, P,/P,, calculated.

a hydraulic accumulator of convenient size is one of the possible
solutions. The accumulator is charged during the normal operation
of the hydraulic power system. It is allowed to discharge only under
emergency conditions (see Fig. 6.10).

A5

Ficure 6.10 Application of a hydraulic accumulator as a reserve source of energy.



Accessories

Compensation for Large Flow Demands

Sometimes, in the case of systems with intermittent operations requiring
short duration high flow rates, a large pump is recommended. The
prime mover required to drive the pump should have enormous
power. The required pump’s geometric volume and driving power are
given by the following relations:

V,=Q,./m, (6.32)

N=Q.. P/, (6.33)

where 1 =Pump speed, rev/s
N =Pump driving power, W
P =Pump exit pressure, Pa
Q... = Maximum required flow rate, m*/s
V, = Pump geometric volume, m?3/rev
M, = Pump volumetric efficiency
Nr =Pump total efficiency

The required pump size and driving power can be reduced
by installing a hydraulic accumulator of convenient size. The
accumulator is charged by the pump during periods of low flow
demands. Both the pump and accumulator deliver the flow rate
required for system operation during the large flow demand
period. A typical hydraulic circuit for this application is given in
Fig. 6.11.

Example 6.1 A hydraulic system operates in a regular operating cycle of 60 s
duration. The flow demand during the operating cycle is shown in Fig. 6.12.

S—

A
%ﬁ%

I|:|_| Average pump flow \ '
. - I
I

Flow demand

—————

i |

Flow rate

1 L e e e e 1 e - -
. -
- One operating cycle = = '
@ Time

Y

Ficure 6.11 A hydraulic circuit using an accumulator to compensate for large flow
demands.
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Fieure 6.12 System flow demand and average recommended pump flow rate.

The maximum pump delivery pressure during the operating cycle is 140 bar.
The flow rates are set by flow control arrangements. The system has a fixed
displacement pump. Determine the required pump flow rate in the following
cases:

a) When using the pump only for the hydraulic power supply.

b) If a hydraulic accumulator is used to compensate for the short duration
flow demands, calculate the suitable size of the accumulator if the maxi-
mum allowable pressure is 210 bar.

Solution
a) The pump should supply a constant flow rate of 0.6 L/s, which cov-
ers the maximum required flow rate. The pump loading pressure is
140 bar. The required hydraulic power is N = 0.6 x 10 x 140 x 10°=
8400 W.

b) When using the accumulator, the pump flow rate will be calculated as
follows:

Total oil volume required during one cycle=0.09 x5+2x 0.6 x 10=1245L
Cycle duration =60 s
Recommended pump flow rate = 12.45/60 = 0.2075 L/s

When installing an accumulator, it will cover, together with the pump, the
flow demand at all instances. The variation of oil volume in the accumulator
(AV)) will be calculated as explained by Table 6.2 and illustrated by Fig. 6.13.

During one complete operating cycle, the net variation of oil volume
in the accumulator is zero, as the pump displaces the oil volume required
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Period (s)

Volume Delivery SAV

o

0-5

The pump flow is greater than the flow demand. The 0.5875 L
excess pump flow (0.2075 - 0.09 =0.1175 L/s) is
supplied to the accumulator. By the end of this period,
the accumulator gains (0.1175 x 5=0.5875 L).

5-10

The whole pump flow is delivered to the accumulator. | 1.625 L
By the end of this period, the accumulator gains
(0.2075x 5=1.0375L).

10-20

The pump flow is less than the flow demand. The -2.3L
accumulator compensates for this difference. It delivers
(0.6 — 0.2075 = 0.3925 L/s). By the end of this period,
the accumulator loses (0.3925 x 10 =3.925 L).

20-35

The whole pump flow is delivered to the accumulator. | 0.8125 L
By the end of this period, the accumulator gains
(0.2075 x 15 =3.1125 L).

35-45

The pump flow is less than the flow demand. The -3.1125 L
accumulator compensates for this difference. It delivers
(0.6-0.2075 = 0.3925 L/s). By the end of this period,
the accumulator loses (0.3925 x 10 =3.925 L).

45-60

The whole pump flow is delivered to the accumulator. | O L
By the end of this period, the accumulator gains
(0.2075 x 15=3.1125L).

TaBLE 6.2

Variation of Oil Volume in the Accumulator over a Single Operating Cycle

L]

1625L

>

47375L

/\

o

3r -3.1125L ’

Variation of oil volume in the accumulator (Liters)

o 10 20 30 40 50 60

Time (s)

Ficur

E 6.13 Variation of volume of oil in the hydraulic accumulator during

one operational cycle.
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for one complete operating cycle. The maximum variation of oil volume in
the accumulator is

V, =1.625-(-3.1125)=4.7375 L

This is the volumetric capacity of the used accumulator. It is the volume
delivered by the accumulator between the maximum pressure (210 bar) and
the minimum pressure (140 bar). The accumulator charging pressure = 0.9 x
140 = 126 bar.

The accumulator size is then calculated as follows:

Vv = Va/[(Pu/Pl)l/n - (Pu/Pz)l/n]
4.375

127 1/1.3_ 127 1/1.3
141 211

Thus, a 20-liter-size accumulator would be convenient for this application.

V,= =17.78L

Pump Unloading

In this application, the pump serves mainly to charge the accumula-
tor. The system is equipped with an accumulator charging valve
which bypasses the pump to the tank when the pressure in the accu-
mulator reaches a certain maximum value: P,. The pump is then
unloaded, and the accumulator operates as a source of the hydraulic
energy needed for the system operation. When operating any of the
system organs, the volume of oil in the accumulator decreases and its
pressure decreases. When the system pressure decreases to the mini-
mum value, P,, the accumulator-charging valve cuts the pump bypass
and reconnects the pump to recharge the accumulator. A check valve
is installed to force the accumulator to discharge only in the direction
of the system. In this way, the pump runs idling most of the time. The
typical construction of an accumulator-charging valve is given in
Fig. 5.21.

Reducing the Actuator’s Response Time

Some hydraulic systems include hydraulic cylinders placed at long
distances from the hydraulic generator. The time of response of these
cylinders is relatively long due to the effect of the long transmission
lines. The time of response may be reduced by placing an accumula-
tor near the hydraulic cylinders (see Fig. 6.14). The accumulator is
recharged during the time interval between two successive opera-
tions. It discharges in the direction of the hydraulic cylinder, reducing
its time of response.
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[
X,

wallllE

Ficure 6.14 Accumulators used to reduce the actuator’s response time.
(Courtesy of Bosch Rexroth AG.)

Maintaining Constant Pressure

In some applications, it is necessary to maintain constant pressure in
a particular branch of a circuit over a certain period. The installation
of an accumulator permits the pump to be used for the operation of
other elements, bypassing the pump or even switching its driving
motor off while satisfying the constant pressure requirement.

A typical example for using the accumulators to maintain a
constant pressure is given in Fig. 6.15. The compressed gas in the
accumulator maintains the pressure in the hydraulic cylinder and com-
pensates for leakage. The accumulator size is determined according

S

X

I

s
®

wia

Ficure 6.15 lllustration of the application of hydraulic accumulators for
maintaining constant pressure, leakage compensation, and thermal
expansion compensation.
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to the permissible pressure drop, the duration of the application of
pressure, and the resistance to internal leakage.

Thermal Compensation

During the normal operation of the hydraulic systems, the position of
some hydraulic actuators is locked hydraulically and/or mechanically.
When locking the position hydraulically, a volume of oil is trapped in the
hydraulic cylinders and pipes. If this oil is subjected to a considerable
increase in temperature, its pressure rises due to the effect of volumetric
thermal expansion and oil compressibility (see Sec. 2.2.4). The resulting
pressure increment is given by the following expression, neglecting the
volumetric expansion of the cylinder and pipe material:

AP = aBAT (6.34)

where o = Oil thermal expansion coefficient, K™
B = Bulk modulus of oil, Pa
AT = Temperature increment, K
AP = Resulting pressure increment, Pa

Example 6.2 The extension position of a hydraulic cylinder is locked hydraulically.
The cylinder is subjected to a temperature increment of 50 K. The oil thermal
expansion coefficient is 6 x 10 K™, and the bulk modulus of oil is 1.4 GPa. The
resulting pressure increment can be predicted as follows, assuming rigid cylinder
and pipe walls:

AP =0oBAT =6 x 10™* x 1.4 x 10° x 50 = 42 x 10° Pa = 420 bar

The system can be protected against this great pressure rise by
using a relief valve or a hydraulic accumulator. The hydraulic accu-
mulator installation compensates the volumetric variations of the
hydraulic oil resulting from thermal expansion (see Fig. 6.15).

Consider a line of length L and cross-sectional area A, subjected to
a temperature increment AT. The resulting volumetric expansion due
to the temperature rise is (V, = AL0AT). This volume is the volumetric
capacity of the accumulator needed to compensate the volumetric
variations due to thermal expansion. Referring to Eq. (6.4), the size of
the needed accumulator is then given by the following expression,
assuming a polytropic gas process.

V= ALoAT
0o~ (Po/pl)l/n — (Po/Pz)l/n (6.35)

When taking into consideration the thermal expansion of pipe
material, this expression becomes
AL(ot— o, )AT

Va = (Po/Pl)l/n _(Po/Pz)l/n (636)

where o, = Pipe material volumetric thermal expansion coefficient, K™



Accessories

Smoothing of the Pressure Pulsations

The displacement pumps, used in the hydraulic power systems,
deliver pulsating flow. The flow pulsations lead to considerable pres-
sure pulsations as well as the pulsation of the speed of the hydraulic
cylinders and motors (see Sec. 4.5). Some applications necessitate a
nonpulsating hydraulic supply. In this case, the hydraulic accumula-
tor can be used. It acts as a capacitive element. Together with the
transmission line resistance, they act as a low pass filter.

Capacitance of Hydraulic Accumulators
The hydraulic accumulator acts as a capacitive element. An expres-
sion for its capacitance can be deduced as follows:

For the polytropic compression of gas, PV," = FV," = const.

V'dp+npV,"1dV, =0 (6.37)
dV, ==V, /np)dp (6.38)
Vg +V, =V, =const. (6.39)
dv,/dt=-dV, /dt=—q (6.40)
_Yedp (6.41)
np dt
or Ve _ VB (6.42)

AT ﬁ = P/

where V = Volume of gas, m®
C, = Hydraulic capacitance of the accumulator, m3/Pa

Smoothing of Pressure and Flow Pulsations
Figure 6.16 shows a hydraulic accumulator installed at the pump exit
to smooth the pressure pulsation resulting from the pump pulsating

FiGure 6.16
Using hydraulic
accumulators for

pressure

oscillations

damping. O qAT P RT Pt = 0
el ==

P
)
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delivery. The following are the equations describing this system,
assuming zero return pressure and neglecting the effect of the inertia
and capacitance of the transmission line:

9r =CyAry2p/p (6.43)
Equation (6.43) can be linearized, assuming zero initial conditions,
gr =290 Ay~ p/R, (6.44)

dp

where R, = Throttle element resistance, Pa s/ m?
g, = Flow rate through the throttle valve, m3/s
A, = Throttle area, m?
p = Pressure, Pa
p = Oil density, kg/m?

94, =9r+q,4 (6.45)
d

q,=C, d—’t’ (6.46)

P=4q:R; (6.47)

Considering the effect of the accumulator and applying the
Laplace transform to Egs. (6.45) through (6.47), the following transfer
function is deduced:

P(s) R,

0,6 = RCs+1 =R, G(s) (6.48)
1
where G(s) = ] and T=R.C, (6.49)

According to the given assumptions, the transfer function G(s)
relating the delivery pressure to the pump pulsating exit flow is a
first-order transfer function. Its frequency response is shown in
Fig. 6.17. This figure shows that the high-frequency components of
the input signal are highly damped, while the low-frequency compo-
nents are slightly damped or allowed to pass without considerable
change in magnitude. In this arrangement, the accumulator acts as a
low pass filter.

When introducing an orifice at the accumulator inlet (see Fig. 6.18)
for a very short pump exit line, the line inertia is negligible. Thus, the
system can be described by the following relations, neglecting the
accumulator inlet line inertia and capacitance:
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Ficure 6.17 Gain plot of the frequency response of the accumulator when
used as a damper for the pressure oscillations.
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The continuity equation applied to the pump exit line is

VodP _ . dp (6.50)

qp_qA_qT :?E_ P dt
where C, = Hydraulic capacitance of the pump exit line, m®/N.

The flow rate through the accumulator inlet throttle is
q,= P—Pa (6.51)
where R, = Resistance of the accumulator inlet orifice, Pa

Also, q,=C, ‘%A (6.52)
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The flow rate through the return orifice is

Gy = P (6.53)

Applying the Laplace transform to Egs. (6.50) through (6.53), the
following transfer function can be deduced:

P(s) R, (R,C,s+1)
Q) R,R,C,C,5+(R,C,+R,C, +R,C,Js+1

(6.54)

The hydraulic capacitance of the pump exit line C, is too small
compared with that of the accumulator C,. For a pump exit zone of
V_=0.5 liters, a hydraulic accumulator of ng 1 liters, oil bulk modu-
lus B = 1.3 GPa, operating pressure of p = 10 MPa, and assuming
a polytropic process, n = 1.3, the ratio of these two capacitances is

B
(é_A: XV =200 (6.55)
r np r

Thus, the contribution of the pump exit line capacitance is negli-
gible. Therefore, considering this result by neglecting the term C,
Eq. (6.54) becomes:

Pis) Ry (RACAS + 1)

= (6.56)
Q) (R, +R,)C,s+1

P(s) Ry(T,s+1)

or Q,©  Ts+1 W (57
Ts+1
= 6.58
G(s) Ts+1 (6:58)
The time constants T, and T, are

T,=(R;+R,)C, and T,=R,C, (6.59)

The frequency response of the system described by the transfer
function in Eq. (6.58) is shown in Fig. 6.19. The study of this figure
shows that

1. The accumulator acts as a low pass filter.

2. There are two corner frequencies: ,=1/T, and w,=1/T,. By
increasing the accumulator inlet resistance, R,, these two
corner frequencies become nearer, which decreases the maxi-
mum attenuation of the pressure oscillation. Therefore, the
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Ficure 6.19 Gain plot of the frequency response of the accumulator with
inlet restriction when used as a pressure pulsation damper.

value of this resistance should be calculated to produce the
recommended damping.

3. The accumulator dampens the pressure pulsation of high fre-
quencies. However, the reduction in the magnitude ratio is
limited due to the presence of a phase lead element, imposed
by the accumulator input resistance.

Load Suspension on Load Transporting Vehicles

In the case of load transporting vehicles (see Fig. 6.20), the suspension
elements are subjected to great inertia loads and pressure oscillations
in the lifting cylinders, due to the irregularity of the road. These
elements are subjected to severe fatigue loads. The installation of a
hydraulic accumulator results in smoother pressure variations and a
considerable reduction in fatigue loads, which allows faster move-
ment with fragile loads.

Ficure 6.20 Load suspension using hydraulic accumulators.
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Absorption of Hydraulic Shocks

The rapid closure of control valves results in a rapid deceleration of the
moving fluid columns in hydraulic transmission lines. When the fluid
lines are long enough, the resulting pressure shock can be dangerous in
effect. Consider that the oil is moving with a mean speed v in a line of
cross-sectional area A and length L. The end of the line is closed rap-
idly during time period .. The valve closure creates a pressure wave,
which propagates through the line. The pressure wave travels to the
line end and reflects back at sonic speed ¢ during a time interval £,,.

t,=2L/c (6.60)

If t, < t,, the pressure at the valve inlet increases and the line is
subjected to a hydraulic shock. The rapid closure of the valve pro-
duces a pressure wave that travels up the pipe with velocity c. During
a short time interval (dt), an element of liquid of length L is brought
to rest. An expression for the decelerating force acting on the oil and
the pressure rise at the valve inlet can be deduced as follows:

dv
=m— 6.61
F=m T, ( )
PA-(P+dP)A= pAcdt% , where L=cdt (6.62)
dP =—pcdv (6.63)
or AP = —pcAv (6.64)

When the liquid is fully stopped, Av =-v, then
AP =puc (6.65)

Example 6.3 The liquid flows in a hydraulic transmission line with v =10 m/s,
p =900 kg/m3, and ¢ = 1300 m/s, then the sudden closure of the line end valve
results in a pressure rise AP =11.7 MPa.

If the closure time t_is greater than the pressure wave propaga-
tion time ¢, (,> t;,), the peak pressure can be predicted as follows.

t, 2L

AP =-Fpoc="=pv (6.66)
or AP=povc for t<t, (6.67)
and AP = zt—va for t>t, (6.68)

These expressions show that the pressure rise due to the sud-
den closure of line is independent of the steady-state pressure level.
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Ficure 6.21 Hydraulic accumulators installed to protect a line against
pressure shocks.

Therefore, when it is not feasible to close the valve slowly, the
hydraulic accumulators are used to absorb most of the transient
pressure rise. When using the hydraulic accumulator to absorb
the resulting hydraulic shock, it should be fitted as closely as pos-
sible to the source of the shock. The size of the accumulator should
be calculated such that it can effectively absorb the resulting pres-
sure rise. Figure 6.21 shows a hydraulic accumulator installed near
the control valve to protect the transmission line against hydraulic
shocks.

Initially, before the valve closure, the steady-state pressure at the
accumulator inlet (just before the valve) is P,. The valve closure in-
creases the pressure to P. This pressure increase starts to decelerate
the moving liquid column. The application of Newton’s second law
to the moving mass of liquid yields

(P-P)A= —pAL% (6.69)

The oil flows into the accumulator due to the pressure increase,
resulting from the rapid valve closure. Consider the severest possible
operating conditions, where the valve is closed during a nearly zero
time interval, and the oil flow rate into the accumulator is Av, then

LA/ (6.70)
dt
V+V, =V =Const. (6.71)

where V = Volume of gas in the accumulator, m?
V, = Volume of oil in the accumulator, m?
V_= Total volume, size, of accumulator, m3
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av av,
P A 6.72
TR T (6.72)
The treatment of Equations (6.69) and (6.72) yields

(P-P)dV =pALvdv (6.73)

The accumulator is installed to limit the pressure to a maxi-
mum value of P,. The size of the needed accumulator is found as
follows.

For an isothermal process . . .

PV =PV, = const. (6.74)

Then, JV = PaVo P (6.75)
(P- Pl)(—”—‘,:”de =pALvdo (6.76)

Thus, JI:Z (% - %de = —% :vdv (6.77)
V= pAL?? (6.78)

" AN
2Po {IH(EJ-‘—E_ 1}

where P, and P, are the initial and maximum pressures, respectively,
in Pa (abs).

For a polytropic process . . .

pYny
PV*=PV"=const. or dV=-—"—12dP (6.79)
nP
Pl/n
Then (P-P)| - —>|dP=pALvdv (6.80)
nP

1
j (" n—P p i ydp = —PAL [Modo (6.81)
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The following expression for the recommended accumulator size
can be deduced:

V- np ALv? (6.82)
0 op 1/n{ n (P (n-1)/n _ P(n—l)/n) + n(P p-ln _ P(nl)/n)}
0 1\ 1 12 1

These expressions for the accumulator size were derived neglect-
ing the effect of the fluid compressibility and the pipe wall elasticity.
The friction losses in the line and accumulator inlet local losses were
also neglected. The friction and local pressure losses assist the fluid
deceleration, while the walls’ elasticity and oil compressibility would
accept some oil during the transient periods. Therefore, when neglect-
ing these parameters, the deduced formulas result in an accumulator
size greater than that actually required. Nevertheless, it is safer and
counts for the possible approximations and calculation inaccuracy.

Example 6.4 A hydraulic transmission line has the following parameters.
Calculate the suitable accumulator size for protection against hydraulic shocks
if the maximum allowable pressure increment is 5bar: v=2m/s, A=4 cm? L=
100 m, p =800 kg/m?, P, =5 bar (abs), and P =4 bar (abs).

V =8.28 liters calculated assuming an isothermal process, n =1

V =8.57 liters calculated assuming a polytropic process, n =1.1

V =9.21 liters calculated assuming a polytropic process, n =1.3

Hydraulic Springs

The hydraulic accumulator is being used as a suspension element in
the automotive sector, replacing the mechanical springs. Figure 6.22
shows a hydro-pneumatic wheel suspension system with leveling

Ficure 6.22 Using the accumulator as a hydraulic spring in car suspension.

235



236 Chapter Six

P.V VL ,—
Gas Qil

Ficure 6.23 A hydraulic cylinder and accumulator operating as a hydraulic
spring.

control. Figure 6.23 illustrates a typical connection of the accumulator
when used as a hydraulic spring. An expression for the stiffness of
this spring is deduced in the following:

V, = Ax (6.83)
V,=V,-V,=V,- Ax (6.84)

where V.= Gas volume at pressure P, m*

Then, P(V - Ax)"=PV" (6.85)
APV ™"

F=PA= % (6.86)
(V - Ax)

The equivalent spring stiffness, k, is

_dF _ nV'A?

=== 6.87
dx (Vo _ Ax)n+l o ( )

where k= Equivalent stiffness, N/m
V, = Volume of liquid in the accumulator, m?
A = Piston area, m?
x = Piston displacement, m
V= Initial gas volume, accumulator size, m3
P = Gas-charging pressure, Pa (abs)
P = Actual pressure, Pa (abs)
n = Polytropic exponent
F = Spring force, N

The stiffness of a hydraulic spring was calculated for different
sizes of hydraulic accumulator, considering a 10 cm piston diameter,
a 2 MPa charging pressure, and a polytropic exponent of 1.3. The cal-
culation results are plotted in Fig. 6.24. These results show that the
spring stiffness increases with the piston displacement. The smaller-
size accumulator presents greater stiffness due to the rapid increase
of oil volume in the accumulator.
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Ficure 6.24 Effect of the piston displacement on the stiffness of the
hydraulic spring for different sizes of accumulators.

Hydraulic Filters

Hydraulic filters are used to limit the contamination of hydraulic oil.
They are installed on the pump suction line, delivery pressure line, or
system return line. Pump inlet with suction line filter should be care-
fully designed and maintained to avoid cavitation. The air breathers
of nonpressurized hydraulic tanks are also equipped with hydraulic
filters. The filters serve mainly to control the size distribution of
impurities in hydraulic oils, to minimize wear and prevent the clog-
ging of fine orifices by contaminants. A sample of return line and
pressure line filters is shown in Figs. 6.25 and 6.26.

Ficure 6.25 |
A return line filter.
(Courtesy of Bosch
Rexroth AG.)

Ap
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Ficure 6.26

A high-pressure
filter. (Courtesy of ' 4
Bosch Rexroth AG.)

o[ o

\;_rfz

The return filter is designed for mounting either on the return pipe
line or directly on the reservoir (see Fig. 6.25). It is comprised of a hous-
ing (1), a cover (2) with a connection for the clogging indicator (3), filter
element (4), contamination retaining basket (5), and clogging indicator
(6). Additionally, a bypass valve (7) is integrated. The fluid passes via
port A to the filter element (4). The contamination particles, which have
been filtered out, are kept in the retaining basket (5) and filter element
(4). The filtered fluid flows to the reservoir via port B. The retaining
basket (5) should be cleaned when removing the filter element (4), so
the settled contamination does not pass into the reservoir.

The pressure line filters are suitable for direct mounting on the
pressure lines (see Fig. 6.26). They consist of the filter head (1), a filter
housing (2), a filter element (3), a clogging indicator (4), and a bypass
valve (5) for filters with a low-pressure differential filter element. The
fluid passes from port A to the filter element. The contaminating par-
ticles are separated. The retained contamination particles settle into
the filter housing (2) and the filter element (3). The filtered fluid
returns to the circuit through port B.

Hydraulic Pressure Switches

6.4.1 Piston-Type Pressure Switches

This class of pressure switch is actuated by a pressure-loaded pis-
ton. They may have normally open or normally closed contacts.
They activate an electrical contact at an adjustable pressure setting.
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Ficure 6.27 A piston-type electrohydraulic pressure switch. (Courtesy of Bosch
Rexroth AG.)

The pressure switch (as shown in Fig. 6.27a) consists of a housing (1),
a micro switch (2), an adjustment mechanism (3), a plunger (4), a
piston (5), and a spring (6). The pressure acts against the piston (5),
which extends the plunger (4) against the spring force. As the pressure
exceeds the spring force, the plunger displaces and activates the
micro switch. The mechanical stop (7) protects the micro switch
from over-travel.

Another example of piston-type hydroelectric pressure switch-
es is shown in Fig. 6.27b. It consists of a housing (1), a piston (2),
a spring (3), an adjustment element (4), and a micro switch (5).
The micro switch is initially contacted for low pressures. The
pressure is applied to the piston via the orifice (7). The piston acts
against the spring force. The plate (6) transfers the piston move-
ment and releases to the micro switch upon reaching the set pres-
sure. The electric circuit is switched on or off according to the
field wiring.

6.4.2 Bourdon Tube Pressure Switches

Bourdon tube actuated pressure switches are suitable for sustained
pressure, contamination resistance, and high accuracy. They consist
of a housing (1), a bourdon tube (2), a striker plate (3), and a micro
switch (4) as shown in Fig. 6.28. The pressure signal acts upon the
bourdon tube. As the pressure increases, the bourdon tube expands.
The attached lever converts the expansion of the bourdon tube to a
linear movement to activate the micro switch.
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Ficure 6.28

A Bourdon tube
pressure switch.
(Courtesy of Bosch
Rexroth AG.)

6.4.3 Pressure Gauge Isolators

The pressure gauge isolator valve is a three-way two-position
directional control valve used to isolate a pressure gauge from the
system. The pressure can be monitored by depressing the push but-
ton. These valves consist of a housing (1), a spool (2), a spring (3), a
push button (4) and a pressure gauge connection (5) as shown in
Fig. 6.29. In the un-actuated position, the port (P) is blocked and
the pressure gauge is connected to the tank port (T). By depressing
the push button, the spool shifts, transmitting the pressure signal
to the gauge port. After release, the spool returns to its neutral
position under the action of the spring force and the port (M) is
connected to the tank line (T).

FiGure 6.29 M 5

A pressure gauge |

isolation valve. 2 : 3 4
(Courtesy of Bosch
Rexroth AG.)
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6.5 Exercises

1. Explain the principals of operation and the possible applications of the
hydraulic accumulators.

2. Define and derive an expression for the volumetric capacity of an oleo-
pneumatic accumulator.

3. Explain the construction and operation of the piston type accumulators.
(See Fig. 6.2.)

4. Explain the construction and operation of bladder-type accumulators. (See
Figs. 6.3 through 6.5.)

5. Explain the construction and operation of the diaphragm type accumulators
(as shown in Figs. 6.6 and 6.7.)

6. Discuss in detail the applications of the hydraulic accumulators as energy
storage elements. Draw a hydraulic circuit for this application.

7. Derive an expression for the total energy stored in a hydraulic accumulator,
assuming isothermal gas compression. Find the condition for the maximum
energy stored.

8. Derive an expression for the total energy stored in a hydraulic accumulator,
assuming polytropic compression of gas. Find the condition for the maximum
energy stored.

9. Derive an expression for the useful energy stored in a hydraulic
accumulator, assuming the isothermal compression of gas. Find the condition
for the maximum energy stored.

10. Derive an expression for the useful energy stored in a hydraulic
accumulator, assuming polytropic compression of gas. Find the condition for
the maximum energy stored.

11. Discuss in detail the application of a hydraulic accumulator for damping
pressure oscillation at the delivery line of displacement pumps.

12, Discuss in detail the application of a hydraulic accumulator for protection
against hydraulic shocks.

13. Discuss in detail the application of hydraulic accumulators in protecting
against thermal expansion.

14. Discuss in detail the application of a hydraulic accumulator for internal
leakage compensation and the application of constant pressure.

15. Discuss in detail the application of a hydraulic accumulator as a hydraulic
spring.

16. A hydraulic accumulator is installed to protect a hydraulic line against
an excessive rise in pressure due to thermal expansion. Derive an expression
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for the proper size of this accumulator if the permissible pressure increment
is AP for a temperature increase of AT.

17. Calculate the size of a hydraulic accumulator necessary to deliver five
liters of oil between pressures of 200 and 100 bar if the charging pressure is
90 bar (gauge pressure), assuming an adiabatic compression process.

18. Ahydraulic system operates in a regular operating cycle of 50 s duration.
The flow demand during the operating cycle is shown in the figure that
follows. The maximum pump delivery pressure during the operating cycle is
160 bar, and the flow rates are set by a flow control arrangement. The system
has a fixed displacement pump. Determine the required pump flow rate in
the following cases:

a) When using the pump only for hydraulic power supply.

b) If a hydraulic accumulator is used to compensate for the short duration
flow demands. Calculate the suitable size of the accumulator if the maximum
allowable pressure is 240 bar.
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19. Discuss briefly the function of hydraulic filters.

20. Explain the construction and operation of the pressure switches illustrated
in Fig. 6.27.

21. Ahydraulic power generator has the following operating parameters:
Pump flow rate Q,=041lit/s

Maximum operating pressure P__ =70 bar

Minimum operating pressure P, _. =60 bar

Pump total efficiency n.=09
There is a demand for 0.8 liter of oil over a period of AT, = 0.1 s, at intermittent
intervals. The minimum time interval between two successive demands is AT, =

30 seconds. Calculate the size of the suitable accumulator and the maximum
required power when operating with and without the accumulator.
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6.6 Nomenclature

A = Piston area, m?
A, = Throttle area, m?
F = Spring force, N
k = Equivalent stiffness, N/m
n =Pump speed, rev/s
n = Polytropic exponent
N = Pump driving power, W
P = Pressure, Pa
P, = Minimum system pressure, Pa (abs)
P, = Maximum system pressure, Pa (abs)
P = Accumulator charging pressure, gas pressure, Pa (abs)
Q...x = Maximum required flow rate, m3/s
g, = Flow rate through the throttle valve, m3/s
R = Throttle element resistance, Pa s/ m?3
V = Qil volume in the accumulator, m?
V, = Volume of gas at pressure P,, m*
V, = Volume of gas at pressure P, m?
V_=Pump geometric volume, m?/rev
V = Gas volume, m®
V, = Volume of liquid in the accumulator, m?
V = Accumulator size, volume of charging gas at pressure P_, m®
x = Piston displacement, m
x, = Spring pre-compression, m
AT = Temperature increment, K
p = Oil density, kg/m?
M, = Pump volumetric efficiency
Ny = Pump total efficiency
o = Oil thermal expansion coefficient, K™

N

o 0Q

Appendix 6A Smoothing Pressure Pulsations

by Accumulators

Figure 6A.1 shows a hydraulic accumulator installed at the pump
exit. It serves to smooth the pressure pulsation resulting from the
pump pulsating delivery. This appendix illustrates the effect of hydraulic
accumulators on the pressure oscillation damping.

Consider a z-piston axial piston pump, where the pistons per-
form simple harmonic motion. The displacement of each piston is
described by the following equation:

xizhsin{wH@};i:l toz (6A.1)

o= 21m;7 (6A.2)
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Ficure 6A.1
Using hydraulic
accumulators to
damp pressure

oscillations.
P QAT
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The flow rate delivered by each piston is Q,, where Q, > 0.

dx, 2n(i- 1)
Q=A,—=oh4, cos{(ot+ - } (6A.3)

Neglecting the internal leakage, the pump flow rate is

=Z 1=z

Q,=20Q-= oahApcos{cot+2n(;_1)} (6A4)

i=1 i=1

where A, = Piston area, m?
h = Half of the piston stroke, m
n,=Pump speed, rps
Q, = Flow rate delivered by a single piston, m*/s
Qp =Pump flow rate, m3/s
x, = Piston displacement, m
z = Number of pistons
® = Pump driving shaft speed, rad/s

The flow rate, Q,, through the loading orifice is
Q; =C,A\2P/p (6A.5)

The increase in oil volume in the accumulator is
AV, = [(Q,-Qp)dt (6A.6)

The accumulator pressure is given by the following equation:

P pu(VDJ (6A.7)

Vv

L
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where A= Throttle valve area, m?

n = Polytropic exponent
P =Pump exit pressure, Pa (abs)

P, = Accumulator charging pressure, Pa (abs)

Q. = Flow rate through the throttle element, m3/s
V,= Qil volume in the accumulator, m3

V = Accumulator size, m*
p = Oil density, kg/m?

The system shown by Fig. 6A.1 is described mathematically by
Egs. (6A.1) through (6A.7). These equations were used to develop a
computer simulation program for the studied system using the
SMULINK program. The frequency of the pressure oscillations was
adjusted by changing the pump speed. The average flow rate of the
pump was kept unchanged by resetting the pistons stroke, for com-
parison purposes. The simulation results are shown in Fig. 6A.2.
These results show that the low-frequency signals are slightly attenu-
ated. Meanwhile, the damping effect increases with the increase of
the pressure oscillation frequency. Then, in this case, the accumulator
acts as a low pass filter, as explained also by Fig. 6.17.
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Ficure 6A.2 Simulation results of the damping effect of a hydraulic accumulator on
the pressure oscillations of the oscillating flow of different frequencies.
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Appendix 6B Absorption of Hydraulic Shocks
by Accumulators

Herein, the effectiveness of the application of oleo-pneumatic accu-
mulators for the protection against hydraulic shocks is investigated.
The proper accumulator size can be calculated using Eq. (6.82). The
studied hydraulic transmission line (see Fig. 6B.1) has the following

parameters:
Accumulator charging pressure =5.1 MPa
Allowable end pressure increment ~ =2.2 MPa
Bulk modulus of oil =1.6 GPa
Pipe line diameter =lcm
Initial line-end pressure =6.2 MPa
Initial oil velocity =6m/s
Inlet constant pressure =8 MPa
Kinematic Viscosity =56 cSt
Pipe line length =18m
Line capacitance: C =8.84 x 10¥m?/Pa
Line inertia: I =199 x 10® kg/m?*
Line resistance: R =3.56 x 10° Ns/m>
Oil density =868 kg/m?
Polytropic exponent =13

The equations describing the line are given in App. 3B. When the
accumulator is installed, the equation describing the last capacitor
[Eq. (3B.13) for the two-lump model] will be replaced by the equa-
tions describing the accumulator as follows:

V=V,-[(Q,-Q)dt (6B.1)

P, =P(V,/V)" (6B.2)

P(L.Y)

Constant \ —
Pressure ' -
Source @

Ficure 6B.1 Schematic of the experimentation setup.
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Ficure 6B.2 Transient response of a transmission line to the sudden
closure of the exit throttle valve.

The studied line is supplied by pressurized oil at a constant pres-
sure. The line-end directional control valve DCV is open and the
throttle valve was partially opened to control the oil speed at 6 m/s.
The DCV is suddenly closed at t = 0.2s. Figure 6B.2 shows the tran-
sient response of the line-end pressure in the two cases: with and
without an accumulator.

In the case of a line without an accumulator, the transient response
shows an overshoot of 63.9 bar and a settling time of 353 ms. The
installation of the hydraulic accumulator reduced the pressure over-
shoot to 8 bar and the settling time to 169 ms. In addition to this
improvement, the transient response oscillations are substantially
reduced, which provides an important increase in the fatigue life of
the pipe.

The effect of accumulator size is investigated by calculating the
integral error squared (IES), which is defined as

IES= [ (P, - P, )dt (6B.3)

The calculation results are shown in Fig. 6B.3. Generally, the
installation of the accumulator very close to the valve reduces the
duration and amplitude of the transient pressure oscillations. The mini-
mum value of IES is obtained for the accumulator size estimated by
Eq. (6.82) (0.152 liters in this case study, while the estimated accumu-
lator size is 0.126 L).
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Ficure 6B.3 Effect of the accumulator size on the integral square error of
the transient response.

The effect of accumulator size on the IES can be explained as
follows: The increase of the accumulator size, V, over the minimum
value increases the accumulator capacitance [see Eq. (6.42)] and
decreases the system stiffness and natural frequency. Meanwhile, the
system resistance is not affected by the accumulator size, which
results in an increased damping coefficient. Thus, the increase in
accumulator size results in a more damped response, a longer settling
time, and increased IES.
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Ficure 6B.4 The transient response of a transmission line, equipped with a
hydraulic accumulator of different sizes, to step closure of a throttle valve at
t=0.1s.
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The reduction of the accumulator size, below the calculated mini-
mum size, reduces the damping coefficient and leads to a greater
maximum percentage overshoot and increased IES (see Fig. 6B.4).
Therefore, both the minimum IES and maximum percentage over-
shoot should be considered when selecting the proper accumulator
size.

Nomenclature and Abbreviations
n = Polytropic exponent
P =Pressure, Pa
P, = Line-end pressure, Pa
P, . = Steady state pressure at the closed end, Pa
P = Accumulator charging pressure, Pa (abs)
Q =Flow rate, m3/s
T = Time duration of response, s
V= Accumulator size, m?
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7.2

CHAPTER 7
Hydraulic Actuators

Introduction

Hydraulic actuators are installed to drive loads by converting the
hydraulic power into mechanical power. The mechanical power
delivered to the load is managed by controlling the fluid pressure
and flow rate, by using various hydraulic control valves. The
hydraulic actuators are classified into three main groups according to
motion type:

e Hydraulic cylinders, performing linear motion
¢ Hydraulic motors, performing continuous rotary motion

e Hydraulic rotary actuators, performing limited angular
displacement

Hydraulic Cylinders

The hydraulic cylinders convert the hydraulic power into mechanical
power, performing rectilinear motion. The pressure of input oil is con-
verted into the force acting on the piston (see Fig. 7.1). The following
relations describe the steady-state motion of a frictionless leakage-free
hydraulic cylinder:

F=PA,-PA, and vzg—z— (7.1)

In the case of steady-state operation of real cylinders, the internal
leakage, Q,, and friction forces, F,, should be taken into consideration.
Therefore, the mechanical power delivered to the load (vF) is less
than the hydraulic power supplied to the cylinder (P,Q, — P,Q,). The
cylinder is described by the following relations:

F=PA,-PA ~F, and 0= ng Q& ng Q (7.2)
4 4
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- Pl
—_ «— l
A pifta Py |Q Ar
Piston area e 2 [ Rod-side area

Ficure 7.1 Functional scheme of a hydraulic cylinder.

where A, = Piston area, m?

A, =Rod-side area, m?
F = Piston driving force, N

Ffz Friction force, N
P = Pressure, Pa

Q =Flow rate, m3/s

Q, = Internal leakage flow rate, m*/s
v = Piston speed, m/s

7.2.1 The Construction of Hydraulic Cylinders

Figure 7.2 illustrates the construction of a typical hydraulic cylinder.
It consists mainly of the piston, a piston rod, cylinder barrel, cylinder
head, and cylinder cap. The piston rod is extruded through the
cylinder head. The piston carries a convenient sealing assembly to
insure the required internal tightness, while the cylinder head is
equipped with convenient seals to resist external leakage. The two
basic types of hydraulic cylinders are tie-rod and mill-type. This
classification depends on the method of assembling cylinder parts.
In the tie-rod cylinders, the cylinder head and cylinder cap are
connected together by tie rods; the sealing of the cylinder barrel-
head-cap contact surfaces is insured by static seals (see Fig. 7.3). On
the other side, the mill-type cylinders are assembled by various
methods, including;:

Piston stroke

1. Cylinder cap, 2. Barrel, 3. Piston, 4. Piston seal, 5. Piston rod,
6. Cylinder head, 7. Rod seal, 8. and 9. Cylinder ports

Ficure 7.2 Construction of a typical hydraulic cylinder.
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15 16 17 18 8 17 9 10 12

1. Head, 2. Cap, 3. Piston rod, 4. Cylinder tube, 5. Flange, 6. Guide bush, 7. Piston,
8. and 9. Cushioning bush; spear, 10. Threaded ring, 11. Tie rod, 12. Nut, 13. Guide ring,
14. Piston seal, 15. Wiper, 16. Piston rod seal, 17 and 18. O ring; static seal

Ficure 7.3 Construction of a tie-rod cylinder. (Courtesy of Bosch Rexroth AG.)

¢ Thecylinder cap is welded to the cylinder barrel, and the cylinder
head is bolted to a bush screwed to the barrel (see Fig. 7.4).

e The cylinder cap is welded to the cylinder barrel, and the
cylinder head is screwed to the barrel (see Fig. 7.5).

7.2.2 Cylinder Cushioning

The extension and retraction speeds of hydraulic cylinders are man-
aged by controlling the inlet or exit-oil flow rates. When reaching its
end position, the piston is suddenly stopped. In the case of high speed
and/or great inertia, the sudden stopping of the piston results in a
severe impact force. This force is proportional to the mass and the
square of the velocity of the moving parts. It affects both the cylinder
and the driven mechanism. Therefore, a cushioning arrangement might
be necessary to reduce the piston speed to a limiting value before

8 18 6 18 18 6 8

1. Head, 2. Cap, 3. Barrel, 4. Piston rod, 5. Piston, 6. Cushioning spear,
7. Flange, 8. Bolts, 18. Seal kit

Ficure 7.4 Mill-type hydraulic cylinder with bolted head. (Courtesy of Bosch
Rexroth AG.)
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4 6 1 6 3
9o

1. Head, 2. Cap, 3. Barrel, 4. Piston rod, 5. Piston,
6. Seal kit: Wiper, Rod seal, Piston seal, O-ring and Guide bush

Ficure 7.5 Mill-type hydraulic cylinder with screwed head. (Courtesy of
Bosch Rexroth AG.)

reaching its end position. The cushion dissipates the kinetic energy of
the moving parts.

Figure 7.6 shows a hydraulic cylinder with an adjustable cushion-
ing element. The piston (1) is fitted with a conical end-position cush-
ioning bush (spear) (2). During the cylinder retraction stroke, the
returned oil flows freely to the return line. When approaching the end
position, the spear enters a cylindrical cave in the cylinder cap (4).

Before reaching the cushioning element After reaching the cushioning element

(@)

—
p A Aq Pdl%l
m L Pl=01

(b)

Ficure 7.6 (a) Cushioning of hydraulic cylinders. (Courtesy of Bosch Rexroth AG.)
(b) Functional scheme of the cushioning element.
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The oil returned from the piston chamber (5) is forced to flow through
the passage (6) to the throttle valve (7), and through the radial clear-
ance between the spear and cylindrical cave. The pressure in the piston
chamber increases and acts to decelerate the moving piston.

The check valve (3) permits by-pass of the throttle valve at the
start of the motion in the opposite direction. When extending the
cylinder, the oil flows to the piston chamber through the check valve.
In this way, the whole piston area is acted on by the pressurized oil.
The piston may be equipped with a cushioning element at one side or
at both sides. The throttle valve is either of fixed or of adjustable area.
The illustrated construction has a throttle valve area adjustable by a
screw (see Fig. 7.6a). The kinetic energy of the moving parts should
not exceed the capacity of the cushioning element, defined as the
work done during cushioning period.

The cushioning should produce a controlled deceleration of
the cylinder, near one or both end positions. This is done by creat-
ing a decelerating pressure force. In doing this, the pressure must
not exceed its limiting value. The kinetic energy of the moving
parts is converted into heat by throttling the out-going fluid in the
cushioning zone. For an ideal operation, the piston will be fully
stopped at the end of the cushioning stroke, s. If the piston will be
fully stopped at the end of the cushioning stroke, the required
deceleration, a, is

,02

=2 (7.3)

When the cylinder is installed horizontally, the decelerating
(cushioning) force can be calculated, considering the equilibrium of
forces acting on the piston (see Fig. 7.6b), as follows:

P,A,=ma+PA, (7.4)

Normally, the damping pressure may not exceed the nominal
pressure of the cylinder. An average value of the damping pressure,
P, is given as follows:

1 ( mo?
Pd—A—d[ - +PAPJ (7.5)

where a = Deceleration, m/s?
A, = Piston area subjected to pressure P, m?
A, = Piston area subjected to pressure P, m?
m =Moving mass, kg
P = Driving pressure, Pa
P,=Mean pressure in the cushioning volume, Pa
s = Damping length, m
v = Piston velocity at the beginning of the cushioning
stroke, m/s
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For vertical mounting of the cylinder, the pressure generated by
the weight of the moving parts must be added or subtracted depend-
ing on the direction of motion. The cylinder friction is ignored in
these calculations. If the calculations give an unacceptably high mean
damping pressure, the damping length must be increased or the
speed must be reduced.

7.2.3 Stop Tube

In the case of flange and foot mounting or where the cylinder is rigidly
fixed, there is a possibility of excessive side loading forces. The side
loading force, perpendicular to the cylinder axis, results in high loads
on the rod bearing, especially in the full extension position. This
increased load has a harmful effect on the rod bearing. This undesir-
able effect can be reduced by using a stop tube, fitted inside the cylin-
der body. It stops the piston before reaching the cylinder head, which
increases the minimum distance between the rod bearing and the
piston. Figure 7.7 illustrates the function of the stop tube. A stop tube (3)
is inserted between the piston (1) and the cylinder head (2). The stop
tube extends the lever arm and thus reduces the bearing loads. The
increase in stop tube length decreases the reaction force on the piston
and rod bearing. Meanwhile, the available stroke is reduced.

7.2.4 Cylinder Buckling

The maximum axial load acting on the hydraulic cylinder must not
exceed the limit at which buckling takes place. This limiting force
should be calculated and considered, otherwise catastrophic damage
may take place. The limiting load, for buckling, is calculated as follows:

n’E]

F=
nl%

for A2 kg according to Euler (7.6)

Without stop tube extension
Distance between bearings

With stop tube extension

Pistanoe between bearingsl
"] 3
I

4 \ \

2 3 1
1. Piston, 2. Cylinder head, 3. Stop tube, 4. Rod bearing

Ficure 7.7 lllustration of the function of the stop tube. (Courtesy of Bosch
Rexroth AG.)
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_ md(335-0.621)

F
4n

for A< kg according to Tetmajer (7.7)

4
J= % =0.04914* for a circular cross-sectional area (7.8)

A=4k 7.9)

A, =m125E/R (7.10)

The free buckling length, L, is found from the Euler loading
table shown in Fig. 7.8. The reinforcement by the cylinder tube is not
taken into consideration in calculation. This gives an allowance for
superimposed bending stress due to the cylinder installation.

where j = Safety factor = 3.5
d = Piston rod diameter, m
E = Modulus of elasticity, N/m? (E = 2.1 x 101, for steel)
J = Area moment of inertia or second moment of area, m*
L, = Free buckling length, m
R =Yield strength of the piston rod material, N/m?
A = Slenderness ratio

L~
—

= =

One end free; the other is

One end pivoted; the other Two ends pivoted .
is rigidly connected rigidly connected
Lg=L/+2 Le=L Lg=2L

Ficure 7.8 Influence of the mounting type on the free buckling length.
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Ficure 7.9 Basic dimensions for the dead length and stroke calculations.

7.2.5 Hydraulic Cylinder Stroke Calculations

The double-acting hydraulic cylinder shown in Fig. 7.9 illustrates the
various “dead” or wasted lengths. The minimum length of this hydraulic
cylinder, L, is composed of the following terms:

L =L,+ adjustment allowance + dead lengths (7.11)
L=2L,+L,+L,+L,+L.+L+L,+L, (7.12)

where L, = Radius of attachment lugs + a clearance of 2.5 mm, m
L, =Cylinder cap length, m
2
L, = Piston length, m
L, =Stroke, m
L, =Cylinder head length, m
L, = Length of extruded part of piston rod + thickness of lock
nut, m
L, = Allowance for length adjustment, m
Lg = Thickness of end pieces, m

The length between the pin centers may be reduced if the cylinder
attachment becomes a trunnion (see Fig. 7.21).

7.2.6 Classifications of Hydraulic Cylinders

The hydraulic cylinders are classified into the following types: single
acting, double acting, tandem, three position, and telescopic. They
may be equipped with a mechanical position locking element.

Single-Acting Cylinders

Figures 7.10 and 7.11 illustrate the construction of single-acting
hydraulic cylinders. The piston, or plunger, is driven hydraulically in
one direction. In the other direction, the piston moves under the
action of an external force or a built-in spring.

Double-Acting Hydraulic Cylinders

The piston of a double-acting hydraulic cylinder is driven hydraulically
in both directions of motion. This cylinder may be single rod (Fig. 7.12),
twin-rod symmetrical (Fig. 7.13), or twin-rod nonsymmetrical (Fig. 7.14).
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1A

A

Ficure 7.10 Single-acting plunger-type cylinder, returned by external force.
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Ficure 7.11 Single-acting piston-type cylinder, spring returned.

FiGure 7.12
Single rod cylinder.

Figure 7.13
Twin-rod
symmetrical
cylinder.

Ficure 7.14
Twin-rod
nonsymmetrical
cylinder.

1A B

The twin-rod cylinder is said to be symmetrical if the diameters of the
piston rods are equal. It is usually used in hydraulic servo systems.

Tandem Cylinders

The tandem cylinder duplicates the pressure force, for the same bar-
rel diameter (see Figs. 7.15 and 7.16).

Three-Position Hydraulic Cylinders
Some of the operating organs may have three operational positions.
In this case, the ordinary double-acting hydraulic cylinder does not
give the required controllability. Figure 7.17 shows the typical con-
struction of a three-position cylinder. The cylinder has two separate
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Ficure 7.15 I I
A differential
tandem cylinder.

Aq Bi |A2 B2
FiGure 7.16 | I I
A symmetrical | |
tandem cylinder. | | |

Aq B1I A2 BZ

Port pressurization

Position
I A B C
Retracted P T T
i Mid-position P T P

A B [

I I I Extended T P T
Extended T P P

Ficure 7.17 Operation of a three-position cylinder. (Note: P and T are the pressure
and tank lines.)

pistons and piston rods. The three positions are obtained by pressur-
izing the cylinder chambers, as shown in the table in Fig. 7.17.

Cylinders with Mechanical Locking Elements

The position locking of hydraulic cylinders can be realized hydrau-
lically or mechanically. For hydraulic position locking, single- or
twin-pilot operated check valves are used. Mechanical locking ele-
ments keep the cylinder piston in the required position regardless
of the variation of the loading force. Sometimes, both the hydraulic
and mechanical locking are used. Mechanical locks are installed at
either or both sides of the cylinder.

Telescopic Cylinders

Telescopic cylinders are used in industrial and mobile equipment
hydraulic systems. This class of cylinders provides long cylinder strokes
with relatively small installation space. The telescopic cylinder may be
either single acting (Fig. 7.18) or double acting (Fig. 7.19). If the pressure
affects the pistons via port A, they travel outward one after another. The
double-acting cylinder retracts by pressurizing the port B.
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Ficure 7.18
Single-acting
telescopic cylinder.
(Courtesy of Bosch
Rexroth AG.)
=
[]
A
'@
A

Ficure 7.19
Double-acting
telescopic cylinder.
(Courtesy of Bosch
Rexroth AG.)

7.2.7 Cylinder Mounting

Eye or Clevis Cylinder Mounting
Figure 7.20 illustrates the possible combinations of mounting a plane
bearing and a spherical bearing at the cylinder cap and rod eye.

Trunnion Mounting
The trunnion mounting allows angular movement of the cylinder
and a shorter retraction length (see Fig. 7.21).

Flange Mounting
The flange mounting is preferred for vertical cylinder mounting. When
the cylinder is loaded mainly by thrust force (tension or compression),
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Plain or spherical bearing at cylinder cap

Tilting angle a

Plain bearing at cylinder cap and rod eye wi
spherical bearing. This mounting method

L

—
~1 E

Plain bearing at a cylinder cap and rod eye with plain

ith

bearing. The axis can be moved in one direction only.

‘\—I-\.
A | "“"--.
A

\\\

—
-

Spherical bearing at a cylinder cap and rod eye with
spherical bearing. The cylinder axis moves at an

compensates any inaccuracy in the parallelism

of the two pivot pins.

angle to the actual pivot pin axis.

Ficure 7.20 Eye or clevis cylinder mounting. (Courtesy of Bosch Rexroth AG.)

L)

L

Trunnion at Cylinder Cap
The permissible stroke is shorter
due to the long buckling length.

Trunnion at Cylinder Head
The permissible stroke is longer
due to the short buckling length.

Center Trunnion Mounting
Trunnion can be mounted at other
positions along the cylinder barrel.

Ficure 7.21 Trunnion mounting. (Courtesy of Bosch Rexroth AG.)

the mounting bolts at the flange should be unloaded. The mounting
positions shown by Fig. 7.22 are recommended for this purpose.

Foot Mounting

The foot mounting of hydraulic cylinders is illustrated in Fig. 7.23. The
mounting bolts should be protected against shear stress. Therefore,
thrust keys are provided to absorb the cylinder forces as shown.

7.2.8 Cylinder Calibers
Manufacturers produce a wide range of dimensions for hydraulic
cylinders. The commonly produced piston and piston rod dimensions
are shown in Table 7.1. Meanwhile, the stroke is determined by the user.
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(a) Flange at the cylinder head. (b) Flange at cylinder cap (rear).

Ficure 7.22 Flange mounting. (Courtesy of Bosch Rexroth AG.)

Ficure 7.23 Foot mounting. (Courtesy of Bosch Rexroth AG.)

Piston Rod Piston Rod Piston Rod Piston Rod
O®D (mm) | ®d (mm) | ®D (mm) | &d (mm) | ®D (mm) | &d (mm) | ®D (mm) | ®d (mm)

12 16 25 45

25 14 140 18 |63 28 100 50

16 22 36 56

25 45 70

18 22 36 50

22 25 45 56

32 25 50 28 80 56 125 63

36 70

90

TaBLe 7.1 Commonly Produced Cylinder Diameters
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Piston Rod Piston Rod Piston Rod Piston Rod
OD (mm) | @d (mm) | ®D (mm) | &d (mm) | ®D (mm) | &d (mm) | ®D (mm) | d (mm)
63 90 110 160
70 100 125 180
150 80 200 110 280 140 400 200
100 140 180
200
90 90 125 180
100 140 200
160 220 110 320 160 450 220
140 200
160 220
80 100 140 200
90 110 160 220
180 125 250 125 360 180 500 250
160
180

TaBLe 7.1 Commonly Produced Cylinder Diameters (Continued)

7.3 Hydraulic Rotary Actuators

Hydraulic actuators are elements converting the hydraulic power into
mechanical power with a rotary motion of limited rotation angle.

7.3.1 Rotary Actuator with Rack and Pinion Drive

In this design, the central part of the piston is formed into a rack. The
rectilinear motion of the piston is converted into the rotary motion of
a pinion. Swivel angles up to 360° and more are possible, depending
on the piston stroke and gear ratio (see Fig. 7.24).

7.3.2 Parallel Piston Rotary Actuator

In this type, two pistons move parallel to each other (see Fig. 7.25).
They are alternatively pressurized hydraulically. The pressure force

Ficure 7.24 Rotary actuator with rack and pinion drive. (Courtesy of Bosch
Rexroth AG.)
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Ficure 7.25
Piston-type rotary
actuator.
B
A B A B
(a) Single vane (b) Double vane

Ficure 7.26 Vane rotary actuators. (Courtesy of Bosch Rexroth AG.)

is transmitted through the piston rods, and then transformed into the
output torque. This class of rotary actuators rotates within 100°.

7.3.3 Vane-Type Rotary Actuators

The vane-type actuator consists of a single- or double-vane rotor
connected to an output shaft (see Fig. 7.26). The rotation angle of a
single-vane unit is limited to about 320°, while that of a double vane
is limited to 150°.

Hydraulic Motors

7.4.1 Introduction

The function of hydraulic motors is the reverse of that of the pump.
Hydraulic motors are displacement machines converting the supplied
hydraulic power into mechanical power. They perform continuous
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rotary motion. The displacement (or geometric volume) of a hydrau-
lic motor is the volume of oil needed to rotate the motor shaft by one
complete revolution. The motor speed depends on the flow rate,
while the supply pressure depends mainly on the motor loading
torque. In the case of an ideal motor with no leakage and no friction,
the following relations are used:

n,=Q,/V, (7.13)
2n
AP = V—T (7.14)

m

where n_=Motor speed, rev/s
AP = Applied pressure difference, Pa
V = Geometric volume of motor, m3/rev
T = Loading torque, Nm
Q, = Theoretical flow rate, m®/s

The theoretical motor flow rate is less than the real flow due to the
internal leakage. The volumetric efficiency of the motor is defined as
follows:

Q
==t 7.15
=3 (7.15)
or n, = Qvnv (7.16)

m

The motor output mechanical power is less than the input hydraulic
power due to the volumetric, mechanical, and hydraulic losses. The
power losses are evaluated by the total efficiency 1 :

QAPn, =27n, T (7.17)

2r
Then AP = T 7.18
anmnll ( )

where Q = Real motor flow rate, m3/s
N, = Total motor efficiency
n,, = Motor mechanical efficiency
M, = Motor volumetric efficiency
M, = Motor hydraulic efficiency

7.4.2 Bent-Axis Axial Piston Motors

The hydraulic motors convert the input pressure to an equivalent torque
while the inlet flow rate determines the motor speed. Figure 7.27 shows
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1. High-pressure input, 2. Low-pressure drain, 3. Torque drive force,
4. Bearing supported force component, 5. Piston force; (A) Port plate,
(B) Cylinder bores, (C) Motor shaft

Ficure 7.27 Bent-axis axial piston motor. (Courtesy of Bosch Rexroth AG.)

a bent-axis axial piston motor. The pressurized oil flows through one of
the kidney-shaped holes on the port plate (A) to the cylinder bores (B).
The piston chambers connected with the inlet port are pressurized. The
pressure forces acting on the pistons are resolved at the drive flange,
which is connected to the drive-shaft (C). These forces are converted
into a torque, which acts on the motor shaft.

7.4.3 Swash Plate Axial Piston Motors

The construction of the swash plate class of motors is illustrated by
Fig. 7.28. The fluid is fed from the hydraulic system to the hydraulic

4 A B C
PR, 1
> ~
i ],
— -
F ED

A. Pistons, B. Cylinder block, C. Fixed port plate, D. Slipper pads,
E. Swash plate, F. Drive shaft

Ficure 7.28 Swash plate axial piston motors. (Courtesy of Bosch Rexroth AG.)
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motor. The pressure and return lines are connected to the two kidney-
shaped ports on the fixed port plate (C). In the case of a nine-piston
motor, four or five cylinder bores are connected with the kidney-
shaped control opening on the pressure side. The rest of the cylinder
block bores are connected to the return line through the other opening.
The swash plate (E) does not rotate. By pressurizing the pistons (A),
they slide down the swash plate and rotate the cylinder block (B). The
cylinder block and the pistons rotate with the drive shaft (F). The
pressure forces create the torque at the cylinder block and, hence, at
the motor shaft. The flow rate fed to the motor determines the output
shaft speed.

The resolution of the forces takes place at the swash plate in the
slipper pads (D) and cylinder block. The piston slipper pads have
hydrostatic bearings that reduce the friction and wear and increase
the motor’s service life.

The piston is fed with fluid from the pump and hence pushed
against the sloping surface. Resolving the forces at the point of contact
(friction bearing) with the sloping surface, a bearing force and a torque
force component (3 and 5) are obtained. The piston slides down the
sloping surface, and thus drives the cylinder block and drive shaft
along with it.

7.4.4 Vane Motors

The construction of the vane motors is, in general, similar to that of
the vane pumps. The typical construction of a vane motor is shown in
Fig. 7.29. The motor torque results from the action of the high pres-
sure of the inlet oil on the vanes. The rotor is thus driven by this
torque against the external load. The vanes are pushed radially out-
ward by the springs so they are in contact with the cam ring at the
start of the operation. During the motor operation, an additional
pressure force assists the spring force to reach the required tightness.

Ficure 7.29 Vane motors.
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Ficure 7.30 External gear motor. (Courtesy of Bosch Rexroth AG.)

7.4.5 Gear Motors

Gear motors are very similar in design to the gear pumps, but motors
are usually designed to have a case drain port and a reversible direction
of rotation. Figure 7.30 shows an external gear motor.

Exercises

1. Discuss briefly the function, construction, and operation of hydraulic
cylinders.

2. Deal with the cushioning in hydraulic cylinders, giving the necessary
schemes.

3. Explain the buckling calculations in hydraulic cylinders.

4. Discuss the different constructions of hydraulic cylinders, giving the
necessary schemes.

5. Deal with the calculation of the cylinder stroke. (See Fig. 7.9.)
6. Discuss the different methods of mounting hydraulic cylinders.
7. Explain briefly the construction and operation of rotary actuators.

8. Discuss briefly the function of the hydraulic motors, giving mathematical
expressions describing ideal and real motors.

9. Explain the construction and operation of the bent-axis hydraulic motor.
(See Fig. 7.27.)

10. Explain the construction and operation of the swash plate hydraulic
motor. (See Fig. 7.28.)

11. Explain the construction and operation of vane motors. (See Fig. 7.29.)
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12, Shownis theload-lifting mode of a hydraulic system having the following
parameters:

Pump: a swash plate axial piston pump, with piston diameter = 8 mm, pitch
circuit diameter = 3 cm, swash plate inclination angle = 20°, mechanical
efficiency = 0.9, total efficiency = 0.81, number of pistons = 7, pump speed =
3000 rpm.

Relief valve: preset at a relief pressure of 10 MP, with zero override pressure.

Hydraulic cylinder: an ideal cylinder, loaded by a constant load of 60kN; the
piston and piston rod diameters are 10 cm and 7 cm, respectively.

Check valve: of zero cracking pressure.

Throttle valve: sharp-edged with a 3 mm? cross-sectional area.
Hydraulic oil: a 850 kg/m? density.

(a) Explain the function of the system.

(b) Calculate the piston speed and pump driving power at each of the two
positions of the DCV if the pressure in the pump delivery line does not reach
the preset relief pressure. Neglect the losses in lines and DCV.

13. For the following system, calculate the pump exit pressure, and the over-
ride pressure of the relief valve, given:

Pump: pump speed = 1000 rpm, volumetric efficiency = 0.95, and pump
displacement = 8 cm?




7.6

Hydraulic Actuators

Relief valve: Pr: 22.5 MPa, and Qr = K(Override pressure) PP ; K=10713
where P is the pump exit pressure and (P, P, ) is the override pressure
Throttle valve: throttle areaa =1 mm?and Q  =0.029a le -P,

Hydraulic motor: motor displacement V, =80 cm?/rev, total efficiency = 0.68,
volumetric efficiency = 0.93, and loading torque = 200 Nm

14. A 50-kN hydraulic press performs pressing and clamping actions. The
clamping cylinder force is 4 kN. The pressing cylinder stroke is 30 cm and
its extension speed is 8 cm/s. Design the hydraulic circuits, perform the
preliminary calculations, and select the needed hydraulic elements. Then,
calculate the different operating modes of the system.

Assume, always, reasonable values for any missing data.

Nomenclature

a = Deceleration, m/s?
A, = Piston area subjected to pressure P,, m?
A, = Piston area m?
A, =DPiston area subjected to pressure P, m?
d = Piston rod diameter, m
E = Modulus of elasticity, N/m?
F = Piston driving force, N
Fy=Friction force, N
J = Second moment of area, m*
L, = Radius of attachment lugs + a clearance of 2.5 mm, m
L, = Cylinder cap length, m
L, = Piston length, m
L, =Stroke, m
L. = Cylinder head length, m
L, = Length of extruded part of piston rod + thickness of lock nut, m
L, = Allowance for length adjustment, m
L; = Thickness of end pieces, m
L, = Free buckling length, m
m = Mass, kg
n = Safety factor = 3.5
n, = Motor speed, rev/s
P = Supply pressure, driving pressure, Pa
P,=Mean pressure in the cushioning volume, Pa
Q =Input flow rate, real motor flow rate, m®/s
Q, = Internal leakage flow rate, m3/s
Q, = Theoretical flow rate, m3/s
R =Yield strength of the piston rod material, N/m?
s = Damping length, m
T = Loading torque, Nm

21
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v = Piston speed, m/s
v = Piston velocity at the beginning of the cushioning stroke, m/s
V,, = Geometric volume of motor, m3/rev
AP = Applied pressure difference, Pa
A = Slenderness ratio
N, = Total motor efficiency
M,, = Motor mechanical efficiency
1, = Motor volumetric efficiency
n,, = Motor hydraulic efficiency

Appendix 7A  Case Studies: Hydraulic Circuits

This appendix presents the hydraulic circuits of typical systems for
discussion regarding their construction, operation, and possible faults,
as well as the ins and outs of fault diagnostics. These circuits were
developed with the Automation Studio software.

........

Ficure 7A.1 A typical circuit with a pump by-pass.
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Ficure 7A.2 A typical circuit including the parallel connection of DCVs.
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Ficure 7A.3 A typical circuit including a series connection of DCVs with a

pump by-pass.
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Ficure 7A.4 A typical circuit including position holding by a pilot-operated
check valve.

Ficure 7A.5
A typical circuit of
a system with a

regenerative
connection (semi-
open circuit).
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Ficure 7A.6 A typical circuit of a system with a sequence of operation.
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Switching modes
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Ficure 7A.8 The hydraulic circuit of a hydraulic jack.
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Ficure 7A.9 The typical circuit of a mobile system with a parallel connection.
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Ficure 7A.10 A typical circuit of a mobile system with a tandem connection.
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Ficure 7A.11 A typical circuit of a mobile system with parallel connections and a series of connected traction motors.
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Ficure 7A.12 A typical closed circuit with a unidirectional motor.

P

Ficure 7A.13 A typical closed circuit with a bidirectional motor.



CHAPTER 8

Hydraulic Servo
Actuators

8.1 Construction and Operation

Hydraulic servo actuators (HSAs) are used to precisely control
displacement in a wide range of equipment. Generally, a hydraulic
servo actuator consists of a hydraulic actuator controlled by a direc-
tional control valve of an infinite number of positions and equipped
with a feedback arrangement. Figures 8.1 through 8.3 show typical
constructions and symbol of hydraulic servo actuators.

When displacing the spool (2) to the right by a distance z (see Fig. 8.1),
the spool valve connects the high-pressure line (P) with the left piston
chamber (B). The oil flows from the high-pressure line to this chamber,
increasing the pressure, Pj. The right piston chamber (A) is connected
simultaneously with the return line (T). The pressure, P,, decreases and
the pressure difference (P,— P,) acts to drive the piston (6) to the right.
The body of the directional control valve (4) is rigidly attached to the
piston rod and they move as one body. This displacement causes a
gradual decrease in the spool valve opening distance, throttling area,
inlet flow rate, and piston speed. Finally, when the total piston dis-
placement equals that of the spool, the spool valve ports are almost
closed. The pressure difference in the piston chambers produces a force
equal to the loading force. The fluid flow to the cylinder chambers is
cut and the piston is stopped.

The HSA is operated by displacing the spool relative to the sleeve
(or relative to the valve body). In the steady state, for the piston to
stop moving, the spool should be brought to its neutral position.
Therefore, the feedback acts to bring the spool to the neutral position
when the piston displaces to the required position. This feedback
action can be realized in any of the following ways:

¢ By displacing the sleeve of the DCV (depending on the piston
rod displacement) in the same direction of motion as the
spool (see Fig. 8.1).
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T

z>y

zey

2. Spool, 3. Spool displacement limiter, 4. Directional control valve, 5. Hydraulic cylinder,
6. Piston, z = Spool displacement, y = Piston displacement, x = Valve opening distance.

Ficure 8.1 Functional schematic of a hydraulic servo actuator.

T - 1 |I Z.0-X DOV & Hyx. Y
lzlil_i[::. [ T _? ylinder

Ficure 8.2 A symbol and functional block diagram of the HSA.

¢ By displacing the spool back to its neutral position (see Figs. 8.4
and 8.6).

e By the simultaneous displacement of both the sleeve and spool
until they reach the neutral position (see Figs. 8.3 and 8.5).

In the actual operating conditions, the force needed to displace
the spool is negligible, while the pressure force applied by the piston
is high enough to drive the piston against the load.
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1. Control rod (input displacement), 2. Spool, 3. Spool displacement limiter,
4. Directional control valve, 5. Hydraulic cylinder, 6. Piston, 7. Feedback rod

Ficure 8.3 Typical design of an HSA with mechanical feedback linkage.

Applications of Hydraulic Servo Actuators

Hydraulic servo actuators have a wide range of applications in differ-
ent fields, such as:

o The steering systems of mobile equipment
e Machine tools, such as the copying machines

e Variable-displacement pump control

In aerospace and marine applications, the HSA is used to control
the rotating blades’ pitch angles, thrust deflectors, and the displace-
ment of different control surfaces, such as rudders, ailerons, and
elevators.

8.2.1 The Steering Systems of Mobile Equipment

Figure 8.4 shows an application of the hydraulic servo actuator in
the steering system of mobile equipment. It consists of a hydraulic
generator, a 4/3 directional control valve, a rotary actuator and a
mechanical feedback mechanism. The figure shows the system
operation during a right turn. The steering wheel is turned in the
clockwise direction by the operator. The spool end, engaged with the
worm, is forced out of the nut. The valve spool is then displaced to
the left, which directs the high pressure oil to port (B) of the steering
cylinder.

The other side of the steering cylinder (port A) is connected to the
reservoir through the spool valve. The pistons and the rack move to
the right and rotate the pinion to turn the front axle, or wheels, to the
right. The wheels continue to turn as long as the steering wheel is
rotating. When the steering wheel is stopped, the pressurized oil will
continue to flow to the steering cylinder, which moves the pistons
and rack and turns the wheels slightly to the right. This motion of the
rack causes further pinion rotation, forward motion of the feedback
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N

Steering Valve

Worm & Nut

{

Ficure 8.4 The application of hydraulic servo actuators in the steering systems of
mobile equipment.

linkage, and pull of the nut and the spool back until the spool attains
its neutral position.

8.2.2 Applications in Machine Tools

Figure 8.5 illustrates the application of hydraulic servo actuators
in the copying machines of turning machining process. The shape
of the model is followed up by the stylus. The cylinder body, which
carries the tool, moves vertically following the stylus displacement.

Cutting || Tool

Turning

Feeding Speed

Ficure 8.5 Application of the HSA in copying machines.
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The system settles only when the feedback lever adopts a horizon-
tal position and the cylinder attains the same displacement of the
stylus: magnitude and direction. The feeding speed should not
be very fast, considering the settling time of the hydraulic servo
actuator.

8.2.3 Applications in Displacement Pump Controls

In the case of the closed hydraulic circuits, Figs. 7A.12 and 7A.13,
the speed of the hydraulic motors is set by controlling the displace-
ment of the hydraulic pump and/or hydraulic motor. The pump
displacement can be managed by a wide range of controllers, among
them hydraulic servo actuators. Figure 8.6 illustrates the applica-
tion of the hydraulic servo actuator (HSA) in the control of the
swash plate angle of an axial piston pump. The system consists of a
directional control valve (1), two hydraulic cylinders (A and B), and
a mechanical feedback system. The system is supplied by hydraulic
power from a charge pump. The control is carried out by means of
a control lever (3). When this lever is put in the vertical position, the
feedback rod (4) becomes vertical and the spool has assumed a neu-
tral position. This initial position corresponds to the zero-deflection
angle of the swash plate. When the control lever is deflected to the
right, the lever-mechanism pulls the spool (5) to the left. The cylin-
ders chambers (A and B) connect to the pressure (P) and return line
(T), respectively. The pistons start to move, rotating the swash plate
in a counterclockwise direction. Simultaneously, the feedback rod
(4) rotates clockwise and displaces the spool to the right. The system
reaches a new steady-state position when the spool (5) regains its
neutral position.

o7
I8

A

[—s

Ficure 8.6 Control of a swash plate angle by using a hydraulic servo actuator.
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The Mathematical Model of HSA

Figure 8.7 shows the functional schematic of an HSA with mechanical
feedback. A mathematical model describing the dynamic behavior of
this HSA is deduced as follows.

Flow Rate Through the DCV Restriction Areas

The HSA is equipped with a zero-lap spool-type directional control
valve. Neglecting the effect of the inner hydraulic transmission lines,
the flow rates through the valve restrictions (a, b, ¢, and d) are given
by the following equations:

Q,=C,A,()\2(P, -P)/p (8.1)
Q,= CdAb(x)\/m (8.2)
Q. =C,A (2P, - B,)/p (8.3)
Q. =C,A,(x)\2(B,~P)/p (8.4)

where Q =Flow rate, m®/s
P = Supply pressure, Pa
P, =Return pressure, Pa
A = Restriction areas, m?
p = Oil density, kg/m?
C, = Discharge coefficient
x = Spool valve opening distance, m

Usually, the directional control valve of the HSA is a zero-lapping
matched symmetrical type. The matched valve has A (x) = A (x) and
A,(x) = Ay(x), while the symmetrical valve has A (—x) = A,(x) and
A (-x) = A,(x). Then, the valve restriction areas are given by the
following equations (see Fig. 8.8).

—
Ap
Que y
.
Pa
AN ¢ B

Ficure 8.7 Functional schematic of an HSA with mechanical feedback.
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x>0
e — Ve
BN
x<0 of =\x2+ 2

Ficure 8.8 Valve throttling areas a, b, c, and d at different spool positions.

A=A=A For x50
or x>
A=A, =0\ +c?) 35
A=A =04(x*+c?)
Forx<0 (8.6)
A=A, =A,

where o= Width of the port, m
¢ = Spool radial clearance, m
x = Valve opening distance, m
A, =Radial clearance area, m?

The Continuity Equation Applied to the Cylinder Chambers

Actually, the deformation of cylinder wall material is negligible, com-
pared with the oil volumetric variation due to the oil compressibility.
Then, neglecting the effect of the inner conduits and assuming that the
piston is initially at its mid position, the application of the continuity
equation to the cylinder chambers yields the following equations:

V.+Aydp
Q,-Q, Apdt Q=Qu=—F""7 (87)
V,-Aydp
__29 P B
pdt+Q+Q Qi Qu=—5 (8.8)
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Assuming that the leakage flow rate is linearly proportional to the
pressure difference, the leakage flow rates are given by the following
relations:

Q.=(P,-PF,)/R, (8.9)
QeA = PA/Re (810)
QeB = PB/RE (811)

where A_= Piston area, m?
Q, = External leakage flow rate, m*/s
Q, = Internal leakage flow rate, m®/s
R, = Resistance to external leakage, Pa s/m?
R, = Resistance to internal leakage, Pa s/ m?
V= Half of volume of oil filling the cylinder, m*

The Equation of the Feedback Mechanism

Figure 8.9, explains the kinematics of the feedback mechanism. The
control rod displacement (z) rotates the feedback lever counter clock-
wise around point (2) which causes the spool attached to point (1) to
move by distance (d,) to the left. The valve body displaces with the pis-
ton to the right by distance (y). This displacement rotates the feedback
lever clockwise around point (3) which results in a spool displacement
to the right by distance (d,). Assuming an ideal zero-lapping valve, the
spool valve opening (x) equals the net spool displacement relative to
the valve housing.

L L +L
dl =z-1 and d2 =vy L= (8.12)
2 L,
x=d, —d,+y (8.13)
Ficure 8.9 X 5
Kinematics of the d4

feedback
mechanism.
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e T i

or xX=z L y L +y (8.14)
L

Then, x=(z—y)=L (8.15)
L,

or x= kf(z —y), where kf =L,/L, (8.16)

for L=L, X=z-y (8.17)

Equation of Motion of the Piston

d’y . dy
AV(PA -P)=m—+f —+F

g th (8.18)

where m = Reduced mass of the moving parts, kg
f, = Friction coefficient, Ns/m
F, = External loading force, N
y = Piston displacement, m

The Transfer Function of HSA

The transfer function of the hydraulic servo actuator can be deduced
in two ways:

¢ By doing step response calculations

¢ By the mathematical treatment of the mathematical model

8.4.1 Deduction of the HSA Transfer Function,
Based on the Step Response

The dynamic behavior of the HSA is described mathematically by
Egs. (8.1) to (8.18). A simulation program could be developed, based
on the deduced mathematical model. The available simulation
programs, such as the SIMULINK, enable the simulation of highly
nonlinear systems. The simulation program can be used to study both
the static and dynamic behaviors of the HSA. In addition, the transfer
function of the HSA can be deduced using the simulation results. This
is done by calculating the step response, and then identifying the
obtained response by a simple transfer function. This process is
explained in App. 8A.

8.4.2 Deducing the HSA Transfer Function Analytically

The studied hydraulic servo actuator (see Figs. 8.7 and 8.8) is
described mathematically by a set of nonlinear implicit differential
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and algebraic relations [see Egs. (8.1) through (8.18)]. The HSA can
be described by a transfer function only if its mathematical model is
linear, with zero initial conditions. Therefore, it is necessary to carry
out a linearization process assuming the following simplifying
assumptions and considering that the HSA is excited by small
perturbations:

1. The DCV is matched symmetrically.
2. The spool of the DCV is ideal, with zero lapping.

3. The spool valve radial-clearance leakage is negligible and
the inlet and return flow rates to the cylinder are equal...

forx>0 Q0=Q,=Q, and Q =Q =0
forx<0 Q=Q,=Q, and Q,=Q,=0

4. The return pressure is null: P, =0.

5. The DCV restriction areas are linearly proportional to the
spool valve opening.

A(x) = ox (8.19)

6. The piston is initially at the middle of the cylinder.

7. The loading force, F,, is linearly proportional to the piston
displacement, and the load pressure, P,, is defined as
follows:

L’

F,=A, (P~ P, (8.20)
P,=P,-P,=F,/A, (8.21)

The transfer function of the HSA is deduced mathematically as
follows.

Flow Rate Equations

Q, =C,0xJ2(P,.-P,)/p (8.22)
Q, =C,0x2P;/p (8.23)

Q= Qb = Qd (8.24)

Therefore, the following relations could be reached, by substitut-
ing for Q, and Q,, from Egs. (8.22) and (8.23) into Eq. (8.24).

P=P,+P, and P =P,-P, (8.25)

or P,=(P,+P)/2 and P,=(P.-P)/2 (8.26)
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Substituting for P, and P, from Eq. (8.26) into Eq. (8.22) or (8.23),
the following equation is obtained:

Q=C,ox(P.—P)/p (8.27)

By linearizing this nonlinear equation in the vicinity of a steady-
state operating point (x, Q, P, ), the following relation results:

aQ aQ
AQ=—==Ax+ ﬁAPL =k Ax—k,AP, (8.28)
where k. =C,» /( P.-P)/p (8.29)
. 0.5C,mx (8.30)
! p(Pb - PL)

Continuity Equations
The following are the continuity equations applied to both chambers
of the hydraulic cylinder:

a9y PP B Vot Ay dP, 8.31
Q=4 G R, R, B dt (53D

dy P=B B _Ve-Aydp
vat' R R B at

1

-Q+A (8.32)

For small displacements, the swept volume, Ay, is negligible
with respect to the volume of oil in the cylinder chambers (V >> Ay).
Then, by subtracting Eq. (8.31) from Eq. (8.32), the following equation
is obtained:

AL L7 = 8.33

Q-4 dt R 4B dt 0 (8.33)

where 2RiR, (8.34)
R +2R,

V =2V = total volume of oil in the cylinder, m?

The Equation of Motion of a Piston

The piston is driven by the pressure difference in the hydraulic
cylinder chambers. Assuming that the loading force is linearly
proportional to the piston displacement, F, =k;y, the equation of
motion of the piston becomes as follows:

d’y . dy
PLA I’I’IW'F vdt+kLy (8.35)

In the case of the linearized mathematical model, the system vari-
ables are looked at as the deviation of these variables from their
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steady-state values. Then, AQ, Ax, and AP are replaced by Q, x, P, and
Eq. (8.28) becomes

Q=kx—k,P, (8.36)
The Feedback Equation

x=ki(z-y) (8.37)

Applying Laplace’s transform to Eq. (8.33) and Egs. (8.35) through (8.37),
then, after rearrangement, the following transfer function is obtained:

Y kka
—(g) = 8.38
4 ©) a,5° +a,s? +as+a, (8.38)
_ Vm
where 95 =718 Ap (8.39)
m(1/R+ kp) Vf,
“T A TiBa (8.40)
P P
f,/R+k) kv
a,=A+ 1 Pt 4BLA (8.41)
P P
k,(1/R+k)
a, =k, +———" (8.42)

4

The dynamic behavior of the HSA can be evaluated on the basis of
the deduced linearized model, considering only small disturbances
around the considered steady-state operating point. The coefficients of
the transfer function should be recalculated if the initial conditions are
changed.

Valve-Controlled Actuators

8.5.1 Flow Characteristics

In the case of the HSA, the maximum displacement of the spool of the
DCYV, relative to the valve body, is limited by mechanical position
limiters, usually within +1 mm. When greater displacement is required,
the control rod should be continuously displaced by applying the
needed force, until the piston reaches the required position. During
this period, the spool valve is fully open, the spool is continuously
displaced, and the piston rod follows this displacement. Therefore, it
is necessary to study the behavior of the system at these conditions.
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Ficure 8.10 A valve-controlled actuator.

During this operating mode, the HSA acts as a simple valve-controlled
actuator.

Figure 8.10 shows a symmetrical hydraulic cylinder controlled
by an ideal (zero-lapping) 4/3 directional control valve. The flow
rates through the valve restrictions are calculated by the following
equations:

Q, =C,A,(0\2(P, -P)/p (8.43)
Q, = C,A,()2(P,—P)/p (8.44)
Q. =C,A.(0\2(P,~By)/p (8.45)
Q, = CA(W2P, = P)/p (8.46)

The flow characteristics of this system are investigated in the
steady-state operation, taking into consideration the following
assumptions:

1. The valve is matched symmetrically; A (x) = A (x), A,(x) =
A (x),and A (-x) = A, (x), A (-x) = A, (x).
2. The hydraulic cylinder is ideal; no friction and no leakage.

3. The throttling areas of the valve ports are linearly propor-
tional to the spool displacement; (A = ©x).

4. The spool valve is of the zero lapping type, with no radial-
clearance leakage.

5. The return line pressure is null: P, =0.
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In the steady state, for positive spool displacement, the flow rates
Q, and Q, are equal due to the symmetry of the cylinder, and the
areas A, and A, are also equal for matched valves.

C,A (2P, ~ P,)/p = C, A, (x)J2(P, ~ P)/p (8.47)

then, P =P, +P (8.48)

Defining the load pressure, P, = P, — P, then
P,=(P.+P)/2 and P,=(P.-P,)/2 (8.49)

The load flow is defined by: Q = Q, - Q, = Q, — Q,. Then, by
substituting for P, and P,, the load flow is given by the following
equation:

Q=C,A,(x)\J(P.—P)/p -C,A,(x)|/(P.+P)/p (8.50)

In the case of an ideal valve, for positive spool displacement,

A=A =0, A=A=ox and Q=Q,=0Q, (8.51)

then, Q=C,ox/(P.—P,)/p (8.52)

The maximum flow rate Q__ is obtained atx=x_ _and P, =0

max

or Qmax = Cdo‘) xmax V Ps/p (853)

The flow equation is written in nondimensional form by defining
the following nondimensional parameters:

Q=Q/Q.., *=x/x,, and P=P/P (8.54)
then, Q=%J1-P (8.55)

The nondimensional piston speed is givenby v =v/v__ , where
v=Q/A, and v_, = QmaX/Ap
then, T=0v/v

—0=%J1-P (8.56)

For negative spool displacement (see Fig. 8.10), the piston moves in
the same direction of the loading force. In this case, the nondimensional

max
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Ficure 8.11 Steady-state flow characteristics of a valve-controlled actuator.

valve flow rate is given by the following relation:

O=x/1+P (857)

The steady-state flow characteristics of the valve-controlled
actuator are plotted in Fig. 8.11.

8.5.2 Power Characteristics

The power characteristics of the valve-controlled actuators describe
the relation between the output power, the spool displacement,
and the load pressure. The output power is given by the following
equation:

N=Fv=PA, Ag =P0 (8.58)
P
or N=C,o0xP /(P,-P,)/p (8.59)

The output power is null if either x or P, becomes zero or P, = P..
The maximum power is obtained at x = x__ and the load pres-
sure P, in the range 0 < P, < P_. The maximum power is obtained as
follows:

oN
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N
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Ficure 8.12 The power characteristics of a valve-controlled actuator.

-1/2
1 1
CoxJ(P.-P)/p ~ 25 GO, {E(Ps - PL)} =0 (8.61)

2 _
then, P = gpq and P= % (8.62)

2 /1
N =——Cowx_ P =P 8.63
max 3\/5 d max = s p s ( )

The nondimensional power N is defined as N = N/N

max

then, N =

el

X P1- (8.64)

[€8)
N‘&\

The power characteristics of a valve-controlled actuator are plot-
ted in Fig. 8.12.

8.6 Exercises

1. Draw the functional scheme of a hydraulic servo actuator and explain its
function.

2. Draw ascheme of an HSA with mechanical feedback, explain its function,
and derive a mathematical model describing its dynamic behavior.
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3. Deduce a mathematical model describing the hydraulic servo actuator
illustrated by Fig. 8.1, develop a simulation program for this HSA, then,

a. Discuss the transient performance of the HSA.
b. Discuss the effect of internal leakage on the HSA’s behavior.

c. Discuss the effect of the load coefficient on the HSA’s behavior, given the
following:

o=1mm C,=0.611 p =867 kg/m? P _=15MPa
A,=20cm? m=6kg V =120 cm? P,=0
f,=2000Ns/m B=15x10°Pa R =10®Pas/m® R,=10"2Pas/m’
k,=15x10°N/m  Assume convenient values for any missing data.

4. Derive the transfer function of the HSA (see Fig. 8.1) and state clearly the
simplifying assumptions.

5. Discuss in detail the flow characteristics of the valve-controlled actuators,
derive the necessary relations, and draw the needed schemes.

6. Discuss in detail the power characteristics of the valve-controlled actuators,
derive the necessary relations, and draw the needed schemes.

Nomenclature

A = Restriction area, m?
A_=Piston area, m?
A, =Radial clearance area, m?
B = Bulk’s modulus of oil, Pa
C, = Discharge coefficient
d, = Spool diameter, m
f, = Friction coefficient, Ns/m
F,=Loading force, N
k, = Piston loading coefficient, N/m
kp = Pressure gain, m°/Ns
k= Displacement gain, m?/s
k;= Feedback gain

L=Length, m

m = Reduced mass of the moving parts, kg
N =Power, W
P, = Load pressure, Pa

P = Supply pressure, Pa

P, =Return pressure, Pa

Q = Flow rates, m3/s

Q, = External leakage flow rate, m3/s

Q, = Internal leakage flow rate, m3/s

R = Equivalent leakage resistance, Pa s/m?
R, = Resistance to external leakage, Pa s/ m3
R, = Resistance to internal leakage, Pa s/ m3
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v = Piston speed, m/s

V = Total volume of oil in the cylinder, m?
V= Half of volume of oil filling the cylinder, m?

x = Spool valve opening distance, m
y = Piston displacement, m

o = Throttling area width, m

p = Oil density, kg/m?®

Appendix 8A Modeling and Simulation of a Hydraulic

Servo Actuator

This appendix presents a case study for the mathematical modeling
and simulation of a hydraulic servo actuator with solid negative
feedback. The construction and operation of the studied HSA are
explained by the functional schemes presented by Figs. 8A.1 and
8A.2. The studied HSA has the following parameters:

Bulk modulus of oil B=1.5x10°
External load coefficient k, =400
Flow coefficient [K, = C,/2/p] K, =0.0293
Half of the cylinder’s inner volume V=100
Limit of spool displacement x, =1
Piston area A,=30
Piston friction coefficient f,=2
Radial clearance c=4
Reduced mass of piston and

moving parts m=10
Resistance to external leakage Re=1x 10"
Resistance to internal leakage R,=1x 10"
Return pressure P,=0
Supply pressure P =20
Width of valve port w=1

N/m?
kN/m
m3/2%kg /2
cm?

mm

cm?
kNs/m
um

kg
Ns/m°
Ns/m°
Pa
MPa

mm

Ficure 8A.1 Schematic of a hydraulic servo actuator.
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Ficure 8A.2
Operating positions
of the ports of HSA
spool valve.

A Mathematical Model of the HSA

A mathematical model describing the dynamic behavior of the stud-
ied HSA can be deduced as follows.

The Flow Rate Through DCV Restriction Areas

The HSA is equipped with a zero-lap spool type directional control
valve. Neglecting the effect of the inner hydraulic transmission lines,
the flow rates through the valve restriction areas are given by

Q, =C,A,()\2(P,~P)/p (8A.1)
Q, =C,A, ()2, - P,)/p (8A.2)
Q. =C,A.(0)\2(P,-P,)/p (8A.3)
Q, =C,A,(02(P,—P)/p (8A.4)

The directional control valve of the HSA is of the zero-lapping
matched symmetrical type. The matched valveis A (x)=A (x) and A (x) =
A (x), while the symmetrical valve is A (x) = A (—x) and A (x) = A (—x).

A=A =w0(x?+c?
v & C)} Forx=0;zzy

A=A A (8A.5)

A=A =A,

Forx<0;z< 8A.6
A=A, =(o\/(x2+cz)} Y ( )
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Continuity Equations Applied to the Cylinder Chambers

Actually, the deformation of cylinder wall material is negligible com-
pared with the oil volumetric variation due to oil compressibility. The
application of the continuity equation to the cylinder chambers yields
the following equations:

Vot Ay dPy

Q=4 dt “QQs="p g (A7)
Vo~ Ay dP
=2 rZaA 8A.8
A dt Q- B dt (848)
The flow rates Q, and Q, are given by
Qp=0Q.-Q, (8A.9)
Q,=Q,-Q, (8A.10)

Assuming that the leakage flow rate is linearly proportional to
the pressure difference, the leakage flow rates could be given by the
following relations:

Qj = (PB - PA)/R, (8A11)
Qs =B/R, (8A.12)
Qu=Pi/R, (8A.13)

The Equation of Motion of a Piston

A (P,=P,)= mLY dy+F (8A.14)

The Feedback Equation

x=z-y, where |x| S Xpim (8A.15)

Simulation of the HSA

The dynamic behavior of the studied HSA is described by Egs. (8A.1)
through (8A.15). These equations were applied to develop a computer
simulation program using the SIMULINK program. The transient
response of the HSA to a step input displacement was calculated
using the simulation program. The response was calculated for input
steps of different magnitudes. The calculation results are plotted in
Figs. 8A.3 through 8A.5.
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Ficure 8A.3 A step response of the HSA for a step input of 1 mm
magnitude, applied at time t=10 ms.

Piston displacement y (mm)

Figure 8A.3 shows that the HSA presents an over-damped
response, apparently of the first order of about a 32-ms time
constant. The response to step inputs of greater magnitudes
are plotted in Figs. 8A.4 and 8A.5. These two figures show the
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Ficure 8A.4 The step response of the HSA for step inputs of different
magnitudes, applied at time t =10 ms.
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Ficure 8A.5 A normalized step response of the HSA for step inputs of
different magnitudes, applied at time t= 10 ms.

operation at the saturation conditions imposed by the spool displace-
ment limiter.

The HSA can be identified, based on the calculated response, by a
first-order transfer function. The system includes a displacement
limiter, which limits the applications of the transfer function to very
small displacements. Therefore, a representative model (of the style
presented by Fig. 8A.6) is more practical. This model presented a
transient response, almost, coinciding with that of the detailed model,
over the whole range of operation. When operating within the
limiting spool displacement—|x|<x,, —the studied HSA can be
precisely described by the following transfer function:

% 1

G) =7 = 0033571
Z N\ X Jzos | Y
- ’_/ »~ S »

Ficure 8A.6 A block diagram of the HSA representative model.



Hydraulic Servo Actuators

Nomenclature
A = Restriction areas, m?
A = Piston area, m?2
A =Radial clearance area, m?
B = Bulk’s modulus of oil, Pa
¢ = Spool radial clearance, m
C, = Discharge coefficient
F, = External loading force, N
f, = Friction coefficient, Ns/m
m = Reduced (equivalent) mass of the moving parts, kg
P = Supply pressure, Pa
P, = Return pressure, Pa
Q = Flow rate, m®/s
Q, = External leakage flow rate, m3/s
Q, = Internal leakage flow rate, m*/s
R, = Resistance to external leakage, Pa s/ m3
R, = Resistance to internal leakage, Pa s/ m?
V= Half of the volume of oil filling the cylinder, m?
x = Valve opening distance, m
y = Piston displacement, m
z = Input displacement, m
p = Oil density, kg/m?
o = Width of the valve port, m
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9.1

CHAPTER 9

Electrohydraulic
Servovalve
Technology

Introduction

The marriage between electronics and hydraulic power systems has
led to many powerful and precise control systems, saving much
energy and money. This concept is applied in the electrohydraulic
proportional and servo systems. These systems have the same advan-
tages as hydraulic power systems, particularly the maximum power-
to-weight ratio and the high stiffness of hydraulic actuators. They
also have the same advantages as electronic controllers, particularly
in regard to high controllability and precision.

Fluid power engineering has four classes of control valves that
use electric controllers. They include the following.

o Ordinary or switching valves: Widely used to turn valves on
and off.

o Electrohydraulic proportional valves: Used usually in open-
loop control systems. They are controlled electronically to
produce an output pressure or flow rate proportional to the
input signal. They offer advantages such as control reversal,
stepless variation of the controlled parameters, and reduc-
tion of the number of hydraulic devices required for partic-
ular control jobs.

o Electrohydraulic servovalves: Usually used in closed-loop (feed-
back) control systems. The “servo concept” is a widely used
expression. Taken alone, it indicates a system in which a low-
power input signal is amplified to generate a controlled high-
power output or signal. An input signal of low power—for
example, 0.08 watts—can provide analog control of power
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reaching more than 100 kW. Electrohydraulic servo systems pro-
vide one of the best controllers from the point of view of preci-
sion and speed of response. They are used to control almost all
hydraulic and mechanical parameters, such as the pressure,
pressure difference, angular speed, displacement, angular dis-
placement, strain, force, and others. Electrohydraulic servo-
valves were used in military equipment as early as the 1940s.

o Digital valves: Wherein a microprocessor sends discrete signal
pulses to a stepping motor, which in turn positions the con-
trol element of a valve.

Applications of Electrohydraulic Servos

Two dominant performance parameters are used to classify most of
the electrohydraulic servos. One of these is the size, which is the
power or the flow rate, and the second is the dynamic behavior. For
convenience, the power is defined as the primary power required to
control a device, while the dynamic behavior can be described by the
natural frequency. The natural frequency of a drive and the resulting
total gain are decisive for the closed-loop control accuracy of the rel-
evant drive. Table 9.1 shows the major applications of electrohydrau-
lic servos in the industrial and aerospace fields and indicative upper
limits of their performance.

Electromagnetic Motors

Electrohydraulic systems are controlled by means of electronic or dig-
ital controllers. In these systems, the electronic and hydraulic subsys-
tems should be interconnected by means of an element transforming
the low-power electric control signal into a proportional mechanical
signal that actuates the hydraulic power elements. This element is
usually an electromagnetic motor.

In practice, several types of motors are used to transform the elec-
tric control signals into proportional mechanical signals, such as the
following;:

¢ Electromagnetic torque motors
¢ Single-acting proportional solenoids
¢ Double-acting proportional solenoid
¢ Linear force motor
¢ Electrodynamic motor of moving bobbin
The electromagnetic torque motors are usually used in the elec-

trohydraulic servovalves. They convert electric input signals of
low-level current into proportional mechanical torque. The motor is
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Field Frequency,’Hz | Flow,’L/min | Power,° kW
Vibration exciters 600 4 1.5
Missile fin 400 4 1.5
positioning

Seekers antenna 300 2 0.75
Oil exploration 200 450 190
Aircraft nose wheel 150 4 1.5
steering

Fatigue testing 100 115 40
Machine tool 100 40 15
Turbine control 100 11 4.5
Missile launchers 70 20 7.5
Injection molding 60 300 120
Die casting 50 1140 450
Flight simulators 50 190 75
Space shuttle 50 265 105
Airplane primary 40 115 45
flight controls

Robots 40 57 22
Aircraft engine fuel 30 15 6
control

Aircraft refueling 30 20 7.5
boom

Rolling mills 30 570 225
Tank turret 20 190 75
positioning

Agriculture 15 40 15
equipment

Conveyers 15 25 10
Cranes 75 30
Crawler vehicles 378 150
Process controls 5 7.5 3

Frequency corresponding to a phase-lag of 90°.

YFlow rate corresponding to a 70-bar pressure drop across the servovalve.
‘Hydraulic power at about 210 bar pressure.

TaBLe 9.1 Major Fields of Application of Electrohydraulic Servos
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Armature
Torque

Permanent
Magnet Coil Piece

N
' S | I I
Permanent Forces T
Magnet Coil
Flux Flux

Ficure 9.1 An electromagnetic torque motor with nonadjustable air gaps. (Courtesy
of Moog Inc.)

usually designed to be separately mountable and testable. The motor
is hermetically sealed against hydraulic fluid, and its typical con-
struction is shown by Figs. 9.1 and 9.2.

An armature (6), produced from a soft ferromagnetic material, is elas-
tically mounted on a thin-walled spring tube (2). (See Figs. 9.1 and 9.2.)

Q O [+ 2 +
L—5
5
6 » i
8— e
7..--"
9.-—
F_’s
4

1. Permanent magnet, 2. Flexible tube, 3. Sealing ring,
4. Flapper plate, 5. Adjustable pole screws, 6. Armatures,
7. Control coils, 8. Air gap, 9. Polar piece

Ficure 9.2 Electromagnetic torque motor with adjustable air gaps. (Courtesy
of Bosch Rexroth AG.)
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This tube operates as a carrier and centering spring for the armature
and flapper (4), and a sealing element, separating the electric and
hydraulic portions. The flapper is physically a part of the motor, but
functionally it belongs to the hydraulic amplifier. The air gaps (8) are
of the same length when the armature is in the neutral position. This
length is nonadjustable in some cases (Fig. 9.1), and adjustable in oth-
ers (Fig. 9.2). The permanent magnets (1) are located symmetrically
with respect to the air gaps, and their permanent magnetic field is set
in the air gaps. When the armature is in its neutral position, the four
air gaps are of equal dimensions. Then, the magnetic flux in the four air
gaps is equal. Therefore, the mechanical forces attracting the arma-
ture extremity to the upper and lower polar pieces (5 and 9) are equal
and their resultant is zero. At these conditions, the torque of the motor
is null. When the coils (7) are excited by the control current, the arma-
ture becomes magnetized. The magnetic field of this electric magnet,
according to its polarity, reinforces the resultant magnetic field in two
diagonally opposite air gaps and weakens the field in the other two
gaps. The resulting antisymmetry leads to a resultant torque acting
on the armature. The change of polarity of input current changes the
direction of torque. The torque is practically linearly proportional to
the applied current as long as the armature displacement is too small
with respect to the air gap length.

The armature is manufactured from soft ferromagnetic mate-
rial that reduces the effect of magnetic hysteresis. However, when
the intensity of the applied coil current is reduced to zero, the
armature does not become fully demagnetized due to its magnetic
hysteresis. Therefore, a low-value torque exists. Figure 9.3a shows

o Decreasing current .
. Experimental
1 e |ncreasing current
8
£ — O i
i s Simulation
= o8}

Nondimensional torque (T
=)
S
L

o
[+2]
T

T=T/38x107
02 T=i/65x 102
Xa=0
0 | I
0 05 1

Nondimensional current (i = i / imay)

Ficure 9.3(a) Torque-current relation of a typical electromagnetic torque
motor, calculated.
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Nondimensional displacement Xa

Ficure 9.3(b) The torque-displacement relationship of a typical
electromagnetic torque motor, calculated.

the torque-current relation of a typical torque motor. This figure
shows a practically linear relation, for the low level input current,
in addition to the effect of magnetic hysteresis.

The power consumption of torque motors is within 20 to 200 mW.
Exceptionally, the torque motors used for direct driving of spools are
of much higher power; up to 5 W. Actually, the torque of the motor is
slightly affected by the armature extremity displacement, x,, even in
the absence of any exciting current (see Fig. 9.3b). The torque is given
by (T = kji+k x, where k; and k_are constants). The armature extrem-
ity displacement x_ is actually too small compared with the air gap
thickness x . Therefore, the part (k_x) is of negligible value relative to
(k;7). The resulting torque, together with the stiffness of the flexible
tube, results in a displacement linearly proportional to the applied
current, as shown in Fig. 9.3c.

The permanent magnets are placed outside of the electromagnetic
circuit; therefore, they are not affected by the magnetic field of the
electromagnet.

x{mm) 4

0.12

-20 420 i(mA)

1-0.12

Max. electric power = 170 mW, Spring stiffness = 27 N/mm
Maximum displacement = 0.12 mm, Volume = 24 cm®
Hysteresis = 5%, Air gap length = 0.4 mm, Natural frequency = 770 Hz

Ficure 9.3(c) A characteristic curve and basic parameters of a typical
electromagnetic torque motor (x is measured at armature extremity).
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It is important to remember that the armature displacement
should be limited to small values, compared with the length of air gaps;
otherwise, the torque-current and displacement-current relations
become nonlinear.

The electromagnetic torque motors have the following advantages:

Friction-free construction

Low effect of magnetic hysteresis

A dry motor due to the perfect sealing of the flexible tube
No magnetic field in the hydraulic medium

A relatively high natural frequency and speed of response

9.4 Servovalves Incorporating Flapper Valve Amplifiers

9.4.1

Single-Stage Servovalves

The single-stage servovalve (see Fig. 9.4) controls the pressure differ-
ence between its two exit ports (A and B). It may be used as a single-
stage pressure servovalve or as a pilot controller of a multistage
servovalve. It consists of an electromagnetic torque motor, a hydraulic
amplifier designed as a double-jet flapper valve, and an interchange-
able filter element.

The electromagnetic torque motor produces a torque proportional
to the applied current. The armature (1) and the flapper (3) are held
in the neutral position by the flexible tube (2). The neutral position of

Ficure 9.4 The construction of a single-stage servovalve. (Courtesy of Bosch
Rexroth AG.)
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the armature may deviate slightly due to the effect of magnetic hys-
teresis of the armature material. By communicating the control
current to the coils, the torque motor produces a torque proportional
to the input current. This proportionality is practically linear, except
for the observable hysteresis loops resulting from the effect of mag-
netic hysteresis on the armature material. The resulting torque rotates
the armature and flapper by relatively small rotational angles, within
0.5 degree. This rotational angle is the actuating signal for the servo-
valve. It is a very low-power mechanical signal. Therefore, it is ampli-
fied by the hydraulic amplifier. Three basic types of hydraulic
amplifiers are used in electrohydraulic servovalves: flapper valve, jet
pipe, and jet deflector amplifiers.

Figure 9.4 shows a single-stage electrohydraulic valve incorpo-
rating a flapper valve hydraulic amplifier (also called a nozzle flap-
per amplifier). The high-pressure oil is supplied to the valve via the
port (P) and the fine filter.

A double nozzle flapper valve is shown in Fig. 9.5a. This valve
consists of two fixed orifices, N, and N,, and two regulating flap-
per nozzles. The input control pressure P, is decreased via orifice
N, and N, and the jet nozzles. If the cross-sectional areas of the
nozzles of both sides are the same, then the same pressure drop
occurs for both.

The displacement of the flapper plate changes the throttle area
of the two regulating jet nozzles. The flapper motion to the right
increases the area of the left nozzle and decreases the area of the
right nozzle (see Fig. 9.5a). The pressure, P,, decreases and P,
increases. The pressure difference (AP =P, —P)) is proportional to
the flapper displacement (see Fig. 9.5b). Figure 9.5¢c shows the varia-
tion of the valve pressures with the input current for two different
single-stage valves. This figure shows practically linear behavior in
most of the operating range. The effects of magnetic hysteresis and
saturation are clearly indicated.

Xi
__’: o T ——
Pi A, P
Xf

N1 Ps N2

S S
-—=-.<— —-—)—-':--
A

()

Ficure 9.5 (a) The layout of the double jet flapper valve. (b) Pressure
characteristics of a double jet flapper valve, calculated. (c) Pressure
characteristics of two typical single-stage servovalves.
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Ficure 9.5 (Continued)

9.4.2 Two-Stage Electrohydraulic Servovalves

Valves with Mechanical Feedback

Figure 9.6 gives the construction of an electrohydraulic servovalve
(EHSV) of two stages. The first stage of the servovalve includes a
torque motor of an electromagnetic type and a double-nozzle flapper
valve. The second stage consists of a spool valve driven hydraulically
by the pressure difference developed by the flapper valve.

The operation of the two-stage EHSV with mechanical feedback
(see Fig. 9.6) is explained by the block diagram of Fig. 9.7 and the
functional schemes shown in Fig. 9.8. The feedback between the sec-
ond and first stages of the valve is achieved by the feedback wire (8)
attached to the flapper at one end and engaged in a groove in the

spool (9) at its opposite end.
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MOTOR CAP

BUSHING

Ficure 9.6 (a) A two-stage electrohydraulic servovalve with mechanical feedback.
(Courtesy of Bosch Rexroth AG.) (b) Axonometric view of a two-stage electrohydraulic
servovalve with mechanical feedback. (Courtesy of Moog Inc.)

The displacement of the spool from the null position causes a
torque on the flapper (feedback torque), which opposes the armature
torque. When the spool displacement is such that the feedback torque
equals the armature torque, the flapper returns, almost, to its neutral
position and the spool movement ceases. Actually, the flapper is slightly
displaced from its neutral position. The flapper valve produces a very
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Ficure 9.7 A functional block diagram of a two-stage EHSV with mechanical
feedback.

small pressure difference, just sufficient to equilibrate the feedback
spring force. This arrangement ensures the proportionality between
the spool displacement and control current.

Valves with Electrical Feedback

Figure 9.9 shows an electrohydraulic servovalve of two stages with
electrical feedback on the second stage. The spool (9) is coupled to the
core (11) of an inductive positional transducer (12). The core displaces
within the coil system of the transducer, producing a voltage at the
output of the measuring amplifier. Its value is proportional to the spool
displacement. By comparing the feedback signal with the command
signal value, any deviation can be determined. The resulting deviation
(error signal) is fed to the first stage via the electronic control system.
This signal causes the flapper plate (3) to move between the jet noz-
zles (6). This in turn produces a proportional pressure difference
between the spool side chambers (10). The spool (9) and its attached
core (11) are then moved until the actual value agrees with the com-
mand value, and the control signal becomes once again almost zero.
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Ficure 9.8 The operation of a two-stage servovalve with mechanical feedback.
(Courtesy of Moog Inc.)

For the control of oil flow rate, an opening is created by the dis-
placement of the spool (9) relative to the sleeve (13). The opening area
and the flow rate are proportional to the spool displacement and the
command current.

Valves with Barometric Feedback

In valves with barometric feedback, the spool is spring centered (see
Fig. 9.10). In the de-energized state, the spool (9) is pressure-balanced
and is held in the neutral position by the springs (14). When the flap-
per plate (3) is offset by an electrical signal, a pressure difference is
generated between the spool side-chambers (10), proportional to the
input signal. The spool is then moved until the forces on it (due to the
pressure difference in the side chambers and the control springs)
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Ficure 9.9 An electrohydraulic servovalve of two stages with electric
feedback. (Courtesy of Bosch Rexroth AG.)

become in equilibrium. The springs are of linear characteristics, for
the actual small range of spool displacement. Therefore, the stroke of
the control spool, and the flow rate through the servovalve, are pro-
portional to the input current.
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Ficure 9.10 An electrohydraulic servovalve of two stages with barometric
feedback. (Courtesy of Bosch Rexroth AG.)

3



318

Chapter Nine

The Performance of Two-Stage Electrohydraulic Servovalves Valve

Pressure Characteristics

Considering the servovalve in Fig. 9.9 and defining the load pressure
to be P, = P, — P,, then when blocking the two lines (A and B), the
maximum load pressure is obtained. The variation of this pressure
with the valve input current is given in Fig. 9.11. This figure shows
clearly the effect of magnetic hysteresis on the armature and pressure
saturation. The saturation is reached when any of the output pres-
sures equals the supply pressure P..

PRESSURE GAIN (pressure amplification): The pressure gain, g,
is the relation between the output load pressure (P, = P, — P,) and
input signal, g, =dP, /di, where i is the input current. The valve output
pressure is influenced by the spool valve opening. The opening of the
valve is, in turn, controlled by a closed-loop control circuit so that the
pressure gain affects the closed-loop control accuracy and stability.

Valve Flow Characteristics
The electrohydraulic servovalves are usually used to control the motion
of symmetrical cylinders and motors (see Fig. 9.12). The exit flow rate is
affected by the load pressure, supply pressure, spool displacement, and
the geometry of the spool valve opening. For a sharp-edged spool with
rectangular, or annulus, throttling areas, the valve flow rate is given by:
(Q=Ky,/P,-P)and Q_, = Ky\/FS , Where P, and P, are the supply
and load pressures respectively. K is a constant introducing the effect of
valve geometry, discharge coefficient, and oil density. The spool dis-
placement is proportional to the input current. The variation of the flow
rate with the load pressure and input current, for a typical servovalve,
is given in Fig. 9.13. This figure shows that the maximum valve flow
rate corresponds to zero load pressure and maximum input current.
FLOW GAIN (flow rate amplification): The flow gain of the servo-
valve is defined as the variation of the valve flow rate with the input
current, keeping the input and load pressures constant. This relation

Ficure 9.11 4 PL/Ps(%)
Typical pressure 100-
gain characteristics
of the servovalve.
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Ficure 9.12 The typical connection of a hydraulic motor with the second
stage of a servovalve.
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Ficure 9.13 Servovalve flow characteristics, theoretical.

is usually evaluated by setting an input pressure of 70 bar and zero

load pressure. The spool displaces inside a sleeve of rectangular win-

dows, which are opened by the spool displacement, y. The width of

these slots determines the valve flow amplification, flow gain g,.
The flow rate is given by

i d
Q= Cd@y(l)\/m and g, = d_?

where y is the spool displacement and  is the width of the throttling area.
The valve flow gain is influenced by the spool displacement-current
relation and spool valve geometry. Figure 9.14 shows typical servovalve
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Ficure 9.15 The flow-current relation of a typical servovalve.

flow characteristics. These characteristics are highly affected by the spool
overlap. The general shape of the servovalve flow-current relation is
shown by Fig. 9.15. This figure shows the effect of magnetic hysteresis
and the slight under-lapping of the valve.

Valve Leakage Characteristics

The servovalves are characterized by the fine radial clearance of their
spool valves, within 4 pm. In the case of valves with zero-lapping
spools, the internal leakage is minimal, except when the spool is near
its neutral position where the leakage increases due to the edge

rounding (see Fig. 9.16).

r1 11 Internal
11+ Leakage

t Input Current i(mA)

Ficure 9.16 Typical leakage characteristics of a servovalve. (Courtesy of
Moog Inc.)
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Transient and Frequency Responses of Valves

The transient response is not sufficient to describe the dynamic char-
acteristics. The most commonly used methods for examining the
dynamic characteristics are based on the frequency response.

The frequency response is found by exciting the servovalve with
sinusoidal signals and recording the valve output. For a well-designed
servovalve, which presents linear characteristics, the output signal is
also sinusoidal with modified amplitude and phase. Generally, the
increase of frequency of the input signal decreases the magnitude and
increases the phase shift. The magnitude ratio, also called the gain, is
the ratio of the magnitude of the output sinusoidal signal to that of
the input. The frequency response characteristics are described by the
variation of the magnitude ratio and phase shift with the frequency of
the input signal. A commonly used representation is the Bode dia-
gram, where the magnitude ratio is expressed in decibels: Gain (dB) =
20 log,, (magnitude ratio).

To facilitate the quantitative description of the frequency
response, two characteristic values for frequency have been defined
asf,pand f ..

f 54 18 the frequency at which the gain is equal to -3 dB. This
point corresponds to a magnitude ratio of 0.707.

fop- is a point on the phase-frequency characteristic curve at
which the output signal lags behind the input signal by 90°.

The electrohydraulic servovalves have, in general, a high natural
frequency and quick response. Figure 9.17 shows the step response
and frequency response of an electrohydraulic servovalve of two
stages with mechanical feedback. The valve presents a transient
response of settling time less than 12 ms.

Figure 9.18 shows the frequency response plots of commercial
servovalves of two stages with different feedback types. The study of
this figure shows that:

-2 ﬁ\

o o
Stroke (% max)
P 8

Amplitude Ratio (dB)
]

90°F 50 // —
0 5 V
=
30 f‘g
10 2
1 2 3 5710 2030 5070100 0 10 20 30
Frequency (Hz) Time (ms)
Frequency Response Step Response

Ficure 9.17 Frequency and step responses of a typical two-stage
electrohydraulic servovalve.
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Ficure 9.18 Frequency response of two-stage electrohydraulic servovalves with
different types of feedback. (Courtesy of Bosch Rexroth AG.)
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o The frequency response of the servovalves is considerably influ-
enced by the system pressure and the magnitude of input signal.

¢ The valve with electric feedback has the best dynamic behav-
ior, followed by that with mechanical feedback.

e Compared with the valves of mechanical and electric feed-
back, the valve with barometric feedback is of poor dynamic
behavior. This is mainly due to the considerable mass of the
spool and control springs.

9.5 Servovalves Incorporating Jet Pipe Amplifiers

Another well-known hydraulic amplifier is the jet valve shown in
Figs. 9.19 and 9.21. The jet valve has relatively large clearances, com-
pared with the flapper valve. Therefore, it is less sensitive to the
effects of contamination.

The Jet Pipe is rotated by the torque motor. The high-pressure
fluid flows out of the Jet Pipe and impinges on a receiver. Two small
diameter holes (see Fig. 9.20) located side by side on the receiver are
connected to either end of the spool. With the Jet Pipe centered over
the two holes, equal pressures are developed on each side of the
spool. When the torque motor causes the Jet Pipe to rotate over the
center, the jet impinges more on one hole and less on the other. This
creates a pressure difference across the spool. The exact shape of parts
cannot be computed in the way that flapper valves are analyzed;
however, the following guides hold practical:

¢ The clearance between the jet and receiver should be at least
twice its diameter.

Ficure 9.19

An electrohydraulic
servovalve
incorporating a Jet
Pipe amplifier.
(Courtesy of Moog
Inc.)

1. Torque motor, 2. Jet nozzle, 3. Filter, 4. Receiver,
5. Spool, 6. Spool valve, 7. Feedback spring
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Jet Pipe Receiver Holes

Ficure 9.20 Photos of the jet nozzle and receivers of a typical servovalve
(photographed by a scanning electron microscope).

e The two receiver holes should be as close to each other as
possible.

o If the previous constraints are satisfied and if the internal
diameter of the nozzle is constant over a length equal the
value of diameters up the nozzle, then, when the nozzle is
centered, the load pressures are of the same value.

The two-stage electrohydraulic servovalve converts the input
electrical signal into a precisely proportional spool displacement. It
consists of two stages (see Fig. 9.21):

o The first stage is the pilot valve, which includes the torque
motor, the Jet Pipe, and the two receivers.

¢ The second stage includes the spool and sleeve assembly.

The high-pressure hydraulic fluid is fed through a filter to the Jet
Pipe that directs a fine stream of fluid to the two receivers. Each
receiver is connected to one side of the spool of the second stage. At
the null position, where no signal is connected to the torque motor,
the jet is directed exactly between the two receivers, creating equal
pressures on both sides of the spool. The force balance created by the
equal pressures in both end chambers holds the spool in a mid-
position (see Fig. 9.19).

As the Jet Pipe and armature of the torque motor rotate around
the pivot point, the fluid jet is directed toward one of the two receiv-
ers, creating a higher pressure in the spool end chamber connected to
that receiver. The created differential pressure moves the spool in the
direction opposite to the jet displacement (see Fig. 9.21a).

In the case of a servovalve with mechanical feedback, a feedback
spring is connected to the spool and Jet Pipe. The feedback spring
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(b) Valve stabilized with current

Ficure 9.21 Operation of a two-stage servovalve incorporating a Jet Pipe
amplifier. (Courtesy of Moog Inc.)
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translates the spool position into a force that is applied on the Jet Pipe
in a proportional manner. The increased spool displacement, away
from the null position, increases the force exerted on the Jet Pipe. The
forces transmitted from the spool to the Jet Pipe create a feedback
torque. When the feedback spring torque equals that of the torque
motor, the jet is returned, almost, to its null position between the two
receivers. This position creates a pressure balance between the end
chambers (see Fig. 9.21b).

The torque of the electromagnetic torque motor is proportional to
the input current, and the feedback torque is proportional to the spool
displacement. Then, the resulting spool displacement is proportional
to the input current.

By reversing the polarity of the applied current, the armature
torque is reversed. The hydraulic jet flow impinges on the other
receiver, creating an imbalance in spool end chambers’ pressures.
The spool moves in the opposite direction until a first-stage force
balance is achieved by the feedback spring. The jet flow is then
directed between the receivers, and equal pressures hold the spool
in the new position.

9.6 Servovalves Incorporating Jet Deflector Amplifiers

Principally, the jet deflector amplifier operates in a way similar to the
Jet Pipe amplifier. The valve is equipped with a fixed jet nozzle and
receiver holes. The jet of fluid is deflected toward one of the two
receivers by means of a jet deflector. The jet deflector is displaced by
the torque motor (see Figs. 9.22 and 9.23).

The function of the jet deflector is summarized in the following;:

¢ The armature and deflector are rigidly joined and supported
by a thin-wall flexure tube.

ARMATURE

FLEXURE
SLEEVE

EQUAL PRESSURE PRESSURE AT B GREATER
AT A AND B THAN PRESSURE AT A
|
DEFLECTOR AT NULL DEFLECTOR MOVED FROM
| POSITION NULL POSITION

Ficure 9.22 Operation of the jet deflector. (Courtesy of Moog Inc.)
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——

VALVE RESPONDING - —
TO CHANGE IN - -
ELECTRICAL INPUT e g

(a) Valve responding to change in control current.

Ficure 9.23 The operation of a servovalve with a jet deflector. (Courtesy of

Moog Inc.)

The fluid flows continuously from the fixed inlet, through the
moveable deflector into the two receivers (A and B). When
the deflector is centered, it produces equal pressures in each
receiver.

The rocking motion of the armature-deflector assembly
directs the flow to one of the two receiver holes. A pressure
difference builds across the spool, which causes the spool
motion.

The electric current fed to the torque motor creates propor-
tional magnetic forces on the ends of the armature.

The armature and deflector assembly rotate about flexure
tube support.
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VALVE CONDITION
FOLLOWING CHANGE =

(b) Valve in condition following the change.

Figure 9.23

(Continued)

The jet deflector diverts the flow through the receiver to the
spool side-chambers.

The spool moves and connects the pressure and return lines
with the ports (C2) and (C1).

The spool pushes the ball end of the feedback spring creating
a restoring feedback torque on the armature/deflector.

As the feedback torque becomes equal to the torque-motor
torque, the armature—deflector assembly moves back to its
centered position.

The spool stops at a position where the feedback spring
torque equals the torque-motor torque. The spool displace-
ment is proportional to the input current.

Keeping the pressures constant, the flow rate directed to the
load is proportional to the spool displacement.
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9.7 Jet Pipe Amplifiers Versus Nozzle

Flapper Amplifiers

In many servovalve applications, the use of a Jet Pipe valve (JP)
is preferred over the common nozzle flapper valves (NF). Unfor-
tunately, the fluid flow characteristics in a JP servovalve are
extremely complex. Therefore, these valves are usually config-
ured experimentally and a suitable configuration is reached
only after many trials. In some specific applications, a large
motion of the jet in the JP amplifiers is needed to establish max-
imum power, which is considered undesirable. The selection of
the required amplifier type for an application will depend
mainly upon the application requirements.

JP amplifiers offer several advantages over NF amplifiers. The
main differences are summarized as follows:

¢ The minimum flow area in a standard JP amplifier nozzle
orifice area is of an order larger than that of the NF (the
gap between the nozzle and flap) of the same power.
Consequently, the JP amplifier is more reliable in opera-
tion since it has fewer tendencies to blocking and requires
a lower fluid filtration level. This is important to reduce
the maintenance cost. Also, the design of its parts doesn’t
require strict tolerances, which reduces manufacturing
costs.

¢ If any of the elements of the hydraulic bridge are blocked in
NF amplifiers, an active failure takes place, as a result of
which a maximum signal occurs at the output in the absence
of an input signal. In JP amplifiers, if there is blocking of
the nozzle, a passive failure takes place, with the output
signal being close to zero. Consequently, the operation of
the JP amplifier is safer than the NF amplifier in the case of
blocking.

e Due to long-term operation of the NF amplifier, the erosion
of the flapper blade occurs, as shown in Fig. 9.24. The ero-
sion of the flapper blade by 30 microns (the approximate
width of the variable orifice), reduces the pressure gain by
about 50 percent. Moreover, the leakage will be doubled and
these will double the power losses in the amplifier. On the
other hand, the JP erosion occurs symmetrically between
the two receivers, as shown in Fig. 9.24. The JP amplifier
erosion actually improves the amplifier linearity without
noticeable effect on the pressure gain. Also the projector jet
does not increase in size. Therefore, the amplifier leakage
remains unchangeable.
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Jet
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Erosion
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Nozzle Flapper Amplifier Jet Pipe Amplifier

Ficure 9.24 Long-term erosion patterns of typical flapper and jet deflector valves.

9.8 Exercises

1. Discuss briefly the construction and performance of the electromagnetic
torque motors. (See Figs. 9.1, 9.2, and 9.3.)

2. Explain the function of the single-stage electrohydraulic servovalve. (See
Fig.9.4.)

3. Discuss briefly the construction and performance of the flapper valve
hydraulic amplifier. (See Fig. 9.5.)

4. Explain the function of a two-stage electrohydraulic servovalve with a
flapper valve amplifier and mechanical feedback. (See Figs. 9.6, 9.7, and 9.8.)

5. Explain the function of the two-stage electrohydraulic servovalve with a
flapper valve amplifier and electrical feedback. (See Fig. 9.9.)

6. Explain the function of the two-stage electrohydraulic servovalve with a
flapper valve amplifier and barometric feedback. (See Fig. 9.10.)

7. Discuss the static and dynamic behavior of the electrohydraulic servovalves,
incorporating different types of feedback systems. (See Figs. 9.11 to 9.18.)

8. Explain the construction and operation of the electrohydraulic servovalve,
incorporating a Jet Pipe amplifier. (See Figs. 9.19, 9.20, and 9.21.)

9. Explain the construction and operation of the electrohydraulic servovalve,
incorporating a jet deflector amplifier. (See Figs. 9.22 and 9.23.)
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CHAPTER 10

Modeling and
Simulation of
Electrohydraulic
Servosystems

10.1 Introduction

This chapter deals with the analysis of the static and dynamic perfor-
mance of electrohydraulic servo actuators (EHSAs). The equations
describing the behavior of the basic elements of EHSAs are deduced
and the steady-state performance of these elements is discussed—
mainly, the electromagnetic torque motor and the flapper valve. A
mathematical model describing the dynamic behavior of the whole
electrohydraulic servo actuator is deduced.

10.2 Electromagnetic Torque Motors

10.2.1 Introducing Magnetic Circuits

Figure 10.1 shows a coil with a soft ferromagnetic core of length L and
cross-section area A, a toroidal coil. Whenever an electric current
flows through the coil, it induces a magneto-motive force, A, inside
the iron core. This force sets up a magnetic flux ¢. The magnetic flux
density B is defined as the flux per unit area.

A=Ni (10.1)

B=g¢/A (10.2)
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Ficure 10.1
A toroidal coil.

where A = Magneto-motive force, A
¢ = Magnetic flux, Vs (1 Vs = 1 weber)
A = Cross-sectional area of the core, m?
N = Number of turns of the coil
B = Magnetic flux intensity, Vs/m?
i = Electric current, A

[
On the other hand, a variable magnetic flux, ¢, creates an induced
electromotive force in a coil, according to Faraday’s law.

e=-Ng¢ (10.3)

where e = Electromotive force, V.

The magnetic material is characterized by the relation between
the magnetic flux intensity B and the magnetizing force H, which is
the magneto-motive force per unit length (H =A/L). A soft ferromag-
netic material is one that is easily magnetized and demagnetized.
This is a material for which H and B are related by a single valued
curve so (B = 0) when (H = 0). Such materials exhibit a saturation
effect as shown in Fig. 10.2a. As H increases, the increase of B slows
down. There exist, practically, a limiting value of flux intensity that
the core could attain when H is very large. The hard ferromagnetic
materials show a hysteresis loop when H is cycled (see Fig. 10.2b).
The initial slope of B(H) relation is a characterizing parameter of the
material. It is the permeability, . The free space has a permeability | .
Sometimes, the magnetic permeability is indicated by the relative
permeability u_and the slope of the slope B-H is given by (1= 1 ).

w=B/H (10.4)

The coil reluctance is defined as the resistance to magnetic flow. It
is the magneto-motive force needed to set up a unit magnetic flux in
the medium. For the entire coil, the reluctance R is found from the
@(A) relation, where

A HL L
R 0B or R . (10.5)
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(Hmax ' Bmax)

Normal
magnetization
curve

Saturation
loop

(a) Soft magnetic material. (b) Real magnetic material.

Ficure 10.2 Relation between the magnetic flux intensity and the magneto-motive
force per unit length.

The reluctance, R, is sometimes considered as analogous to the
electric resistance, which implies that the flux, @, is analogous to
the electric current and the magneto-motive force, A, is analogous to
the electromotive force. This is just mathematical analogy. It can be
used for the calculation of the magnetic circuits in steady-state condi-
tions. However, it is not correct from the energetic point of view. An
electric resistor dissipates energy, while the magetic reluctance stores
energy. The reluctance is described by the following relation:

A=Ro (10.6)
or A= [odt (10.7)
1/R

This expression is analogous to the following relation, which
describes electric capacitance:

e= %Jidt (10.8)

Actually, the magnetic reluctance is analogous to the electric
capacitance. Both of them store energy and are described by the same
mathematical relations. The reciprocal of reluctance of a magnetic
material is the permeance, P, where

_hA
= (10.9)
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Fixed Pole Movable Pole

¢
% A —= [« F
% Mo

Ficure 10.3 lllustration of a typical magneto-mechanical transducer.

The attraction force between two magnetic poles (see Fig. 10.3)
separated by an air gap of cross-sectional area, A, is given by the fol-
lowing expression:

2
F=22 (10.10)

where F=Force, N
H = Magneto-motive force per unit length, A/m
L =Length, m
P = Magnetic permeance, Vs/A
R =Magnetic reluctance, A/ Vs
A =Magneto-motive force, A
i = Permeability, Vs/Am
U, = Permeability of free space, Vs/Am
u,=Relative permeability

10.2.2 Magnetic Circuit of an Electromagnetic Torque Motor
Electromagnetic torque motors with permanent magnets are widely
used in electrohydraulic devices due to their excellent dynamic charac-
teristics. The torque motor (see Fig. 10.4) consists of an armature
mounted on a flexible tube and suspended in the air gaps of a magnetic

...--""1

51 |
b )

\._________________..._.--—-4

1. Polar pieces, 2. Permanent magnet, 3. Flexible tube,
4. Flapper, 5. Control coils, 6. Armature

Ficure 10.4 Makeup of an electro-magnetic torque motor.
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field. The two polar pieces form the framework around the armature
and provide paths for the magnetic flux. The permanent magnet pro-
duces a permanent magnetic field in the four air gaps separating the
armature extremities and the polar pieces. When the current is made to
flow through the armature coils, the magnetic field is reinforced in two
diagonally opposite air gaps and weakened in the other two. A torque
is thus produced on the armature causing its angular displacement.
The flexible tube, acting as a torsion spring, causes the rotational angle
to be proportional to the torque. The permanent magnets are placed
outside of the electromagnet’s field and are not affected by it.

10.2.3 Analysis of Torque Motors

The four air gaps constitute the dominant reluctance in the magnetic
circuit of the torque motor (see Fig. 10.5). The reluctance of the magnetic
materials of polar pieces is negligible relative to that of the air gaps. The
magnetic flux in the air gap may be found by evaluating separately the
effects of the permanent magnet and the electric current.

The diagonally opposite air gaps are of equal length due to the
symmetry of the torque motor; their reluctances are given by

xO B xﬂ
R, = ™ (10.11)
.XO + x”
R, = ) (10.12)
x, =0L/2 (10.13)

where x = Length of the air gap in the neutral position of the
armature, m
x, = Displacement of the armature end, m
A = Area of air gap, m?
L = Armature length, m
A, = Magneto-motive force of the permanent magnet, A
¥ = Armature rotation angle, rad

Ll L |
I 1
F F2 F1
=22 Ll
*Xa +\ﬁ 2 4 Xo + Xa \
T 2T 2
Fy Fa

Ficure 10.5 Magnetic circuit of an electromagnetic torque motor.
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The magnetic circuit of the electromagnetic torque motor is shown
in Fig. 10.5. This circuit is symmetrical; the magnetic fluxes in the
diagonally opposite arms are equal. There is a mathematical analogy
between the electric circuit and the magnetic circuit. The magneto-
motive force around each loop must be zero. This analogy compares
the electric resistance and magnetic reluctance. It allows treating the
magnetic circuit in the same way as the electric circuit. By equalizing
the magneto-motive force across each loop to zero (neglecting the
magnetic hysteresis of the armature), the expressions for the mag-
netic flux, ¢, and ¢,, are deduced.

—-IN+R9,-R,9,=0 (10.14)
—kp +R,0,+R,9,=0 (10.15)
A, +iN A, —iN
or ¢ =R and ¢, = SR (10.16)

1 2

The following expressions for the magnetic flux in the air gaps
are obtained by the treatment of Egs. (10.11) through (10.16):

(kp +iN)u,A

(pl = w (1017)
(kp —iN)u, A

S (10.18)

@2 = 2(x, +x,)

The mathematical expressions for the mechanical forces acting
on the armature extremities, and the resultant torque acting on the
armature are deduced as follows:

F =¢3/2n,A (10.19)
E,=¢%/2n A (10.20)
F=F-F =(9?-¢3)/2u,A (10.21)
T=FL (10.22)
242 22
T e e 10
u,AL

8(—x2 B x§)2 [(kp +iN)*(x, +x,)* - (7”,7 —iN)(x, - xa)zJ (10.24)

[
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Actually, the magneto-motive force produced by the coil current

is too small compared with that of the permanent magnet (iN <<},).
Moreover, the displacement of the armature extremity is too small
compared with the air gap thickness, (x, << x ). Therefore, the values
of x? and 2N? are negligible with respect to x2 and A}, respectively.
The' torque is then given by the following expressmns

T=

AL
M§x4 [4x x A2 +41Nk X } (10.25)

o™ a'p

A2u AL NA AL
T= pHo X pto

+ (10.26)
2x3 a 2x
Hence, T=K x,+Ki or T=K;0+K;i (10.27)
A2u AL NA u AL

where 9= zi, K = L, K = P—u”,

L * 2x? ! 2x2

Au AI?

_pto

and 8= 4—363 (1028)

Considering the real servovalve parameters, the term K% is too
small compared to K.i; therefore, the torque may be given by

T=Ki (10.29)

These expressions do not consider the magnetic hysteresis. How-
ever, it is preferred to take into account the effect of the magnetic
saturation and magnetic hysterisis whenever possible. Figure 10.6

0.04 -
002t
£
Z
© 0.00 =
=y
e
-0.02¢
-0.04|
-0.01 -0.005 0 0.005 0.01
Current (A)

Ficure 10.6 The typical torque-current steady-state relation of an electromag-
netic torque motor, considering the effect of magnetic hysterisis, calculated.
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shows the simulation result of the torque of an electromagnetic
torque motor. Note that the inner hysterisis loops can be generated
and the percentage hysterisis can be preset.

10.3 Flapper Valves

The flapper valve acts as a hydraulic amplifier in electrohydraulic
servovalves (EHSV). It is excited by the very small displacement of
the flapper (usually within +30 um). It produces a considerably
high-pressure difference in proportion with the flapper displace-
ment. Figure 10.7 shows a double jet flapper valve. It consists of two
fixed area orifices and two variable area jet nozzles. The areas of jet
nozzles are controlled by the flapper displacement. The flapper valve
is fed with high-pressure oil, at pressure P..

In the steady state, the ports C1 and C2 are closed by the station-
ary spool (as shown by Fig. 10.9), then Q,=Q; and Q, =Q,. The
valve flow rates are given by the following equations:

[2
Q=CpA, E(PS -P) (10.30)

Q,=CrA, %(PS -P) (10.31)

The throttling takes place in the jet nozzles of the flapper valve at
the cylindrical opening separating the flapper face and the jet nozzles.

Q,=Cnd,(x,+x,) /%(Pl -P) (10.32)

(xi+x) | [ (Xi-X¢)
Q; — — Q4
. Pr - Pt Ps
f
1 Ao
=-¢—Q1 Qz—b-
14 T —
p.|
C, C

Ficure 10.7 Schematic of a double jet flapper valve.
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Q,=Cnd, (x,—x,) /%(p2 -P) (10.33)

where A, = Orifice area, m?
C,and C,, = Discharge coefficients

d; = Flapper nozzle diameter, m

P = Supply pressure, Pa

P, = Return line pressure, Pa

Q = Flow rate, m3/s

Xp= Flapper displacement on the level of jet nozzles, m
x; = Initial flapper nozzle opening; limiting flapper

displacement, m

p = Oil density, kg/m?

These equations are used to derive the following expressions for
the nondimensional pressures, assuming zero return pressure: P, = 0.

C2A2 1

p-ba_ _ (10.34)
P CRAZ+ Cl?nzdj%(xi - xf)2 1+a(x, - xf)2
p-bi_ CpA; _ 1 (10.35)
' P CRA+CimPdy(x, + x> T+a(x, +x,)
_ pP-P 4ax .x.
pol2"1_ S 10.36
L P, 1+2a(x] +x3)+a>(x] = x3)° ( )
cnd, )
a7l
=|—=— 10.37
? [CDAUJ (10.37)

For small flapper displacement, x; << x, then x; is negligible
with respect to ¥7 and the expression for P becomes

4ax?

= 2
P=——=x%

7 X, where J_cfzxf/xi (10.38)
(1+axl.2)

Figure 10.8 shows the steady-state pressure characteristics of a
typical double jet flapper valve. The plot of P(x) is linear in the vicin-
ity of the origin, which agrees with Eq. (10.38).
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P=P/P,
(=]
o

Pressures P

-0.5F

-1 -0.5 0 0.5 1
Flapper Displacement X = x¢/x;

Ficure 10.8 Static characteristics of a double jet flapper valve, calculated.

10.4 Modeling of an Electrohydraulic Servo Actuator

This section deals with the deduction of a mathematical model describ-
ing the dynamic performance of a symmetrical hydraulic cylinder
controlled by means of a two-stage EHSV (see Fig. 10.9).

Electromagnetic Torque Motors

The electromagnetic torque motor converts an electric input signal of
low-level current (usually within 10 mA) into a proportional mechan-
ical torque. The motor is usually designed to be separately mount-
able, testable, interchangeable, and hermetically sealed against the
hydraulic fluid. The net torque depends on the effective input current
and the flapper rotational angle. Neglecting the effect of the magnetic
hysteresis, the following expression for the torque can be deduced:

T = K, + K0 (10.39)

where i, = Torque motor input current, A
T = Torque of electromagnetic torque motor, Nm

The Equation of Motion of the Armature
The motion of the rotating armature and attached elements is gov-
erned by the following equation:
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Ficure 10.9 Functional schematic of an electrohydraulic servo actuator.

20 . do
T:]F+fﬂE+KTﬁ+TL+TP+TF (1040)
T =220, -P)L (10.41)
Pt 2T Uy '

where ] =Moment of inertia of the rotating parts, Nms?
T, = Torque due to flapper displacement limiter, Nm
fs = Damping coefficient, Nms/rad
K, = Stiffness of flexure tube, Nm/rad
T, = Feedback torque, Nm
T, = Torque due to the pressure forces, Nm
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Feedback Torque
The feedback torque depends on the spool displacement and the flap-
per rotational angle as given by the following equations:

T, =FL, (10.42)
Fy = Kg(LgO +x) (10.43)
T = Ky(Lg® + x)Lg (10.44)

where K = Stiffness of the feedback spring, N/m
L, = Length of the feedback spring and flapper, m
x = Spool displacement, m
F, = Force acting at the extremity of the feedback spring, N

Flapper Position Limiter

The flapper displacement is limited mechanically by the jet nozzles.
When reaching any of the side nozzles, the seat reaction develops a
counter torque, T,, given by the following equation:

0 Ixfl< x;
T, = dﬁ (10.45)
R, I (le x)KLf fszgn( f) Ixfl>xl.

where K, = Equivalent flapper seat stiffness, N/m
R, = Equivalent flapper seat damping coefficient, Nms/rad

Flow Rates Through the Flapper Valve Restrictions
The flow rates through the flapper valve restrictions are given by the
following equations:

(10.46)

(10.47)

Colly[ 5P, =B) =Co (B =R
/ =C,\P.-B,

Q,= Cdndf(x,. +xf) /%(P1 -P)=C, (x, + xf)‘ /(P,-P,) (10.48)

Q,=C,md,(x, - x,) /%(pz-zg) =C,y(x,~x)\[(B,-B)  (10.49)

=L (10.50)

Yp=Ly
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Q, =C,A, /%(p3 ~P,)=C,\[(P,-P,) (10.51)

where A.= Drain orifice area, m?
A = Orifice area, m?
L, = Flapper length, m

&1

Sy

P, = Pressure in the left side of the flapper valve, Pa
P, = Pressure in the right side of the flapper valve, Pa
P, = Pressure in the flapper valve return chamber, Pa
P = Valve return pressure, Pa

Q, = Flow rate in the left orifice, m®/s

Q, = Flow rate in the right orifice, m3/s
Q, = Left flapper nozzle flow rate, m®/s
Q, = Right flapper nozzle flow rate, m*/s
Qs = Flapper valve drain flow rate, m*/s

Continuity Equations Applied to the Flapper Chambers
The application of the continuity equation to the flapper valve cham-
bers results in the following relations:

dx V —Ax dP1
_ ar _ Yo st U1 10.52
Q-Q+A G B dt (10.52)

dx 'V, +Asxd£

Q,-Q,-A, T 7 (10.53)
V, dP.
Q,+Q,-Q, = ?d_; (10.54)

where A_= Spool cross-sectional area, m?
B = Bulk modulus of oil, Pa
V_ = Initial volume of oil in the spool side chamber, m?
V, = Volume of the flapper valve return chamber, m?

Equation of Motion of the Spool
The motion of the spool is described by the following equations:

2
AS(PZ—Q)=mS§—tf+ S%+Fj+1-; (10.55)

pPQ; . PQ7 ..

(_Cc A +_Cc A sign(x) For x>0

" ol(pQ2 ez
CCAIZ CCAC

(10.56)

jsign(x) For x<0
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where C_ = Contraction coefficient
F; = Hydraulic momentum force, N
f. = Spool friction coefficient, Ns/m
F, = Force acting at the extremity of the feedback spring, N
m_ = Spool mass, kg

Flow Rates Through the Spool Valve
Neglecting the effect of transmission lines, connecting the valve to
the symmetrical cylinder, the flow rates through the valve restriction

areas are given by
Q, = CdAﬂ(x)\/% (10.57)
Q,= CdAh(x)\/% (10.58)
Q, =C,A (x), I%(Ps -PB,) (10.59)
Q,= CdAd(x)\/% (10.60)

The valve restrictions areas are given by

A=A =oc
‘ For x>0 (10.61)
A, =A,=0y(x*+c?)
— — 2 2
A, =A, =0 +c?) For x<0 (10.62)
A, =A;=0c
where ¢ = Spool radial clearance, m

o = Width of ports on the valve sleeve, m
P, and P, = Hydraulic cylinder pressures, Pa

Continuity Equations Applied to the Cylinder Chambers

Applying the continuity equation to the cylinder chambers, consider-
ing the internal leakage and neglecting the external leakage, the fol-
lowing equations were obtained:

dy (PA_PB)_VC-’_APyﬂ
T R~ B dt

i

(10.63)

dy (P,-P) V.—-Aydp
QC—Qd+APd—¥+ AR. B2 5 P d_tB

1

(10.64)
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where A, = Piston area, m?
R, = Resistance to internal leakage, Ns/m?®
V_=Half of the volume of oil filling the cylinder, m?

Equation of Motion of the Piston
The motion of the piston under the action of pressure, viscous friction,
inertia, and external forces is described by the following equation:

2y d
AP, ~P,)=m, d—g +fot 4 Ky (10.65)

where K, = Load coefficient N/m
m,, = Piston mass, kg
fp = Piston friction coefficient, Ns/m

Feedback Equation
The piston displacement is picked up by a displacement transducer
and fed back to the electronic controller, which generates the corre-
sponding error signal. The feedback loop can be described by the fol-
lowing equations:

i,=1i -1 (10.66)

i, = Kppy (10.67)

where i = Control current, A
i, = Feedback current, A
K., = Feedback gain, A/m

10.5 Exercises

1. Draw aschematic of the electromagnetic torque motor, explain its function,
and derive an expression for its torque.

2. Draw a schematic of a double jet flapper valve, explain its function, and
derive the mathematical relations describing its static characteristics. Discuss
the variation of the valve pressures with the flapper displacement.

3. Draw aschematic of a single-stage electrohydraulic servovalve, explain its
function, and derive the mathematical model describing its static and dynamic
behavior.

4. Draw a schematic of a two-stage electrohydraulic servovalve, explain its
function, and derive the mathematical model describing its static and dynamic
behavior.

5. Draw a schematic of an electrohydraulic servo actuator, explain its
function, and derive the mathematical model describing its static and dynamic
behavior.
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10.6 Nomenclature
A = Area of air gap, m?
A. = Drain orifice area, m?
A = Orifice area, m?
A, A, A,and A, = Spool valve restrictions areas, m?
A_=Piston area, m?
A, = Spool cross-sectional area, m?2
B = Bulk modulus of oil, Pa
¢ = Spool radial clearance, m
C_= Contraction coefficient
C, and C,, = Discharge coefficients
dy= Flapper nozzle diameter, m
F =Force, N
fs = Damping coefficient, Nms/rad
F; = Hydraulic momentum force, N
fp = Piston friction coefficient, Ns/m
f. = Spool friction coefficient, Ns/m
F, =Force acting at the extremity of the feedback
spring, N
H = Magneto-motive force per unit length, A/m
i, = Feedback current, A
i, = Control current, A
i,= Torque motor input current, A
] = Moment of inertia of rotating part, Nms?
K, = Load coefficient N/m
K, = Feedback gain, A/m
K,s= Equivalent flapper seat stiffness, N/m
K, = Current-torque gain, Nm/A
K, = Stiffness of the feedback spring, N/m
K, = Stiffness of flexure tube, Nm/rad
K_ = Displacement-torque gain, Nm/m
K, = Rotational angle-torque gain, Nm/rad
L = Length; armature length, m
L;= Flapper length, m
L, = Length of the feedback spring and flapper, m
= Piston mass, kg
m_ = Spool mass, kg
P = Magnetic permeance, Vs/A
P, = Pressure in the left side of the flapper valve, Pa
P, = Pressure in the right side of the flapper valve, Pa
P, = Pressure in the flapper valve return chamber, Pa
P, and P = Hydraulic cylinder pressures, Pa
P = Supply pressure, Pa
P =Return line pressure, Pa
Q = Flow rate, m®/s

= ®U o wl

@ON =
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Q, = Flow rate in the left orifice, m3/s
Q, = Flow rate in the right orifice, m3/s
Q, = Left flapper nozzle flow rate, m*/s
Q, = Right flapper nozzle flow rate, m*/s
Q, = Flapper valve drain flow rate, m*/s
Q, Q, Q,and Q, = Flow rates through the spool valve restrictions,
m®/s
R =Magnetic reluctance, A/ Vs
R, = Equivalent damping coefficient, Nms/rad
R, = Resistance to internal leakage, Ns/ m°
R, = Flapper seat damping coefficient, Nms/rad
T = Torque of electromagnetic torque motor, Nm
T, = Feedback torque, Nm
T, = Torque due to flapper displacement limiter, Nm
T, = Torque due to the pressure forces, Nm
V, = Volume of the flapper valve return chamber, m*
V., = Half of the volume of oil filling the cylinder, m*
V_ = Initial volume of oil in the spool side chamber, m?
x = Spool displacement, m
x, = Displacement of the armature end, m
x;= Flapper displacement on the level of the jet noz-
zles, m
x, = Initial flapper nozzle opening, flapper displacement
limit, m
x, = Length of the air gap in the neutral position of
armature, m
A = Magneto-motive force, A
A, =Magneto-motive force of the permanent magnet, A
1 = Permeability, Vs/Am
U, = Permeability of the air, Vs/Am
U, = Relative permeability
p = Oil density, kg/m?
o = Width of ports on the valve sleeve, m
¥ = Armature rotation angle, rad

Appendix 10A Modeling and Simulation of an EHSA

This appendix presents mathematical models of an electrohydraulic servo
actuator and its subassemblies—mainly the electromagnetic torque motor,
the single-stage servovalve, and the two-stage servovalve. The effect of
armature magnetic hysterisis and flow forces are neglected in this case
study. However, considering the magnetic hysterisis (see Fig. 10.6) gives
more accurate results, especially in the open-loop applications.

The deduced mathematical models were applied to develop computer
simulation programs using SIMULINK. The step response of the systems
is calculated and presented. The simulation programs are built
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considering the following numerical values of a typical electrohydraulic

servoactuator incorporating a two-stage servovalve (see Fig. 10.9).
Numerical Values of the Studied System

Torque Motors
Current-torque gain, K; = 0.556 Nm /A
Armature damping coefficient, f, =0.002 Nms/rad
Moment of inertia of the armature-flapper assembly, J=5 x 107 kg m?
Armature rotational angle-torque gain, K, =9.45 x 10* Nm/rad
Servo actuator feedback gain, K, =3 A/m

Flapper Valves
Flapper length, Lf= 9 mm
Feedback spring and flapper length, L =30 mm
Flapper limiting displacement, x, = 30 um
Flapper nozzle diameter, d.= 0.5 mm

Equivalent flapper seat material damping coefficient, R, = 5000

Nsm/rad
Flapper seat equivalent stiffness, K, .= 5 x 10° N/m

Hydraulic amplifier nozzles (N1) and (N2) diameter, df: 0.5 mm

Diameter of the return orifice (N5), d, = 0.6 mm

Hydraulic Oil
Oil density, p =867 kg/m3
Bulk modulus of oil, B=1.5 GPa

Spool Valves
Spool diameter, d_=4.6 mm
Initial volume of oil in the spool side chamber, V =2 cm?
Volume of oil in the return chamber, V, =5 cm?
Spool mass, m_ = 0.02 kg
Spool port width, ® =2 mm
Spool radial clearance, c =2 um
Spool friction coefficient, f, =2 Ns/m
Feedback spring stiffness, K, =900 N/m

System Pressures
Supply pressure, P_ =250 bar
Return pressure, P =0 bar

Hydraulic Cylinder
Piston area, A =12.5 cm?
Initial volume of oil in the cylinder chamber, V_ =100 cm?
Resistance to internal leakage, R, = 10" Pa's/m?
Piston mass, m, =10 kg
Friction coefficient on piston, f, = 1000 Ns/m
Piston loading coefficient, K, = 0 N/m; the piston is unloaded
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Torque Motors

Figure 10A.1 shows a schematic of the electromagnetic torque motor.
When separated from the valve, the armature displacement is limited
by the air gap thickness 3. When operating within this displacement
limit, the dynamic behavior of this system is described by Egs. (10A.1)
and (10A.2), neglecting the effect of magnetic hysterisis.

T =Ki, + K, (10A.1)

b (10A.2)

a>0 dd
T_IW+fﬂE+KT

Equations (10A.1) and (10A.2) were used to develop a com-
puter simulation program. The step response of the torque motor
was calculated using the simulation program and used to find the
torque motor transfer function (see Fig. 10A.2). The torque motor
showed an under-damped response with a settling time within
1.2 ms (see Fig. 10A.3). This behavior can be identified by a second
order transfer function of ®, =711 Hz, £=0.071, and gain = 0.00556,
Eq. (10A.3). The response calculated using the transfer function
coincides with that of the detailed model (Fig. 10A.3). Actually, the
same transfer function is obtained by the treatment of Egs. (10A.1)
and (10A.2) analytically.

Gs) = Ie(s) 0.0556 (10A.3)

() 5x10°2+2x10%s5+1

Ficure 10A.1 ® ) [ ] ?

Schematic of the le

electromagnetic

torque motor. Ll 3
W—
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0.0556
5e-8s2 +2e-4s+1

TM Transfer Function

‘ Plic Theta

Step Current

I(t)

Detailed Model

Ficure 10A.2 A simulation block diagram of the torque motor, developed by
the SIMULINK program.
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Ficure 10A.3 Transient response of the armature rotational angle to a 10 mA
step current.

Single-Stage Electrohydraulic Servovalves

The following equations describe the single-stage servovalve shown
in Fig. 10A.4. It consists of an electromagnetic torque motor and a
flapper valve hydraulic amplifier.

T =K, + K0 (10A.4)

a2 do
T=]%a fo g KO+ T 4T, (10A.5)
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Ficure 10A.4 Schematic of a single-stage electrohydraulic servovalve.

T
T,= 74P -P)L, (10A.6)
0 lx, 1< x
T, = g 40 (10A.7)

R, I (Ix - x)KLfoszgn(ﬁ) Ixf|> X;

Q,=C,A, —(P P)=C,,(P.-P) (10A.8)

Q, =CdAD\’%(ps_P2) =C12\/PS_P2 (10A.9)

Q,=Cnd,(x,+x,) /%(P1 —P) =Cyy(x,+x,)(P,—P,) (10A.10)

Q,= Cdndf(xi - xf) /%(P2 -P)=C,,(x, - xf)« /(P,—P,) (10A.11)
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Ficure 10A.5 Transient response of the first-stage pressures to a 10 mA
step current, calculated using the SIMULINK program.

x; =L (10A.12)

Q5= CdAs./g(% ~P) =C\[(B,-P,) (10A.13)

Q-Qs= %% (10A.14)
Q-Q,= %ddif (10A.15)
Q+0Q,—Qs= %% (10A.16)

The single-stage servovalve controls the pressure difference: AP =
P,—P,. The valve is described mathematically by Egs. (10A.4) through
(10A.16). These equations were used to develop a computer simulation
program. The transient response of valve pressures to step input cur-
rent, calculated using the simulation program, is shown in Fig. 10A.5.
The valve presents a transient response of settling time within 2 ms.

Two-Stage Electrohydraulic Servovalves

Figure 10A.6 illustrates an electrohydraulic servovalve of two stages.
Neglecting the jet reaction forces on the level of the spool valve, this
valve is described mathematically as follows:
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Ficure 10A.6 Schematic of a two-stage electrohydraulic servovalve of two stages.

T=Ki +K;©
azs dd
]dtz 'y — + K 0+T, +T, +T,

T
=8P, -P)L;
F, = Ky(Lgd +x)
T, = FL, = Ky(Lsd + X)L
0 |
T, =
K, dt

(Ix xi)KLLfsign(ﬁ) |x

xf|<xi

f|>xi

(10A.17)

(10A.18)

(10A.19)

(10A.20)

(10A.21)

(10A.22)
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Q=CoAy 5P~ P) =C (B -R)
Q,= CdAO\/E(Ps -P)= Clz\/Ps -p
Q,= Cdndf(xl. +xf) /%(Pl -P)=C,,(x +xf) (P,-P)

2
Qu = G (x, = x5 (B = B) = Cyy(x, = x)\[(B, = P)

xszfl‘}

Qs :CdAS\ §(P3_PT) = CS\/(P3_PT)

dx _V,-AxdP

Q-Q+ A =""5 &

dx V,+AxdP,
Q-Q-AG =T

V. dP.
Q+Q-Q=F g
d?x dx
As(PZ_Pl)_ms de? + SE-’-

Q,=CA 2P, =)
2

Q, zchb(x)\,E(Ps_PA)
2

Q. =CdAc(x)\/E(Ps_pB)
2

Q, =CdAd(x)\,E(PB_PT)

A=A =0c

Forx >0
A=A =0+ cz)}

F

S

(10A.23)

(10A.24)

(10A.25)

(10A.26)

(10A.27)

(10A.28)

(10A.29)

(10A.30)

(10A.31)

(10A.32)

(10A.33)

(10A.34)

(10A.35)

(10A.36)

(10A.37)
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A=A =0+ CZ)} For x <0 (10A.38)

Figure 10A.7 shows the simulation block diagram of the two-stage
servovalve, based upon Egs. (10A.17) through (10A.38). The step
response of the servovalve is shown in Fig. 10A.8. The transient response,
calculated using the simulation program, was used to identify the servo-
valve by a second-order transfer function. The parameters of the identi-
fying transfer function are o =112 Hz, £ = 1.34, and gain = 0.0202.

0.0202
0.000002s? + 0.0038s + 1

SV Transfer Function

I =

Step Current

EHSV Detailed Model

Ficure 10A.7 A SIMULINK block diagram of the servovalve.
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Ficure 10A.8 The transient response of the servovalve spool displacement
to a 10 mA step current, calculated by the detailed model and the identifying
transfer function.
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The spool responses, calculated using the detailed model and the
transfer function, plotted in Fig. 10A.8, are almost coinciding. The
valve response is overdamped with a 10 ms settling time.

Electrohydraulic Servo Actuators (EHSAs)
Figure 10.9 shows a functional schematic of an electrohydraulic servo

actuator. Its dynamic behavior is described by the Eqgs. (10A.39)
through (10A.65).

T=Ki,+K,© (10A.39)
T= ]d213 f +K O+T, +T,+T; (10A.40)
a0 dt '
T

= d}%(P2 - Pl)Lf (10A.41)

F, =K (LyO+x) (10A.42)
T, = FLy = Ks(Ls® +x)Lg (10A.43)

0 Ixfl< X,
T = (10A.44)

Sdt (Ix xi)KLLfsign(f}) Ixf|>x,.

Q,=CA, /%(Ps —-P)=C,(P.-P) (10A.45)

(a) In Out1 P ie x X Y
PI Controller Detailed Model DCV & Cylinder

<’
\I

(b) 0.0202

P+ In Quti— ——————— X Y >
|| - 0.000002s2 +0.0038s +1
Step Current PlController SV Transfer Funclion ~ DCV & Cylinder y(t)

ile
\I

( C) 0.020211
P X Y
0.000002s% +0.0038s +1
SV Transfer Function DCV + Cylinder
/l

<~

Ficure 10A.9 A SIMULINK block diagram of the electrohydraulic servo actuator.



Modeling and Simulation of Electrohydraulic Servosystems

2
Q,=C,4A, E(PS -F,) =C12\/Ps_P2

Q,= Cdndf(xl. + xf) /%(P1 -P,)=C,(x -i-xf),l(P1 -P)

Q4:Cd7tdf(xi—xf)’p -P) x—x WP, —P;) (10A.48)
X

(P, -
F=L9

Qs =Cy4; %(P:a_pr) =C5\/(P3_pT)

dx VO -AxdP,
sdt B dt

dx _V +AxdP,
Q-Q-AG ="

Q -Q+A —

V. dP.
Q3+Q4_Q5=§3d_t3
d?x dx
AS(PZ_Pl):ms di’2 + SE—FFS

2

Q.=C A5 (P-P)

Qu=CoA (5B~ Py)

Q,=CA 3P~ P)
=C,A (x P-P

A=A =ac

Forx=>0
A, =A,=0y(x* +c?)

A, =A =oy(x*+c?

A=A, } For x <0
=wc
dy (P, P) V+A aP,
Q=Qu=Ar gy R B dt

i

(10A.46)

(10A.47)

(10A.49)

(10A.50)

(10A.51)

(10A.52)

(10A.53)

(10A.54)

(10A.55)

(10A.56)

(10A.57)

(10A.58)

(10A.59)

(10A.60)

(10A.61)
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L Pa=By) V- Aydp

(10A.62)
R, B dt

Q-0+ A g dt

Ap(P,—P)=m, dt2 +fP +Kby (10A.63)
i, =i —1, (10A.64)

i, = Ky (10A.65)

Figure 10A.9 shows the simulation block diagram of the electro-
hydraulic servo actuator incorporating

(a) The PI controller and a detailed model of the servovalve.
(b) The PI controller and the transfer function of the servovalve.

(c) A simple proportional feedback controller and transfer func-
tion of the servovalve.

The transient responses of the EHSA, calculated using the simu-
lation program for the three previously mentioned cases, are dis-
played in Fig. 10A.10. This figure shows that

e Cases (a) and (b) give practically identical responses due to
the high accuracy of the representative model (the transfer
function of the EHSV).

o The transient response of the EHSA with simple proportional feed-
back (case c) shows a relatively longer settling time (¢, = 309 ms)
compared with the cases using the proper PI controller (f,= 33 ms).

4
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Ficure 10A.10 Step response of the electrohydraulic servo actuator for the
three configurations given by Fig. 10A.9.
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Appendix 10B Design of P, Pl, and PID Controllers

The proportional integral derivative (PID) controller is the most com-
mon form of feedback. It was an essential element of early governors.
In process control today, more than 95 percent of the control loops are
of PID or PI type. The PID controllers are today found in all areas
where control is used. They have survived many changes in technol-
ogy, from mechanics and pneumatics to microprocessors via elec-
tronic tubes, transistors, and integrated circuits. The microprocessor
has had a dramatic influence on the PID controller. Practically all PID
controllers made today are based on microprocessors. This has cre-
ated opportunities to provide additional features like automatic tun-
ing, gain scheduling, and continuous adaptation.
The PID algorithm is described by

u(t) = K{e(t)+%j;e(r)d¢+Td %} (10B.1)

The error signal e(t) is the difference between the instantaneous
values of the input signal, x(t), and the feedback signal f(t), as illus-
trated by Fig. 10B.1.

e(t)=x(t)— f(t) (10B.2)
The control signal is the sum of three terms:

e P-term; proportional to the error

P(t) = Ke(t) (10B.3)

e [-term; proportional to the integral of the error

1) = K% | Ote('t)d‘c (10B.4)

e D-term; proportional to the derivative of the error

D(t)= KT, % (10B.5)
PID b OutputY
Controller SYSTEM >
Feedback
Signal F

Ficure 10B.1 The connection of the PID controller in the feedback system.
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The controller parameters are the proportional gain, K, the integral
time, T, and the derivative time, T,. The most well-known methods for
estimating and tuning the PID parameters are those developed by
Ziegler and Nichols. They have had a major influence upon PID con-
trol for more than half a century. The methods are based on character-
izations of process dynamics by a few parameters, and simple equations
for the controller parameters. They can be designed, according to the
Ziegler—Nichols rule. The process of designing a PID controller and its
implementation is carried out according to the following four steps:

1. Find the Limiting Open Loop Gain for the Stability

¢ Connect the system as shown in Fig. 10B.2, and then apply a
step input (with gain K =1, for example).

¢ Calculate the step response, and then change the proportional
gain, K, until continuous oscillations are observed. The result-
ing step responses are shown in Fig. 10B.3. The limiting value
of gain, K, which makes the system marginally stable (the
response is oscillatory), is called the ultimate gain, K; . For the
studied system, K; = 8. The duration of one complete cycle is

X 1 Y
(s+1)°

v

~
4

Ficure 10B.2 A feedback system with a proportional controller of gain K.
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06f | | |4

04f
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T=363s
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Ficure 10B.3 Step response of the closed-loop system for open-loop gain K
=1 and limiting gain K, = 8.
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the ultimate period 1. For the studied system, t=3.63 s. For
proportional gain K = 1, the calculated step response shows
that the system response has a considerable steady-state error
(g5 =50%). For K = 8, the transient response converged to
sustained oscillations.

2. Design a P, Pl, and PID Controller

The transfer functions of the proportional (P), proportional integral
(PI), and proportional integral derivative (PID) controllers are the
following;:

P controller D(s)=K=0.5K; (10B.6)
PI controller D(s)=K [1 + %] (10B.7)
PID controller D(s)=K [1 + Tis + TdsJ (10B.8)

The first estimate of the PID controller parameters is calculated
by applying the Ziegler and Nichols rule (see Table 10B.1). The calcu-
lation results are given in Table 10B.2.

Controller Symbol | Gain T, T,
Proportional P K=0.5 K, — —
Proportional Pl K=0.45K | 0.81 —
integral

Proportional PID K=0.6 K, 051 0.125 1
integral derivative

TaeLe 10B.1 Summary of Formulas Used to Calculate a First Estimate
of the Parameters of the P, PI, and PID Controllers, According to Ziegler—
Nichols Rules

First Estimate Tuned Parameters
Controller | K T, T, K T, T,
P 4 — — 4 - _
Pl 3.6 29s — 1.5 3.03 |—
PID 4.8 1.815s |0.454s |1.3 25s |0.08s

TaBLeE 10B.2 First Estimate and Tune Parameters of the P, PI, and PID
Controllers, According to Ziegler—Nichols Rules
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3. Implementation of the P, P1, and PID Controllers

Connect the controllers as shown in Fig. 10B.4, and then calculate the
step response. The resulting response is shown in Fig. 10B.5. This fig-
ure shows that the P controller response has a great steady-state error.
The PI and PID controllers stabilized the system, with no steady state
error. The controller setting according to the Ziegler—Nichols rule
improved the closed-loop system stability and precision. But a final
tuning of the controller parameters must be done iteratively until a
satisfactory response is obtained.

4. Tuning the Controllers’ Parameters

The tuning of the gain of the proportional controller does not
improve the system behavior, due to the contradiction between the
stability and precision requirements. The tuning of the PI and PID

X 1 1 Y
K(1+E+Tds) > I >

Ficure 10B.4 Closed-loop system equipped with PID controller.

.\‘\\ e ._\'\ -~
"H\ \\ s"'I.f ~. _’/
; o -
oo R i
<ol W4 L. y(t), P
----- y(t), Pl
0.4} — y(t),PID
0.2}
0 1 1 1 1 1
0 5 10 15 20 25 30

Time (s)

Ficure 10B.5 Step response of the closed-loop system, with P, PI, and PID
controllers.
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Ficure 10B.6 The step response of a closed-loop system, equipped with P,
PI, and PID controllers, with tuned parameters.

controllers improved both the system’s stability and precision radi-
cally. Figure 10B.6 shows that the response of the system with PI
and PID controllers converges rapidly to the required steady-state
value, without a steady-state error.
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CHAPTER 11

Introduction to
Pneumatic Systems

11.1 Introduction

Pneumatic systems are power systems using compressed air as a work-
ing medium for the power transmission. Their principle of operation is
similar to that of the hydraulic power systems. An air compressor
converts the mechanical energy of the prime mover into, mainly, pres-
sure energy of the compressed air. This transformation facilitates the
transmission, storage, and control of energy. After compression, the
compressed air should be prepared for use. The air preparation includes
filtration, cooling, water separation, drying, and adding lubricating oil
mist. The compressed air is stored in compressed air reservoirs and
transmitted through transmission lines: pipes and hoses. The pneumatic
power is controlled by means of a set of valves such as the pressure, flow,
and directional control valves. Then, the pressure energy is converted to
the required mechanical energy by means of the pneumatic cylinders
and motors. (See Fig. 1.5, Chapter 1.)

11.2 Peculiarities of Pneumatic Systems

The static and dynamic characteristics of the pneumatic systems differ
from those of the hydraulic systems due to the difference in the
physical properties of the energy transmitting fluid, mainly the high
compressibility, low density, and low viscosity of air.

11.2.1 Effects of Air Compressibility

The fluid compressibility is the ability of fluid to change its volume due
to pressure variation. It is evaluated by the bulk modulus, B, or the
compressibility coefficient, B: (8 = 1/B). The bulk modulus is defined
by the following relation:

___dp
=TAvv (1L.1)
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where p = Applied pressure, Pa (abs)
V = Fluid volume, m?

The negative sign is introduced since the volume decreases as the
pressure increases.

For real gas, the following law is valid for the polytropic com-
pression process:

pV" = constant (11.2)
Vidp+npV™1dV =0 (11.3)
dp _
or S =P (11.4)

Hence, the bulk modulus of compressed air is given by

B=mnp (11.5)

At 10 MPa pressure, the air has a bulk modulus B, =1.4x10” Pa,
for n=1.4. This value is too small, compared with that of the hydraulic
liquid (B, =1 to 2 GPa). Therefore, the air, even when compressed
to high pressures, is much more compressible than the hydraulic
liquids.

This compressibility allows for energy to be stored. Considering
that a volume V_ of air at pressure p, is allowed to expand to a low
pressure p, an expression for the energy released during the expan-
sion process is deduced as follows:

v
E = jva pdV (11.6)
p,V) =pV" = constant (11.7)

1/n

V= [&] v, (11.8)

14
dV=—1dp (11.9)

np
Vv 1/n

Then S LA R A1 il LV 11.10
E, o p pdp " LO p~V"dp ( )

1/nyy n-1 n-1
or E, 2%[&" —p ] (11.11)
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A similar expression for energy stored in a volume of liquid is
deduced as follows:

E, = J‘zpdV (11.12)

For liquids, if the initial volume is V, then

___dp ___dp

=Tavv, O BEravw (11.13)
or dv:_%d,ﬂ (11.14)

V=VO+AV=VO—VG%=VO(1—%j (11.15)

I N L AW R L O el
E, —J'VOpdV—Lop(—gdp)——LDT[l—T dp  (11.16)

v
or E = -B—Z{%(B—po)(r)z - P§)+%(p3 - pi)} (11.17)

Calculation of Energy Stored in One Liter of

Compressed Air and Liquid

For p,=15MPa, V, =10°m? p =0, and n = y= 1.4, the energy stored in
one liter of air is E, = 28.7 k], which is calculated using Eq. (11.11). For
the same conditions, one liter of liquid of B = 1.4 x 10° Pa stores an
energy E;, = 0.08 k], which is calculated using Eq. (11.17). These
numerical results show that the energy stored in a certain volume of
liquid is less than 0.3 percent of the energy stored in the same volume
of compressed air at the same conditions.

Calculation of Energy Stored per Kilogram of

Compressed Air and Liquid
The air density is given by the following relation:

-_r 11.18
P=%7 ( )

where R = Universal gas constant, (287.1 ] /kgK for air)
T = Absolute temperature, K
p = Absolute pressure, Pa
p = Air density, kg/m?
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For T =288 K, R = 287.1 J/kgK, and p = 15 MPa, the air density is
p =181 kg/m3. The density of typical hydraulic oil is 850 kg /m?3. Relat-
ing the accumulated energy to the unit of mass of fluid, at 15 MPa
absolute pressure, and 288 K temperature, the following results could
be concluded:

e The mass of one liter of air at these conditions = 0.1814 kg
o The mass of one liter of hydraulic liquid = 0.85 kg

o Energy accumulated per kilogram of air = 157000 J

¢ Energy accumulated per kilogram of liquid = 94 ]

This comparison shows that the compressed air reservoirs are
able to store a considerable amount of energy. Therefore, they can be
used as a source of energy in pneumatic systems.

The following peculiarities of operations of pneumatic systems
are due to the high compressibility of air:

Time Delay of Response

The time delay is the time interval between the moment of open-
ing the control valve and the beginning of motion of the working
organ. This delay is caused by the gradual increase of pressure in
the transmission lines and actuator chamber. The piston starts to
move only when the pressure reaches the value needed to drive the
load. The time delay depends upon the volume of the line and
actuator chamber, the flow rate of the air, and the loading conditions,
including the friction.

The Nonuniform Motion of a Pneumatic Cylinder Piston

The nonuniform motion of a pneumatic cylinder piston is caused by
the variable friction in the cylinder and volumetric variation of inlet
chamber due to piston displacement.

Pneumatic Systems Are Not Subject to Hydraulic Shocks

Hydraulic shocks result from the rapid change of liquid velocity in
transmission lines. This change occurs due to the sudden closure or
opening of the line by control valves as well as the sudden stopping
of a piston at its end position. In the case of compressible fluids, the
sudden closure of valves results in a gradual increase of fluid pressure.
Consequently, the fluid speed decreases gradually. Taking into con-
sideration the low air density and high compressibility, the pneumatic
transmission lines are not subjected to these shocks.

Pneumatic Systems Can Supply Great Energy

During a Short Period

This is insured by storing the required volume of compressed air in
the air reservoirs.



Introduction to Pneumatic Systems

Pneumatic Cylinders Need a Braking System

for Position Locking

The variation of load affects the air pressure and volume in the actuating
elements. Therefore, it is difficult to fix any intermediate position of the
piston without using a mechanical locking element or by using an
efficient electro-pneumatic servo system.

Limited Effect of Fluid Thermal Expansion

on the Air Pressure

The pressure variation of a trapped volume of air due to temperature
variation is too small compared with that of the hydraulic systems. In
the case of hydraulic systems, the variation of pressure (Ap =p,-p,)
of a volume of trapped liquid of bulk modulus, B, and thermal expan-
sion coefficient, o, is given by the following expression (see Sec. 2.2.4):

p,=p, + GBAT (11.19)

where AT = Temperature variation, K
p, = Pressure at temperature T, Pa
p, = Pressure at temperature T,, Pa

For a constant volume of gas, the pressure varies with temperature
according to the following relation:

T
pEnT (11.20)

1

Table 11.1 shows the pressure variation of a certain volume of air
and of liquid of bulk modulus B = 1.4 x 10° Pa and volumetric thermal
expansion coefficient oo = 7 x 10K The air pressure increase due to
thermal expansion is within 0.037 percent of the liquid pressure incre-
ment at the same conditions. This small variation of air pressure with
temperature variation gives a good advantage to the pneumatic
systems, especially in the case of systems subjected to a considerable
variation in temperature.

Pressure (bar) Gauge
Temperature T (°C) Air Mineral Oil
0 0 0
50 0.18 490

TaeLe 11.1 Calculated Pressure Increment in Oil and Air
Due to Thermal Expansion
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11.2.2 The Effect of Air Density

The air density changes with the pressure and temperature.

__P
p=r= (11.21)

For T = 288 K and p = 15 MPa, the compressed air density is
p =181 kg/m?, and at the atmospheric pressure, the air density is 1.21
kg/m?3. Generally, the density of compressed air is much smaller than
that of hydraulic liquids (for mineral hydraulic oils p = 800-900 kg/m?3).
This small density gives several advantages to the pneumatic systems
such as

e Protection against hydraulic shocks, due to small inertia
forces and the high compressibility of air.

¢ Reduction of the total weight of the system.

o The air speed in transmission lines is greater than that of
liquids for the same pressure difference. Therefore, small line
diameters can be used, which lead to an additional reduction
of the system weight.

11.2.3 The Effect of Air Viscosity

The dynamic viscosity, U, of compressed air is very small, compared
with that of hydraulic liquids. At atmospheric temperature and pres-
sure, typical mineral hydraulic fluids have a dynamic viscosity | ; =
2% 1072 Pas. Under the same conditions, the air viscosity is W, =2 X
1075 Pa s. The friction losses in pneumatic transmission lines are very
small, which allows reduction of the line diameter. On the other hand,
the air is able to leak through the smallest clearance, mainly due to its
small viscosity and density. Therefore, it is difficult to achieve full
tightness of pneumatic systems.

11.2.4 Other Peculiarities of Pneumatic Systems

(a) After its expansion in pneumatic cylinders or motors, the air
is expelled into the atmosphere. Therefore, only supply lines
are used. There are no return lines.

(b) Compressed air reservoirs are of considerable volume and
weight.

(c) The air is of poor lubricity. Therefore, friction surfaces need
special lubrication. Lubricators are installed in the air prepa-
ration process to introduce a lubricating oil mist in the com-
pressed air.
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(d) The air contains a certain amount of water vapor. After com-
pression and cooling, the vapor condenses. The condensed
water should be removed to avoid filling the compressed air
reservoir with condensed water and rust formation. To do
this, different types of air dryers are used.

(e) Pneumatic systems are not fire hazards. However, their air
reservoirs have the potential to explode.

11.3 Advantages and Disadvantages
of Pneumatic Systems

11.3.1 Basic Advantages of Pneumatic Systems

(a) Small weight of transmission lines due to
¢ The small diameter of lines. (Hydraulic losses due to air flow
are small, which allows the reduction of the line diameter.)
¢ The low density of energy transmitting fluid; the air.
e There are no return lines; used air is expelled into the
atmosphere.

(b) Availability of the energy transmission fluid, the air.
(c) The system is fireproof.

(d) Pneumatic systems are able to supply a great amount of
energy during a short time period, from the compressed air
reservoir.

11.3.2 Basic Disadvantages of Pneumatic Systems

(a) Difficult system tightness.

(b) Low working pressure compared with the hydraulic systems
due to the tightness problems and compressor design (within
10 bar for industrial systems and more than 200 bar for aero-
space systems).

(c) Difficulty of holding pneumatic actuators at intermediate
positions.

(d) Delay of actuators’ response due to the time needed for filling
the long lines with compressed air.

(e) The variation of pressure in air reservoirs with temperature.

(f) The possibility of the condensation of humidity and the freez-
ing of condensed water at low temperatures.

(g) Special lubricators are needed due to the poor lubricity of air.

(h) Danger of explosion.

33



3

Chapter Eleven

11.4 Basic Elements of Pneumatic Systems

Compressor Cooling Filtering Drying Storage Storage Preparation

11.4.1 Basic Pneumatic Circuits

Figure 11.1 shows the basic circuit of a pneumatic system. The com-
pressed air is prepared by means of the air preparation unit, includ-
ing the compressor, filters, air drier, compressed air reservoir, cooler,
and pressure control elements. The mechanical energy provided by
the prime mover is converted by the compressor to, mainly, pressure
energy. The compressed air is stored in an air reservoir of sufficient
capacity. The maximum pressure at the compressor exit line is limited
by a relief valve. The pressure in the air reservoir should be greater
than that needed for system operation. Therefore, a pressure reducer
is used to control the driving forces and save the compressed air.
Compact air preparation units are commercially available, and are
comprised of a pressure reducer, an air filter, a lubricator, and a pres-
sure gauge indicating its exit pressure. Finally, the cylinder is fed by
the compressed air by means of a directional control valve.

11.4.2 Air Compressors

The function of a compressor is to compress a gas and deliver it to the
user through piping. The main parameters characterizing the perfor-
mance of a compressor are the volumetric flow rate, Q, intake pressure,
p;, and discharge pressure, p, (or the compression ratio ©=p,/p,),
rotating speed, and the compressor shaft power, N.

The two basic classes of air compressors are displacement and
dynamic. In displacement-type compressors, the air pressure increases
because of the change in the volume of air trapped in a confined space.
However, in dynamic compressors, the pressure rise is due to the
acceleration of the moving gas and converting its energy into, mainly,
pressure energy in an exit diffuser or stator. The typical parameters of
commonly used compressors are given in Table 11.2. Figure 11.2 shows
the classification of commonly used air compressors. The construction

iy

Ficure 11.1 Circuit diagram of a simple pneumatic system.
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Flow Q, Compression | Speed n,
Type m3/min ratio 7 rpm
. Reciprocating 0-500 2.5-1000 100-3000

Displacement

Rotary 0-500 3-12 300-15,000

Radial 60-3000 3-20 1500-60,000
Dynamic (centrifugal)

Axial 100-9,000 2-25 500-20,000

TaBLe 11.2 Typical Parameters of Commonly Used Compressors

COMPRESSOR
|
I I
Dynamic Displacement
I ]
| | I | |
Radial Axial Ejector Reciprocating Rotary
|
| | | ] |
; ] Cross- :
Piston Diaphragm Trunk Head Labyrinth
| |
Lob Screw Vane

Ficure 11.2 Classification of air compressors.

and operation of piston-type compressors are presented in the follow-
ing section. More details about the compressors’ construction and
selection are given in the work of R.N. Brown (1997).

Piston Compressors
In the piston class of compressors, the process phases of expansion,
suction, compression, and discharge are accomplished by the recip-
rocating motion of a piston. The compression process is based on
displacing the gas by the piston. A functional schematic of a piston-
type compressor and the associated theoretical p-V diagram are
presented in Fig. 11.3, where V is the volume trapped by the piston
in the cylinder.

As the piston moves from the bottom dead point to its top dead
point, it compresses the gas contained in the cylinder. The inlet valve
is closed during the entire compression stroke. The discharge valve
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Suctionl Delivery
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Ficure 11.3 A single-cylinder piston compressor and its p-V diagram.

remains closed until the pressure in the cylinder overcomes both the
load pressure and the exit valve cracking pressure. Then, the discharge
valve opens and the piston displaces the gas into the discharge line. In
the p-V diagram, the building pressure is represented by the line 1-2,
and the gas discharge stroke by line 2-3. If p, is the pressure in the
cylinder during discharge, the volume of gas delivered by the com-
pressor at this pressure will be V.. The compression line is a polytrope,
given in the p-V diagram by the equation: pV" = Constant. Theoreti-
cally, the discharge line 2-3 is an isobar, p,= const. Actually, the gas is
not discharged at a strictly constant pressure due to the effect of the
inertia of gaseous masses and the effect of valves and their springs.

The clearance, V, of the cylinder is the volume of gas present in
the cylinder minus the swept volume of the piston at its top dead cen-
ter. At the beginning of the expansion stroke, the discharge valve will
close and the clearance gas will expand along the line 3-4. By the end
of the expansion process, this volume occupies the volume (V_+ V).
The expansion is polytropic. The gas expands until the pressure in the
cylinder lowers to p, < p,, where p_ is the pressure in the compressor
intake line. The intake valve will open, against the spring force, under
the action of the force due to the pressure difference (p,—p,). The piston
will draw gas into the cylinder during the expansion stroke.

The pressure, p,, is always below p, due to the fluid resistance in the
intake system. The suction is represented by the isobar 4-1. The resulting
closed line 1-2-3-4-1 is the theoretical indicator diagram of a compressor.
The actual indicator diagram differs somewhat from the theoretical
(mainly in the suction and discharge lines). In the case of a compressor
without clearance, V=0, the points 3 and 4 lie on the vertical axis.
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The temperature of the gas increases due to the compression pro-
cess. The increase in the compressed air temperature can be calculated
as follows:

p, V' =p,V} (11.22)

T=p,/p, (11.23)
A AL

_Tl = _T2 (11.24)

T, p,V.
AT=T,-T,=T,|=2-1|=T| 222-1 (11.25)
2 1 1 (Tl J 1 (plvl J
Sin " n then £ ' =q1 (11.26)
ce v =p, Vs € V] =T :
n-1
or AT =T, [TC no— 1J (11.27)

For an inlet air temperature of 15°C, the calculated temperature
increment due to the compression is plotted in Fig. 11.4 for different
values of the compression ratio © (assuming n = 1.3).

Considering the pressure losses in the inlet and outlet valves and
the heat dissipation in the cylinder head, two correction factors k and n
are added to the deduced relation. Thus, the deduced relation becomes

n—1

AT =T,(k n"" —1) (11.28)

300

250 f

200

150 F

100

Temperature increase (°C)
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2 4 6 8 10 12 14 16 18 20
Compression ratio

Ficure 11.4 The air temperature increase due to compression for n=1.3
and 15°C inlet temperature, calculated.
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where k is a valve loss correction factor (k=1 to 1.13, for up to 6 percent
loss in pressure through each set of valves), and 1 is the heat leak factor.
For a water jacket cylinder, n=1 to 1.11, depending on the cylinder
cooling.

11.4.3 Pneumatic Reservoirs

Generally, the air compressor serves to charge the compressed air
reservoir. The compressor operation can be controlled by a governor
to keep the air reservoir pressure within certain limits. The pneumatic
system is directly fed from the reservoir. However, in some special
cases, the pneumatic system does not include an air compressor, such
as in some aircrafts and missiles. They use pre-charged high-pressure
compressed air bottles as a source of pneumatic energy.

11.4.4 Air Filters

The solid particles and liquid droplets are removed from the com-
pressed air by using air filters with either surface or depth filtering
elements. The filtration process is carried out in two stages. The inlet
guides force the inlet stream to rotate. The centrifugal force acting on
the solids and water separates them from the air stream. They are
then collected in the lower part of the filter. In the second stage, a fine
filter is added to separate additional impurities. Condensed water is
collected by means of drain valves. Certain air filters come with or
without a water collector. Moreover, filters with water traps are
drained automatically and/or manually (see Fig. 11.5).

Ficure 11.5

An air filter with a
water trap.
(Courtesy of Bosch
Rexroth AG.)
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11.4.5 Air Lubricators

Oil fog lubricators are used to lubricate the compressed air by adding
a fine fog of oil. Oil fog lubricators operate, mostly, according to the
Venturi principle (see Fig. 11.6). The reduction of area in the air path
produces a vacuum. The oil is drawn up through a narrow pipe which
reaches into the lubricating oil reservoir. The oil then drips into the
flowing compressed air and forms a fine oil fog.

11.4.6 Pneumatic Control Valves

Relief Valves

Usually, simple poppet-type relief valves are used to limit the maxi-
mum system pressure (see Fig. 11.7). The dimensions of pneumatic
valves are much smaller compared with corresponding hydraulic
valves because of the low-pressure losses. Therefore, direct-operated

Ficure 11.6

An oil fog lubricator.
(Courtesy of Bosch
Rexroth AG.)
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Ficure 11.7 A pneumatic relief valve.

relief valves are usually used in pneumatic systems. The poppet, or
its seat, is rubberized to reach the required tightness.

Pressure Reducers

The pressure reducer is positioned downstream of the high-pressure
compressed air reservoir. It is used to control the pressure of com-
pressed air supplied to a subsystem.

Ordinary Pressure Reducers The ordinary pressure reducer (see Fig. 11.8)
has a rubberized poppet with a corresponding seat. The poppet controls
the throttle area connecting the inlet (high pressure) with the outlet
(reduced pressure) lines. The high-pressure air supplied to the valve is

..

A’(l////l/{%

RS

£
YIS LS LSS LS LSS

&

1. High pressure air inlet port, 2. Exit chamber, 3. Spring, 4. Venting port, 5. Housing,
6. Adjusting knob, 7. Piston or diaphragm, 8. Pilot orifice, 9. Exit, reduced pressure port,
10. Poppet seat, 11. Poppet.

Ficure 11.8 Construction and operation of an ordinary pneumatic pressure
reducer.
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Fieure 11.9 Construction and operation of venting-type pressure reducers.

allowed to flow (expand) through the poppet valve. When the exit pres-
sure rises, it acts on the piston through an internal pilot orifice. The
piston and poppet move upward against the spring force, reducing the
throttling area. When the exit pressure is increased to the required value,
the poppet rests against its seat and the flow of air is stopped. If for any
reason the pressure in the exit line is increased, this class of valve does
not interfere, and an additional relief valve should be installed on the
reduced pressure line.

Venting-Type Pressure Reducers A venting-type pressure reducer (see
Fig. 11.9) acts as an ordinary pressure reducer as well as a relief valve. It
produces the required reduced pressure and limits the downstream
pressure to a pre-selected maximum value. The reduced exit pressure is
proportional to the force applied by the spring. When the exit pressure
reaches the required value, the poppet seats and the supply of com-
pressed air to the exit port is stopped. When the downstream pressure is
increased, the increased pressure force displaces the diaphragm upward
and the venting hole is cleared. The exit chamber is then connected to the
outer air through the venting hole and the compressed air in the exit line
is discharged. The exit pressure reaches a steady-state value proportional
to the applied force.

Directional Control Valves

Poppet-Type Directional Control Valves Figure 11.10 shows a schematic of
a 3/2 directional control valve (DCV) of the poppet type. The double
face poppet is rubberized. The poppet is held to the left under the
action of the spring and pressure forces. It closes the pressure line (P)
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Ficure 11.10 A poppet-type DCV.

and connects line (A) to exhaust line (R). When the pilot line (X) is pres-
surized, the poppet displaces to the right and rests against its right seat,
connecting line (A) to the pressure line (P) and closing the venting line
(R). The poppet-type DCV is of high resistance to leakage.

Spool-Type Directional Control Valves The spool-type DCV can be
designed for a greater number of service ports, but the radial spool
clearance is of very low resistance to air leakage. Therefore, this class
of valves is equipped with sealing rings spaced by perforated metal-
lic spacing rings (see Fig. 11.11). The sealing rings introduce a con-
siderable resistance force. Thus, this class of valves is usually
pilot-operated when controlled electrically. This is due to the small
force of the solenoid, which should be of limited volume.

[

Ficure 11.11 A spool-type pneumatic directional control valve.
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Pilot Stage with an Electric Solenoid The pneumatic valves are, in
general, of small dimensions. Then, when using electric solenoids,
they have small dimensions and limited forces. Therefore, the electri-
cally controlled pneumatic spool valves are usually pilot-operated.
Figure 11.12 illustrates a pilot stage incorporating an electric solenoid.
When the solenoid is de-energized, the poppet rests against its right
seat, closing the pressure line and venting the pilot port (X). When the
solenoid is energized, the core and attached poppet move to the left,
closing the venting port and connecting the pressure and pilot ports.
The pilot valve is equipped with a mechanical override assembly (6).
By depressing the plunger to the left, it performs the same action of
solenoid energizing.

Shuttle Valves; Logic OR
The construction of a shuttle valve is illustrated by Fig. 11.13. Port (A)
is pressurized if port (B) OR port (C) is pressurized.

Pressure Shuttle Valves; Logic AND
Port (A) is pressurized if ports (B) AND (C) are both pressurized (see
Fig. 11.14).

A
X P
1. Spring, 2. Electric coil, 3. Core, 4. Poppet, rubberized at both sides, 5. Housing,
6. Mechanical override plunger, P. Inlet pressure port, X. Pilot port, R. Venting port

Ficure 11.12 Pilot stage of a pneumatic directional control valve.

Ficure 11.13
A shuttle valve.
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Ficure 11.14
A pressure shuttle
valve.

Ficure 11.15

A variable-area
throttle with check
valve. (Courtesy of
Bosch Rexroth AG.)

Flow Control Valves

In general, the flow rate is controlled by using a simple throttling ele-
ment, of fixed or variable area, with or without a parallel connected
check valve as shown in Fig. 11.15.

Quick Exhaust Valves

Quick exhaust valves are used wherever it is recommended to rapidly
discharge the compressed air to maximize the cylinder speed, or for
the quick release of brakes, for example. The air flows from port P to A
with the exhaust line R closed (see Fig. 11.16). When flowing from A,
the line P is closed, and the air flows directly through exhaust port R.

OO 00,

:' 1&7

Ficure 11.16 A quick exhaust valve.
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11.5 Case Studies: Basic Pneumatic Circuits

This section presents basic pneumatic circuits performing different
logical and sequential operations. The principal circuit drawings were
generated by the Pneusoft software, developed by Norgren, UK.

11.5.1 Manual Control of a Single-Acting Cylinder

Initially, the directional control valve is under the action of the spring
(10) (see Fig. 11.17a). The piston chamber is vented and the cylinder is
fully retracted. By pushing and holding the button (12), the piston
chamber is pressurized and the cylinder extends (see Fig. 11.17b). The
cylinder retracts by releasing the button.

11.5.2 Unidirectional Speed Control of a

Single-Acting Cylinder
Initially, the cylinder is fully retracted (see Fig. 11.18a). By pushing
and holding the button (12) (see Fig. 11.18b), the cylinder extends. Its
speed is controlled by the throttle valve (TC). When the button is
released, the cylinder retracts without any speed control as the air
flows through the check valve out to the atmosphere.

11.5.3 Bidirectional Speed Control of a

Single-Acting Cylinder
This system includes a 3/2 directional control valve, manually operated
with mechanical position locking. Two throttle check valves are installed
to control the extension and retraction speeds. Initially, the cylinder is
retracted (see Fig. 11.19a). By operating the lever (12), the cylinder
extends (see Fig. 11.19b). Its speed, v,, is controlled by the throttle valve

(a) (b)

Fieure 11.17 Manual control of a single-acting cylinder.
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Ficure 11.18 Unidirectional speed control of a single-acting cylinder.
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Ficure 11.19 Bidirectional speed control of a single-acting cylinder.

(TC1). When the lever is reset, the cylinder retracts and its speed, v,,
is controlled by the throttle valve (TC2).

11.5.4 OR Control of a Single-Acting Cylinder
Initially, the cylinder is fully retracted, with both push buttons PB1
and PB2 released (see Fig. 11.20a). The system is equipped with an
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Fieure 11.20 OR control of a single-acting cylinder.

OR element. The cylinder can be operated if any of the two push buttons,
PB1 or PB2, are depressed—positions (b) and (c).

11.5.5 AND Control of a Single-Acting Cylinder

To out-stroke the cylinder, both directional control valves must be
operated (see Fig. 11.21a). This provides an AND logic function. The
cylinder retracts if any or both of the two directional control valves
are released (see Fig. 11.21b, 11.21c, and 11.21d).

11.5.6 AND Control of Single-Acting Cylinders;

Logic AND Control
This system is equipped with pressure shuttle valves (Logic AND).
(See Fig. 11.14.) To extend the cylinder, both directional control
valves must be held operated which satisfies the “and” logic shuttle

valve (see Fig. 11.22a). The cylinder retracts by releasing either or
both valves (see Fig. 11.22b, 11.22¢, and 11.22d).

11.5.7 Logic NOT Control

The logic NOT function is provided by a normally open directional
control valve (see Fig. 11.23a). Thus, the cylinder extends if the DCV
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Ficure 11.21 AND control of a single-acting cylinder.

is NOT operated. The cylinder retracts by switching the DCV (see
Fig. 11.23b).

11.5.8 Logic MEMORY Control

The cylinder extends by push button PB1, which in turn operates a
bi-stable 3/2 DCV (see Fig. 11.24b). When the push button is released,
this condition is remembered; the DCV keeps its position, and the cyl-
inder stays in position (see Fig. 11.24c). The cylinder retracts by push
button PB2, which resets the 3/2 DCV (see Fig. 11.24d).

11.5.9 Bidirectional Speed Control of a
Double-Acting Cylinder

The double-acting actuator is controlled by a 5/2 directional control
valve. When the push button (14) is pressed and held, the actuator
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Ficure 11.23 Logic NOT control.

extends (see Fig. 11.25a). Its extension speed, v,, is controlled by the
throttle check valve TC2, which restricts the exhausting air. When the
push button is released, the actuator retracts. Its retraction speed, v,,
is controlled by the valve TC1 (see Fig. 11.25b).

11.5.10 Unidirectional and Quick Return Control of a

Double-Acting Cylinder

The double-acting cylinder is controlled by a 5/2 DCV. When the
push button (14) is pressed and held, the compressed air flows

389
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Ficure 11.25 Bidirectional speed control of a double-acting cylinder.
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Ficure 11.26 Unidirectional and quick return of a double-acting cylinder.

through the quick exhaust valve (QE) to extend the cylinder (see
Fig. 11.26a). Its speed is controlled by the throttle check valve TC.
When the push button is released, the cylinder retracts rapidly. The
exhausting air is dumped directly to the atmosphere through the
quick exhaust valve (see Fig. 11.26b).

11.5.11 Dual Pressure Control of a Double-Acting Cylinder

During the extension mode (see Fig. 11.27a), the cylinder is supplied
by the compressed air with maximum supply pressure, acting on
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(a) (b)

Ficure 11.27 Dual pressure control of a double-acting cylinder.
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the whole piston area. The piston is driven by the maximum force.
When the button (14) is released, the cylinder will retract under the
action of the reduced pressure, acting on the smaller rod-side area
(see Fig. 11.27b).

11.5.12 Semi-Automatic Control

Amanual action givesasingle extension—retraction cycle (see Fig. 11.28a).
Push and release the button (15) to send a signal to operate the 5/2
DCV. The cylinder will extend, with speed v, controlled by the throttle
check valve TC2 (see Fig. 11.28b). At the end of its extension stroke, it
operates the roller valve (RV) (see Fig. 11.28c). This sends a signal to
reset the 5/2 DCV, causing the cylinder to retract. Its retraction speed,
v,, controlled by the throttle check valve TC1 (see Fig. 11.28d).

11.5.13 Fully Automatic Control of a Double-Acting Cylinder
Manual action of the lever (15) gives continuous reciprocation. With the
cylinder fully retracted (see Fig. 11.29a), the roller valve (RV1) is held
operated so that when the lever (15) is operated, air will pass through to
the 5/2 DCV. This will cause the cylinder to extend (see Fig. 11.29b).
When the piston moves out, RV1 is released. At the end of the extension
stroke, RV2 is operated, causing the 5/2 DCV to reset (see Fig. 11.29c¢).
The cylinder retracts, releasing RV2 (see Fig. 11.29d). When fully retracted,
RV1 will again be operated to repeat the cycle. This will continue until
the lever (15) is reset to prevent the next out-stroke. The speed is con-
trolled in both directions by the throttle check valves TC1 and TC2.

11.5.14 Timed Control of a Double-Acting Cylinder

By pushing the button (15), the 5/2 DCV is operated, causing the
piston to move to the right (see Fig. 11.30b). By the end of its stroke,
the roller RV1 is depressed, which feeds a time delay group of com-
ponents consisting of a flow regulator, air reservoir (40) and relay
valve (see Fig. 11.30c). When the set time has elapsed, the 3/2 DCV
resets the 5/2 DCV, which then directs the compressed air to move
the piston to the left (see Fig. 11.30d). Then, RV1 is released and
quickly exhausts the time delay components to be ready for the next
operation (see Fig. 11.30a).

11.5.15 Basic Positional Control of a Double-Acting Cylinder
This system provides a visually set position control. By pushing and
holding PB1, the 5/3 directional control valve will be set to the left-
hand state and the cylinder will extend (see Fig. 11.31b). When the
piston reaches the desired position, the push button is released. The
5/3 valve is put in its neutral position under the action of its center-
ing springs, locking the cylinder ports and stopping the cylinder (see
Fig. 11.31a). By operating PB1 again, the actuator will continue to
extend. The actuator can be stopped in this way as many times as
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Ficure 11.28 Semi-automatic control.
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G6¢

15

(c)

Ficure 11.30 Timed control of a double-acting cylinder.



396 Chapter Eleven

Fieure 11.31 Basic positional control of a double-acting cylinder.

required. The activation of PB2 controls the position in the opposite
direction (see Fig. 11.31c). The speed control is insured by the throttle
check valves TC1 and TC2.

11.5.16 Electro-Pneumatic Logic AND

A single-acting cylinder is controlled by a single-solenoid-operated
spring-returned 3/2 DCV (see Fig. 11.32). The relay circuit controlling
the valve provides an AND logic function. To operate the solenoid Y,
and extend the cylinder, it is necessary to push buttons S1 AND S2
simultaneously (see Fig. 11.32c). If any of these two buttons is released,
the cylinder will retract (see Fig. 11.32a and 11.32b).

11.5.17 Electro-Pneumatic Logic OR

A single-acting cylinder is controlled by a single-solenoid-operated
spring-returned 3/2 DCV (see Fig. 11.33). The relay circuit controlling
the valve provides an OR logic function. To operate solenoid Y and
extend the cylinder, it is necessary to push button S1 OR S2 or both
(see Fig. 11.33b and 11.33c). However, both must be released for the
cylinder to retract (see Fig. 11.33a).
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Ficure 11.32 Electro-pneumatic logic AND.
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Fieure 11.33 Electro-pneumatic logic OR.

11.5.18 Electro-Pneumatic Logic MEMORY

The single-acting cylinder is controlled by a single-solenoid-operated
spring-returned 3/2 DCV (see Fig. 11.34). The relay circuit controlling
the valve provides a MEMORY logic function. The push button A+ is
operated to turn on the relay RR1, which closes both contacts R1 and
R2 (see Fig. 11.34b). The push button A+ can be released as the first

Fieure 11.34 Electro-pneumatic logic MEMORY.
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Ficure 11.35 Electro-pneumatic logic NOT.

contact (R1) is providing continuity to hold the relay on. At the same
time, the second contact (R2) operates the solenoid Y to extend the
cylinder. This state will continue until the normally closed push
button contact A- is opened, whereupon the relay will de-energize
and both contacts R1 and R2 will open. The push button A— can now
be released and the relay remains off. At the same time, the solenoid
is de-energized, causing the cylinder to retract (see Fig. 11.34a).

11.5.19 Electro-Pneumatic Logic NOT

The single-acting cylinder is controlled by a single-solenoid-operated
spring-returned 3/2 DCV. The relay circuit controlling the valve
provides a NOT logic function. The normally closed push button A—
when operated will open, switching the solenoid Y off, and causing
the cylinder to retract (see Fig. 11.35). The cylinder will extend if A—is
NOT actuated.

Exercises
1. Explain the principal of operation of pneumatic power systems.
2. Derive an expression for the bulk modulus of air at different pressure levels.
3. Derive an expression for the energy stored in a volume of compressed air.

4. Discuss in detail the effect of air compressibility on the function of
pneumatic systems.

5. Discuss the effect of ambient temperature on the operation of pneumatic
power systems using compressed air bottles as an energy source.

6. Deal with the effect of air density on the operation of pneumatic systems.

7. Deal with the effect of air viscosity on the operation of pneumatic systems.
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8. State and discuss briefly the advantages and disadvantages of pneumatic
systems.

9. Draw the circuit of a simple pneumatic system and explain the function
of its elements.

10. Explain the operation of ordinary pressure reducers and venting-type
pressure reducers, giving the necessary drawings.

11. Explain the function of piston-type air compressors.

12. Explain the construction and operation of the different control valves
using the illustrations given by Figs. 11.7 to 11.16.

13. Discuss the operation of the basic pneumatic circuits given by Figs. 11.17
through 11.35.

11.7 Nomenclature

B = Bulk modulus, Pa
E =Energy, J
n =Speed, rps
p = Absolute pressure, Pa
p, = Pressure at temperature T}, Pa
p, = Pressure at temperature T,, Pa
Q =Flow rate, m3/s
R = Universal gas constant, (287.1 J/K kg for air)
T = Absolute temperature, K
V =Fluid volume, m?
AT = Temperature variation, K
o = Volumetric thermal expansion coefficient
p = Air density, kg/m?
n, = Capacity coefficient (volumetric efficiency)
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flapper valves, 340-342, 350
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overview, 179
parallel pressure-compensated,
184-185
series pressure-compensated,
181-184
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direct-operated relief, 141-144
pilot-operated relief, 144-147
pressure reducing, 147-152
sequence, 152-155

pressures and throttle areas
circular throttling area, 196-197
conical poppet valves, 191-192
cylindrical poppet valves with

conical seats, 192-193

spherical poppet valves, 193-195

hydraulic oils (Cont.):

overview, 15

properties of
acidity, 45
anti-wear characteristics, 39
chemical stability, 39
cleanliness, 40-45
compatibility, 39
compressibility, 30-37
density, 25-30
environmental acceptability, 46
foaming, 39-40
lubrication characteristics, 39
oxidation stability, 39
thermal expansion, 37-38
thermal properties, 45
toxicity, 45
vapor pressure, 38
viscosity, 16-25

requirements imposed on, 49-50

triangular throttling area, 197-198 transfer functions, 54-55

hydraulic coupling, 5 typically used, 46-47
hydraulic cylinders. See also cylinders, ~ hydraulic power systems
hydraulic advantages and disadvantages of,

buckling, 256-257

calibers, 262-264

clevis cylinder mounting, 261, 262

construction of, 252-253

cylinder cushioning, 253-256

diameters, 263t—264t

double-acting, 258-259

eye cylinder mounting, 261, 262

flange mounting, 261-262

foot mounting, 262

with mechanical locking elements,
260

numerical values, 350

overview, 7-8

single-acting, 258

stop tubes, 256

stroke calculations, 258

tandem, 259

telescopic, 260-261

three-position, 259260

9-10
compared to other systems, 10-11
effect of
oil compressibility, 33-37
oil density, 25-30
oil viscosity, 19-25
electrical power systems, 34
exercises, 11-13
hydrodynamic power systems, 5-6
hydrokinetic power systems, 5
hydrostatic power systems, 6-8
mechanical power systems, 2-3,
10t-11¢
nomenclature, 13
overview, 1-2, 8-9
pneumatic power systems, 4

hydraulic pressure switches

bourdon tube, 239-240
piston-type, 238-239
pressure gauge isolators, 240

hydraulic proportional controllers, 122
hydraulic pumps

trunnion mounting, 261, 262f
hydraulic filters, 207, 237-238

hydraulic jacks, 276f analysis of
hydraulic oils ideal, 91-93
additives, 49 real, 94-96

cavitation in, 97-98
classification of
axial piston pumps, 100-106, 107f
mineral oils, 47 external gear pumps, 109-114
modeling and simulation of EHSA, Gerotor pumps, 115-117
349 internal gear pumps, 114-115
nomenclature, 53-54 radial piston pumps, 106-109

exercises, 50-53
fire-resistant fluids, 47-48
laminar flow in pipes, 55-58



hydraulic pumps, classification of (Cont.):
screw pumps, 117
swash plate pumps, 103-106
vane pumps, 117-122
exercises, 134-137
nomenclature, 137-138
overview, 89-90
pulsation of flow of, 98-100
rotodynamic pumps, 128-130
specifications, 134
variable displacement pumps
bent axis axial piston pumps with
power control, 125-128
pressure-compensated vane
pumps, 123-125
reasons for use, 122-123
hydraulic servo actuators (HSAs)
applications of
in displacement pump controls,
285
in machine tools, 284-285
in steering systems of mobile
equipment, 283-284
construction and operation,
281-283
exercises, 296-297
mathematical model
continuity equation applied to
cylinder chambers, 287-288,
300
equation of feedback mechanism,
288-289
equation of motion of piston, 289,
300
feedback equation, 300
flow rate through DCV restriction
areas, 286-287, 299
nomenclature, 297-298
simulation
nomenclature, 303
overview, 300-303
transfer function
deducing analytically, 289292
deduction based on step response,
289
valve-controlled actuators
flow characteristics, 292-295
power characteristics, 295-296
hydraulic servo controllers, 123
hydraulic shocks, absorption of,
232-235, 246-249
hydraulic springs, 235-237
hydraulic tanks, 207
hydraulic transmission lines
exercises, 76
hoses, 64-68
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hydraulic transmission lines (Cont.):
Laplace transform
direct, 77
inverse, 77
properties of, 77-78
tables, 78
modeling and simulation of
case study, 82-87
four-lump model, 81-82
higher order models, 82
overview, 72-76
single-lump model, 79
three-lump model, 81
two-lump model, 80-81
nomenclature, 77
overview, 59
pressure and power losses in
friction losses, 70-72
minor losses, 68-70
tubing, 59-64
hydrodynamic power systems, 5-6
hydrokinetic power systems, 5
hydrostatic power systems, 6-8
hydrostatics, law of, 1

|
IES (integral error squared), 247249
impellers, 128-129
inertia, 29-30, 74
integral error squared (IES), 247-249
integral of time absolute error (ITAE),
202-204
internal gear pumps, 132
axial compensation forces, 114-115
radial compensation forces, 115
suction and displacement process, 114
intra-vane structure, pressure-
balanced vane pumps, 120-121
inverse Laplace transform, 77
isothermal gas process, 217-219, 234
ITAE (integral of time absolute error),
202-204

J
jet deflector amplifiers, 312, 327-329
jet forces, 172
Jet Pipe (JP) amplifiers
incorporating, 324-327
versus nozzle flapper amplifiers,
330-331
overview, 312
jet velocity, 26

K

kinematic viscosity, 17-18
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L

laminar flow
in hydraulic transmission lines, 19
in pipes, 55-58, 70-72
Laplace transform
direct, 77
hydraulic transmission lines, 74-75
inverse, 77
properties of, 77-78
tables, 78
transfer functions, 54-55, 228, 230
law of hydrostatics, 1
law of viscosity, 16
leakage flow rate, 21-22
load lifting mode, 92(-93f
load suspension, 231
local pressure losses, 68-70
logic AND function, 383-384, 396, 397f
logic MEMORY function, 388, 390f,
397-398
logic NOT function, 387-388, 389f, 398
logic OR function, 383, 396-397
London Hydraulic Power Company, 1
loss coefficient for sudden contraction,
70
lubrication characteristics, oil, 39
lubricators, air, 379
lubricity, air, 372
lumped parameter model, 72, 74, 79

M
machine tools, 284-285
magnetic circuit, electromagnetic
torque motor, 337f, 338
magnetic fields, 162, 163f
magnetic flux, 333-334, 338
magnetic hysteresis, 309-310
magnetic permeability, 334
magnetic permeance, 335
magnetic reluctance, 335
magneto-mechanical transducers, 336f
magneto-motive force, 162
magnitude ratio, valve, 322
mathematical model, HSAs
continuity equations applied to
cylinder chambers, 287-288, 300
equation of feedback mechanism,
288-289
equation of motion of piston, 289, 300
feedback equation, 300
flow rate through DCV restriction
areas, 286—287, 299
mechanical power systems, 2-3, 10t-11t
mechanical stress, 67f
mechanically piloted pilot-operated
check valves, 179

MEMORY function, electro-pneumatic
logic, 397-398
microbiological degradation, 46
mill-type cylinders, 252253, 254f
mineral oils, 15, 46, 50t, 371t
mobile systems
with parallel connections, 277f
with parallel connections and
connected traction motors, 279f
with tandem connections, 278f
momentum force, 171
monitoring elements, 207
Moody’s diagram, 73
motors
bent-axis axial piston, 266267
electromagnetic torque
analysis of, 337-340
magnetic circuits, 333-337
overview, 306, 308-312, 342
overview, 265-266
swash plate axial piston, 267-268
vane, 268-269
mounting, tube, 65f
multifunction valves. See sequence
valves

N
narrow conduits, resistance to fluid
flow in, 22-23
negative spool displacement, 294-295
Newton’s law of viscosity, 16
NOT function, electro-pneumatic
logic, 398
nozzle flapper (NF) amplifiers, 330-331

0

oil fog lubricators, 379

oil volumes, accumulator, 223t

OR function, electro-pneumatic logic,
396-397

ordinary pressure reducers, 380-381

ordinary valves, 305

orifice flow, 25-28

o-ring NPT pipe end fitting, 65f

o-ring straight thread end fitting, 65f

over-lapping spool valves, 167-168

oxidation inhibitors, 49

oxidation stability, oil, 39

P

P (proportional) controller, 361-365

parallel pipe end fittings, 65f

parallel piston rotary actuator, 264-265

parallel pressure-compensated FCVs,
184-185



Pascal, Blaise, 1
PCVs. See pressure control valves
permeability, magnetic, 334
permeance, magnetic, 335
phosphate esters, 48
PI (proportional integral) controller,
361-365
PID (proportional integral derivative)
controller, 361-365
pilot-operated check valves, 156, 274f
double, 178
with external drain ports, 178
mechanically piloted, 179
without external drain ports,
176-178
pilot-operated directional control
valves (DCVs), 173-175
pilot-operated pressure reducers,
149-152
pilot-operated relief valves, 144-147
pilot-operated sequence valves,
154-155
pipe line friction coefficient, 72
pipe wall deformation, 35-37
piston-type accumulators, 211
piston-type pressure switches, 238-239
piston-type rotary actuators, 264-265
pneumatic systems
advantages and disadvantages, 373
air compressors
overview, 374-375
piston compressors, 375-378
air filters, 378
air lubricators, 379
basic circuits case studies
basic positional control of double-
acting cylinder, 392-396
bidirectional speed control of
double-acting cylinder,
388-389
bidirectional speed control of
single-acting cylinder,
385-386
AND control of single-acting
cylinder, 387
dual pressure control of double-
acting cylinder, 391-392
electro-pneumatic logic AND, 396
electro-pneumatic logic
MEMORY, 397-398
electro-pneumatic logic NOT, 398
electro-pneumatic logic OR,
396-397
fully automatic control of
double-acting cylinder, 392
logic MEMORY control, 388
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pneumatic systems, basic circuits case
studies (Cont.):
logic NOT control, 387-388
manual control of single-acting
cylinder, 385
OR control of single-acting
cylinder, 386-387
semi-automatic control, 392
timed control of double-acting
cylinder, 392
unidirectional and quick return
control of double-acting
cylinder, 389-391
unidirectional speed control of
single-acting cylinder, 385
circuit diagram, 374
control valves
directional control valves, 381-383
flow control valves, 384
pressure reducers, 380-381
pressure shuttle valves, 383-384
quick exhaust valves, 384
relief valves, 379-380
shuttle valves, 383
effect of air density, 372
effect of air viscosity, 372
effects of air compressibility
calculation of energy stored,
369-370
limited effect of fluid thermal
expansion on, 371
nonuniform motion of pneumatic
cylinder piston, 370
not subject to hydraulic shocks, 370
overview, 367-369
pneumatic cylinders and braking
system for position locking, 371
supplying energy during short
period, 370
time delay of response, 370
exercises, 398-399
nomenclature, 399
versus other power systems, 10t
overview, 4, 367
reservoirs, 378
poisonous chemicals, 45
polytropic compression process,
217-219, 234
poppet valves
conical, 191-192
cylindrical, with conical seats, 192-193
equation of motion of, 200
flow rate through, 200
overview, 140t
spherical, 193-195
throttling area, 200
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poppet-type directional control valves
(DCVs), 157-158, 381-382
port plates, 101, 102f
positive spool displacement, 294
pour point, 45
power losses
friction losses, 70-72
minor losses, 68-70
power systems. See also hydraulic
power systems
comparing, 10-11
electrical, 3—4
hydrodynamic, 5-6
hydrostatic, 6-8
mechanical, 2-3
pneumatic, 4
power variables, power system, 11¢
pressure amplification, servovalves,
318
pressure compensators, 181-182
pressure control valves (PCVs)
accumulator charging, 155-157
direct-operated relief
construction of, 199
mathematical modeling, 199-201
nomenclature, 204-205
operation of, 199
overview, 141-144, 198
overview, 139
pilot-operated relief, 144-147
pressure reducing, 147-152
sequence, 152-155
pressure gain, servovalves, 318
pressure gauge isolators, 240
pressure line filters, 238
pressure losses
friction losses, 70-72
minor losses, 68-70
pressure pulsations, smoothing,
227,243-245
pressure reducers
ordinary type, 380-381
venting-type, 381
pressure reducing valves, 147-152
pressure shuttle valves, 383-384
pressure switches. See hydraulic
pressure switches
pressure-compensated FCVs
parallel, 184-185
series, 181-184
pressure-compensated vane pumps
construction of, 123-125
off-stroke mode, 125
on-stroke mode, 125
operation of, 123-125
proportional (P) controller, 361-365

proportional integral (PI) controller,
361-365

proportional integral derivative (PID)
controller, 361-365

pump by-passes, 272f

pump displacement. See geometric
volume

pump efficiency, 95

pump exit line, 201

pump flow rates. See flow rates

pump suction pressure, 98

pumps, 243-244. See also hydraulic
pumps

push lock connection end fitting, 65f

quick exhaust valves, 384

R

rack and pinion drive, rotary
actuators, 264
radial clearance
with eccentric mounting, 23f
leakage through, 2022
radial pipe wall deformation, 35-36
radial piston pumps
crank type, 109
diagrams, 131-132
with eccentric cam ring,
106-108
with eccentric shafts,
108-109
relative humidity of air, 43
relief valves, 379-380
reluctance, coil, 334-335
reservoirs
fluid, 44
pneumatic, 378
resistance
effects of viscosity on, 19-20
to fluid flow in narrow conduits
clearance between circular nozzle
and plane surface, 23
eccentric mounting radial
clearance, 22
internal leakage, 20-22
long-thin-slot orifice, 22-23
whole line, 74
return line filters, 237-238
Reynolds number, 19, 71
rotary actuators, hydraulic
parallel piston rotary actuator,
264-265
with rack and pinion drive, 264
vane-type rotary actuators, 265



rotating spool valves, 140t

rotating swash plate axial piston
pumps, 131

rotodynamic pumps, 89, 128-130

rust, 44

S

saturated vapor pressure (SVP), 38
screw pumps, 117, 133
seat reaction force, 200
semi-automatic control, pneumatic
circuits, 392, 393f
sequence valves, 152-155
series pressure-compensated FCVs,
181-184
servo concept, 305
shading coils, 166
sharp-edged orifices, 26
sharp-edged throttle valves, 180-181
shuttle valves, 383
side clearance leakage, 111
simulation. See electrohydraulic
servosystems; hydraulic servo
actuators; hydraulic transmission
lines
single-acting cylinder, 258, 259f
bidirectional speed control of, 385-386
AND control of, 387
manual control of, 385
OR control of, 386-387
unidirectional speed control of, 385
single-acting telescopic cylinders, 261f
single-lump model, 74f, 79, 83f
single-piston pump, 90
single-stage centrifugal pumps, 129, 130f
single-stage electrohydraulic
servovalves, 311-313, 352-354
sliding spool valves, 140t
socket weld connection end fitting, 65f
specific heat capacity, 45
spherical poppet valves, 193-195
spontaneous combustion, 33
spool valves
modeling and simulation of EHSA,
349
over-lapping, 167-168
overview, 140t
under-lapping, 168, 169f
zero-lapping, 168
spool-type directional control valves
(DCVs), 382
flow characteristics of, 167-169
flow forces acting on, 170-172
overview, 158-160
pressure and power losses in,
169-170

Index

spool-type flow dividers, 187, 188f

spring-loaded direct-operated check
valves, 175-176

spring-type accumulators, 208-209

stators, 5, 128

steering systems of mobile equipment,
283-284

step responses, HSA, 301-302

stop tubes, 256

straight thread, O-ring end fitting, 65f

stroke calculations, hydraulic
cylinders, 258

SVP (saturated vapor pressure), 38

swash plate axial piston motors,
267-268

swash plate pumps, 131, 285

with axial pistons, 103-105
with inclined pistons, 105-106
switching valves, 305
system pressures, EHSA, 350

T
tandem cylinders, 259, 260f
taper pipe end fittings, 65f
telescopic cylinders, 260-261
temperature
compressed air, 377
oil, 17-18
variations in air, 40-42
thermal compensation, 226
thermal conductivity, 45
thermal expansion, oil, 37-38
thermal properties, oil, 45
three-lump model, 81, 84f
three-position cylinders, 259-260
3/2 directional control valve (DCV),
157-158, 159f, 381-382
three-way FCVs, 184-185
throttle valves
overview, 180
sharp-edged, 180-181
throttles, 147-148, 384
tie-rod cylinders, 252, 253f
timed control, double-acting cylinders,
395f
tip clearance leakage, 111
toroidal coil, 333, 334f
torque converters, 5-6
torque motors, electromagnetic
analysis of, 337-340
magnetic circuits, 333-337
modeling and simulation of EHSA,
349, 351-352
overview, 342
torque-current relation, 309f
torque-displacement relationship, 310f
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toxicity, oil, 45

transducers, magneto-mechanical, 336f

transfer function, HSA
deducing analytically, 289-292
deducing based on step response,

289

transient response, 202-204, 360

transmission line, air speed, 372

treble-gear screw pumps, 117f

triangular throttling area, 197-198

trunnion mounting, 261, 262f

tube end fittings, 65f

tube mounting, 65f

tubing, 59-64

turbulent flow, 25, 71

twin-gear screw pumps, 117f

twisted hose, 67f

two-lump model, 80-81, 84f

two-stage electrohydraulic servovalves
with barometric feedback, 316-317
with electrical feedback, 315-316
flow characteristics, 318-321
leakage characteristics, 321
with mechanical feedback, 313-315
overview, 354-358
pressure characteristics, 318
transient and frequency responses,

322-324
2/2 directional control valve (DCV),
159f

U

under-lapping spool valves, 168, 169f
unidirectional motors, 280f
unidirectional speed control, 386f

vV

valve-controlled actuators
flow characteristics, 292-295
power characteristics, 295-296
valves, control. See hydraulic control
valves
vane motors, 268-269
vane pumps
construction of, 117-119
operation of, 117-119
overview, 133-134
pressure-compensated
construction of, 123-125
off-stroke mode, 125
on-stroke mode, 125
operation of, 123-125
side clearance leakage, 119-120
tip clearance leakage, 120-122

vane-type rotary actuators, 265
vapor pressure, oil, 38
variable displacement pumps
bent axis axial piston pumps with
power control
first mode, 126-127
fourth mode, 127-128
overview, 125-126
second mode, 127
third mode, 127
pressure-compensated vane pumps
construction of, 123-125
off-stroke mode, 125
on-stroke mode, 125
operation of, 123-125
reasons for use of
control reasons, 122-123
economic reasons, 122
velocity distribution, 21
vena contracta, 26
venting-type pressure reducers, 381
VI (viscosity index), oil, 18
viscosity
air, 372
oil
assignment, 24
damping effect, 23-24
definitions, 16-19
effect on system operation, 19-20
formulas, 16-19
friction, 23-24
resistance to fluid flow in narrow
conduits, 20-23
viscosity index (VI), oil, 18
viscous friction, 26-27
volume delivery, accumulator, 223t
volumetric efficiency of displacement
pumps, 95

w
wall thickness, tubing, 61t—62t
water, 15
water condensation, 373
weight-loaded accumulators, 208-209
whole line capacitance, 74-75
whole line inertia, 74
whole line resistance, 74
working pressure, 6162t

Z
zero-lapping spool valves, 168
Ziegler-Nichols rules, 362-363
z-piston axial piston pumps,
243-244



	Contents
	Preface
	1 Introduction to Hydraulic Power Systems
	1.1 Introduction
	1.2 The Classification of Power Systems
	1.2.1 Mechanical Power Systems
	1.2.2 Electrical Power Systems
	1.2.3 Pneumatic Power Systems
	1.2.4 Hydrodynamic Power Systems
	1.2.5 Hydrostatic Power Systems

	1.3 Basic Hydraulic Power Systems
	1.4 The Advantages and Disadvantages of Hydraulic Systems
	1.5 Comparing Power Systems
	1.6 Exercises
	1.7 Nomenclature

	2 Hydraulic Oils and Theoretical Background
	2.1 Introduction
	2.2 Basic Properties of Hydraulic Oils
	2.2.1 Viscosity
	2.2.2 Oil Density
	2.2.3 Oil Compressibility
	2.2.4 Thermal Expansion
	2.2.5 Vapor Pressure
	2.2.6 Lubrication and Anti-Wear Characteristics
	2.2.7 Compatibility
	2.2.8 Chemical Stability
	2.2.9 Oxidation Stability
	2.2.10 Foaming
	2.2.11 Cleanliness
	2.2.12 Thermal Properties
	2.2.13 Acidity
	2.2.14 Toxicity
	2.2.15 Environmentally Acceptable Hydraulic Oils

	2.3 Classification of Hydraulic Fluids
	2.3.1 Typically Used Hydraulic Fluids
	2.3.2 Mineral Oils
	2.3.3 Fire-Resistant Fluids

	2.4 Additives
	2.5 Requirements Imposed on the Hydraulic Liquid
	2.6 Exercises
	2.7 Nomenclature
	Appendix 2A: Transfer Functions
	Appendix 2B: Laminar Flow in Pipes

	3 Hydraulic Transmission Lines
	3.1 Introduction
	3.2 Hydraulic Tubing
	3.3 Hoses
	3.4 Pressure and Power Losses in Hydraulic Conduits
	3.4.1 Minor Losses
	3.4.2 Friction Losses

	3.5 Modeling of Hydraulic Transmission Lines
	3.6 Exercises
	3.7 Nomenclature
	Appendix 3A: The Laplace Transform
	The Direct Laplace Transform
	The Inverse Laplace Transform
	Properties of the Laplace Transform
	Laplace Transform Tables

	Appendix 3B: Modeling and Simulation of Hydraulic Transmission Lines
	The Single-Lump Model
	The Two-Lump Model
	The Three-Lump Model
	The Four-Lump Model
	Higher-Order Models
	Case Study


	4 Hydraulic Pumps
	4.1 Introduction
	4.2 Ideal Pump Analysis
	4.3 Real Pump Analysis
	4.4 Cavitation in Displacement Pumps
	4.5 Pulsation of Flow of Displacement Pumps
	4.6 Classification of Pumps
	4.6.1 Bent Axis Axial Piston Pumps
	4.6.2 Swash Plate Pumps with Axial Pistons
	4.6.3 Swash Plate Pumps with Inclined Pistons
	4.6.4 Axial Piston Pumps with Rotating Swash Plate-Wobble Plate
	4.6.5 Radial Piston Pumps with Eccentric Cam Ring
	4.6.6 Radial Piston Pumps with Eccentric Shafts
	4.6.7 Radial Piston Pumps of Crank Type
	4.6.8 External Gear Pumps
	4.6.9 Internal Gear Pumps
	4.6.10 Gerotor Pumps
	4.6.11 Screw Pumps
	4.6.12 Vane Pumps

	4.7 Variable Displacement Pumps
	4.7.1 General
	4.7.2 Pressure-Compensated Vane Pumps
	4.7.3 Bent Axis Axial Piston Pumps with Power Control

	4.8 Rotodynamic Pumps
	4.9 Pump Summary
	4.10 Pump Specification
	4.11 Exercises
	4.12 Nomenclature

	5 Hydraulic Control Valves
	5.1 Introduction
	5.2 Pressure-Control Valves
	5.2.1 Direct-Operated Relief Valves
	5.2.2 Pilot-Operated Relief Valves
	5.2.3 Pressure-Reducing Valves
	5.2.4 Sequence Valves
	5.2.5 Accumulator Charging Valve

	5.3 Directional Control Valves
	5.3.1 Introduction
	5.3.2 Poppet-Type DCVs
	5.3.3 Spool-Type DCVs
	5.3.4 Control of the Directional Control Valves
	5.3.5 Flow Characteristics of Spool Valves
	5.3.6 Pressure and Power Losses in the Spool Valves
	5.3.7 Flow Forces Acting on the Spool
	5.3.8 Direct-Operated Directional Control Valves
	5.3.9 Pilot-Operated Directional Control Valves

	5.4 Check Valves
	5.4.1 Spring-Loaded Direct-Operated Check Valves
	5.4.2 Direct-Operated Check Valves Without Springs
	5.4.3 Pilot-Operated Check Valves Without External Drain Ports
	5.4.4 Pilot-Operated Check Valves with External Drain Ports
	5.4.5 Double Pilot-Operated Check Valves
	5.4.6 Mechanically Piloted Pilot-Operated Check Valves

	5.5 Flow Control Valves
	5.5.1 Throttle Valves
	5.5.2 Sharp-Edged Throttle Valves
	5.5.3 Series Pressure-Compensated Flow Control Valves
	5.5.4 Parallel Pressure-Compensated Flow Control Valves—Three-Way FCVs
	5.5.5 Flow Dividers

	5.6 Exercises
	5.7 Nomenclature
	Appendix 5A: Control Valve Pressures and Throttle Areas
	Conical Poppet Valves
	Cylindrical Poppets with Conical Seats
	Spherical Poppet Valves
	Circular Throttling Area
	Triangular Throttling Area

	Appendix 5B: Modeling and Simulation of a Direct-Operated Relief Valve
	Construction and Operation of the Valve
	Mathematical Modeling
	Computer Simulation
	Static Characteristics
	Transient Response
	Nomenclature


	6 Accessories
	6.1 Introduction
	6.2 Hydraulic Accumulators
	6.2.1 Classification and Operation
	6.2.2 The Volumetric Capacity of Accumulators
	6.2.3 The Construction and Operation of Accumulators
	6.2.4 Applications of Hydraulic Accumulators

	6.3 Hydraulic Filters
	6.4 Hydraulic Pressure Switches
	6.4.1 Piston-Type Pressure Switches
	6.4.2 Bourdon Tube Pressure Switches
	6.4.3 Pressure Gauge Isolators

	6.5 Exercises
	6.6 Nomenclature
	Appendix 6A: Smoothing Pressure Pulsations by Accumulators
	Appendix 6B: Absorption of Hydraulic Shocks by Accumulators
	Nomenclature and Abbreviations


	7 Hydraulic Actuators
	7.1 Introduction
	7.2 Hydraulic Cylinders
	7.2.1 The Construction of Hydraulic Cylinders
	7.2.2 Cylinder Cushioning
	7.2.3 Stop Tube
	7.2.4 Cylinder Buckling
	7.2.5 Hydraulic Cylinder Stroke Calculations
	7.2.6 Classifications of Hydraulic Cylinders
	7.2.7 Cylinder Mounting
	7.2.8 Cylinder Calibers

	7.3 Hydraulic Rotary Actuators
	7.3.1 Rotary Actuator with Rack and Pinion Drive
	7.3.2 Parallel Piston Rotary Actuator
	7.3.3 Vane-Type Rotary Actuators

	7.4 Hydraulic Motors
	7.4.1 Introduction
	7.4.2 Bent-Axis Axial Piston Motors
	7.4.3 Swash Plate Axial Piston Motors
	7.4.4 Vane Motors
	7.4.5 Gear Motors

	7.5 Exercises
	7.6 Nomenclature
	Appendix 7A: Case Studies: Hydraulic Circuits

	8 Hydraulic Servo Actuators
	8.1 Construction and Operation
	8.2 Applications of Hydraulic Servo Actuators
	8.2.1 The Steering Systems of Mobile Equipment
	8.2.2 Applications in Machine Tools
	8.2.3 Applications in Displacement Pump Controls

	8.3 The Mathematical Model of HSA
	8.4 The Transfer Function of HSA
	8.4.1 Deduction of the HSA Transfer Function, Based on the Step Response
	8.4.2 Deducing the HSA Transfer Function Analytically

	8.5 Valve-Controlled Actuators
	8.5.1 Flow Characteristics
	8.5.2 Power Characteristics

	8.6 Exercises
	8.7 Nomenclature
	Appendix 8A: Modeling and Simulation of a Hydraulic Servo Actuator
	A Mathematical Model of the HSA
	Simulation of the HSA
	Nomenclature


	9 Electrohydraulic Servovalve Technology
	9.1 Introduction
	9.2 Applications of Electrohydraulic Servos
	9.3 Electromagnetic Motors
	9.4 Servovalves Incorporating Flapper Valve Amplifiers
	9.4.1 Single-Stage Servovalves
	9.4.2 Two-Stage Electrohydraulic Servovalves

	9.5 Servovalves Incorporating Jet Pipe Amplifiers
	9.6 Servovalves Incorporating Jet Deflector Amplifiers
	9.7 Jet Pipe Amplifiers Versus Nozzle Flapper Amplifiers
	9.8 Exercises

	10 Modeling and Simulation of Electrohydraulic Servosystems
	10.1 Introduction
	10.2 Electromagnetic Torque Motors
	10.2.1 Introducing Magnetic Circuits
	10.2.2 Magnetic Circuit of an Electromagnetic Torque Motor
	10.2.3 Analysis of Torque Motors

	10.3 Flapper Valves
	10.4 Modeling of an Electrohydraulic Servo Actuator
	10.5 Exercises
	10.6 Nomenclature
	Appendix 10A: Modeling and Simulation of an EHSA
	Numerical Values of the Studied System
	Torque Motors
	Single-Stage Electrohydraulic Servovalves
	Two-Stage Electrohydraulic Servovalves
	Electrohydraulic Servo Actuators (EHSAs)

	Appendix 10B: Design of P, PI, and PID Controllers

	11 Introduction to Pneumatic Systems
	11.1 Introduction
	11.2 Peculiarities of Pneumatic Systems
	11.2.1 Effects of Air Compressibility
	11.2.2 The Effect of Air Density
	11.2.3 The Effect of Air Viscosity
	11.2.4 Other Peculiarities of Pneumatic Systems

	11.3 Advantages and Disadvantages of Pneumatic Systems
	11.3.1 Basic Advantages of Pneumatic Systems
	11.3.2 Basic Disadvantages of Pneumatic Systems

	11.4 Basic Elements of Pneumatic Systems
	11.4.1 Basic Pneumatic Circuits
	11.4.2 Air Compressors
	11.4.3 Pneumatic Reservoirs
	11.4.4 Air Filters
	11.4.5 Air Lubricators
	11.4.6 Pneumatic Control Valves

	11.5 Case Studies: Basic Pneumatic Circuits
	11.5.1 Manual Control of a Single-Acting Cylinder
	11.5.2 Unidirectional Speed Control of a Single-Acting Cylinder
	11.5.3 Bidirectional Speed Control of a Single-Acting Cylinder
	11.5.4 OR Control of a Single-Acting Cylinder
	11.5.5 AND Control of a Single-Acting Cylinder
	11.5.6 AND Control of Single-Acting Cylinders; Logic AND Control
	11.5.7 Logic NOT Control
	11.5.8 Logic MEMORY Control
	11.5.9 Bidirectional Speed Control of a Double-Acting Cylinder
	11.5.10 Unidirectional and Quick Return Control of a Double-Acting Cylinder
	11.5.11 Dual Pressure Control of a Double-Acting Cylinder
	11.5.12 Semi-Automatic Control
	11.5.13 Fully Automatic Control of a Double-Acting Cylinder
	11.5.14 Timed Control of a Double-Acting Cylinder
	11.5.15 Basic Positional Control of a Double-Acting Cylinder
	11.5.16 Electro-Pneumatic Logic AND
	11.5.17 Electro-Pneumatic Logic OR
	11.5.18 Electro-Pneumatic Logic MEMORY
	11.5.19 Electro-Pneumatic Logic NOT

	11.6 Exercises
	11.7 Nomenclature

	References
	Index
	A
	B
	C
	D
	E
	F
	G
	H
	I
	J
	K
	L
	M
	N
	O
	P
	Q
	R
	S
	T
	U
	V
	W
	Z


